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Abstract

Brake squeal is known to be an issue at disc brakes since their introduction, but a complete un-
derstanding of the problem is still missing. Experiments show that transversal vibrations of the
brake disc are responsible for squeal. In literature, different sources of the instabilities that lead to
squeal are discussed. In this thesis self-excited vibrations due to the follower-force characteristic
of the friction forces are investigated.

Different analytical minimal models for disc-brake squeal are introduced, and two are discussed
in detail. One model uses a rigid disc with friction contact, the second one uses a flexible disc
with two eigenmodes of the disc. Current numerical simulations are based on full finite-element
models of the brake system. This approach has the disadvantage of a high computational effort
and only gives limited information about the squeal process itself. In this thesis a rigid- and a
flexible-disc model are modelled and analysed in the multi-body-system program SIMPACK. The
advantage of this approach is the computational efficiency and the chance to expand the model
easily in order to represent more complex systems. Finally, the potential of the combination of
multi-body-system dynamics and acoustic finite-element analysis is demonstrated.

In order to model the flexible disk in SIMPACK, a finite-element model of the has been pre-
processed for the multi-body-system dynamics analysis. The needed mechanical mathematical
foundations are explained.



Zusammenfassung (German)

Das Bremsscheibenquietschen ist ein allseits bekanntes Phdnomen, welches schon seit dem Be-
ginn der Verwendung von Scheibenbremsen vor iiber 100 Jahren vorhanden ist. Dennoch gibt
es noch kein geschlossenes Berechnungsmodell, um dieses Quietschen zu modellieren, vorher-
zusagen und ultimativ zu unterbinden. Experimente zeigen, dass transversale Schwingungen der
Bremsscheibe fiir das Quietschen verantwortlich sind. In der Literatur gibt es unterschiedliche
Ansichten, aufgrund welches Mechanismus die Instabilititen auftreten, die zum Quietschen fith-
ren. In dieser Arbeit werden selbsterregte Schwingungen der Bremsscheibe untersucht, welche
aufgrund der Folgelast-Eigenschaften der Reibungskrifte entstehen.

Es werden einige analytische Modelle vorgestellt; auf zwei davon wird im Detail eingegangen. Ein
Modell verwendet eine starre Scheibe unter Reibkontakt und zeigt, dass auch bei dieser Instabili-
taten auftreten kénnen; das zweite Modell beschreibt die Bremsschreibe mit zwei Eigenmodes der
Scheibe. Aktuelle numerische Ansitze bestehen meist aus komplexen Finite-Elemente-Analysen,
welche sehr rechenaufwendig sind und nur bedingt Aufschliisse iiber die Vorgénge beim Quiet-
schen geben. In dieser Arbeit werden die analytischen Modelle mit dem Mehrkorpersystem-
dynamik-Programm SIMPACK modelliert und analysiert. Die Vorteile dieser Herangehensweise
bestehen in der drastisch verkiirzten Rechenzeit, sowie der leichten Adaptierbarkeit auf komple-
xere Systeme. Abschlieflend wird das Potential der Kombination von Mehrkorpersystemdynamik
und akustischen Finite-Elemente-Analysen aufgezeigt.

Um die flexible Scheibe in SIMPACK modellieren zu kénnen, muss diese aus einem Finite-Ele-
mente-Modell fiir das Mehrkorpersystemdynamik-Programm vorbereitet werden. Die mecha-
nisch-mathematischen Grundlagen dafiir werden erlautert.
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1. Introduction

Brake squeal is known to be an issue at disc brakes since their introduction. Today this phe-
nomenon is mainly a comfort problem and does not affect the functioning of the brakes them-
selves, but it is still an important issue for brake manufacturers and the automotive industry [1].
Lots of work has been published on this topic, but a complete understanding of the problem is
still missing [2]. Since the development process of brake systems is an extensive and complex one,
a reliable mathematical model of the squeal process is a valuable tool especially in the early devel-
opment stages. In order to create such a model, the mathematical and mechanical understanding
of the contact mechanism, the non-linear dynamics and the interactions of the brake system with
the suspension system is essential [z, |2].

Disc-brake squeal is categorised as a high-frequency noise in the range of 1-16 kHz [3]. At lower
frequencies other phenomena occur such as judder, groan moan, and howl, which are also sources
of brake noise. Because of its high frequency, brake squeal is the most irritating of those noises
and therefore the one on which most research work is concentrated [3]. Experiments show that
transversal vibrations of the brake disc are responsible for squeal [1]. It is widely accepted that
brake squeal occurs due to an instability caused by self-excited vibrations [4]]. In literature, three
basic sources of self-excited vibrations are discussed: stick-slip vibrations (5], negative gradient
of the friction coefficient [6]], and instability due to the follower-force characteristic of the friction
forces. Chapter [2| gives a more detailed description of these different mechanisms. Reasons are
given why the follower-force characteristic of the friction forces is assumed to be the governing
mechanism behind brake squeal, opposed to stick-slip effects and a velocity-dependent friction
coefficient.

Currently, there are two different ways of modelling brake squeal. One is to create a full finite-
element (FE) model of the system with a large number of degrees of freedom (DOF) and to per-
form a complex eigenvalue analysis. The other method is to create minimal models with a con-
siderably reduced amount of DOF which consist of mainly rigid bodies and in some cases include
analytical formulations for the flexible deformations of the disc [1]. Both methods have their ad-
vantages and disadvantages. The FE models give results for complex loads and geometries of the
brake system, but are computationally expensive. The simple models are useful to understand the
general behaviour of the system, but lack the desired usability for commercial applications.

Both methods described above are well established and are currently used side by side, with the
disadvantage that a direct relation between a complex FE model and a minimal model is missing.
A promising approach is the combination of the two methods in one model. In order to do so, a
proper framework is needed. Measurements show that brake-disc vibrations are the only impor-
tant elastic vibrations for squeal; therefore, most other parts such as the brake pads or the sus-



pension may be modelled as rigid bodies. Considering those preconditions, multi-body systems
(MBS) seem to be the logical choice. Before a full brake system can be analysed, it is important
that the main mechanism behind disc-brake squeal is modelled and understood correctly. For
reasons described in this thesis, the mechanism behind the rigid- and flexible-disc models from
(1, 4] seems to be the most promising one. Therefore, the goal is to model the rigid- and flexible-
disc models in a MBS environment, in this case the commercial software package SIMPACK, and
to investigate the usability of this approach. If the fundamental mechanism can be modelled in
MBS, the extension of the simple minimal models to more complex and realistic systems can be
done with reasonable effort.

The simulation in MBS is a lot faster than a full FE analysis of a brake system, and transient
solutions are easy to obtain as well. This allows for a subsequent acoustic FE simulation with the
data generated from the MBS analysis. With the data generated from the acoustic solution, the
sound emission of the brake system can be studied in detail.

1.1. Structure of this thesis

The thesis is structured as follows: In Chapter [2] basic mechanisms of disc-brake squeal will be
addressed. The model presented in [4] will be studied in detail, as well as modelled in MBS in
Chapter 3| Chapter [4 will state the basic procedure to implement flexible bodies into MBS simu-
lations, and give simple examples to illustrate the methods used. In Chapter [5|the model given in
[1] will be studied in detail, as well as modelled in MBS. An acoustic FE simulation of the flexible
disc will also be performed. A conclusion and outlook on this thesis will be given in Chapter |6}



2. Disc-brake squeal

2.1. Mechanisms

As stated in the introduction, different mechanisms for disc-brake squeal are discussed in litera-
ture:

Stick-slip When the relative velocity between two friction pairs becomes zero, the components
stick to each other due to the coefficient of static friction p, being higher than the coeffi-
cient of sliding friction y. The spectrum of those vibrations can include some frequencies
noticeable by the human ear [3].

Velocity dependent coefficient of friction Experiments have shown that the coefficient of slid-
ing friction yy is a function of the relative velocity v, between the contact points. A typical
curve for pg(v,) as used in [6] is shown in Figure [2.1a] It can be observed that the curve
has a negative gradient at low values of v,. This can lead to a negative damping term in the
linearised equations of motion and therefore to instability.

Non-conservative friction forces Normal forces act perpendicular to the contact surface and
therefore have follower-force characteristics, as do the friction forces. Follower forces are
known to be non-conservative and therefore do not have a potential. This leads to a non-
symmetric stiffness matrix and for particular parameter constellations this can cause mode
coupling instability or flutter [4].

2.2. Minimal models

Minimal models are of interest as they should be able to model the disc-brake phenomenon as
simply as possible in order to study the governing physical mechanisms. A lot of models available
in literature use one or more of the mechanisms described above. The model by SHIN et al. is
given in [6] and shown in Figure[2.1b] This model uses a varying coefficient of friction shown in
Figure Popp et al. [7] introduce a two DOF model shown in Figure This model uses
a constant coeflicient of friction. The resulting stiffness matrix is non-symmetric and therefore
instabilities can occur. In [8], BROMMUNDT introduces a three DOF model shown in Figure
This model uses a varying friction coeflicient, but the curve is monotonically increasing. Again,
instabilities occur because of the non-symmetric stiffness matrix.
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Figure 2.1.: (a) Friction characteristic used by the SHIN model . (b) Model by SHIN et al. .

Figure 2.3.: Model by BROMMUNDT .
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Those models have in common that they lack a connection to real brake systems and it can be
difficult to interpret the parameters used in the models. Experiments show that transversal vibra-
tions of the disc are the source of the squeal sound [J9]]. Therefore, models which are able to show
those vibrations are of interest. In [4]], vON WAGNER et al. introduce a minimal model for disk
brake squeal using a rigid disk with two DOEF, shown in Figure The model uses a constant
coeflicient of friction and the instabilities occur because of the non-conservative friction forces
that lead to a non-symmetric stiffness matrix. In [9f], HOCHLENERT et al. give a similar model
that uses a flexible disk with two modal DOF shown in Figure The clear advantage of those
two models is that they resemble a real disk brake system in a simple way. Those models are used
to model disc-brake squeal in the MBS environment in this thesis.

by=ds a3

Figure 2.4.: Rigid-disc model by VONWAGNER et al. [4].

Figure 2.5.: Flexible-disc model by HOCHLENERT et al..



2.3. Friction modelling

Both the rigid- and flexible-disc models use the CouLoms friction law

- -V,
R =N @)

The direction of the friction force R is in the opposite direction of the relative velocity v, of the
contact points and the magnitude is proportional to the normal force N. Stick-slip effects are
omitted as it is assumed that on a macroscopic scale the contact points never have zero relative ve-
locity. This assumption is valid for the parameters used, in the models [1]. The velocity-dependent
coeflicient of friction is also not included in the models used as the change in relative velocity is
so small that the corresponding change in the coefficient of friction would not have a noticeable
effect on the results [J1].

2.4. Contact

To simulate self-excited vibrations due to follower forces, the correct modelling of the forces is
essential and in case of the brake disc it depends on the contact formulation between the disc
and the brake pads. The analysed models in this thesis use point contacts between the upper
and lower brake pad and the disc. This is of course an assumption and does not fully describe the
surface-to-surface contact that occurs in reality, but for the purpose of the models the assumption
is valid.

2.4.1. Contact modelling in the MBS environment

Only point contacts between pad and disc are assumed, which simplifies the contact modelling
in MBS significantly compared to a surface-to-surface contact. Still, the way the contact is imple-
mented is of high importance since system behaviour is highly dependent on the contact forces.
Therefore, it is necessary to model the contact exactly as it is assumed in the analytical models
given in [31, 4]. For example, an intuitive assumption could be that the friction force only acts
in circumferential direction, which is easy to implement in MBS. The authors in [9] state that
the small relative velocities between the contact point on the disc and pad in radial direction are
important for the stability analysis and should not be neglected. Therefore the friction force has
to be exactly opposed to the direction of the relative velocity, rather than only in circumferen-
tial direction. It is also assumed that no gap occurs between the contact pair, which is a valid
assumption for a brake process [1].

The contact used can be reduced to the intersection of a plane and a line, with the contact planes
being the upper and lower disc surfaces and the line being the axis of the brake pads. The contact
geometry is shown in Figure This illustration is valid for all contact planes that are not par-
allel to €. In the MBS simulation a dummy body with neglectable mass properties and the local



coordinate system d;_3 is added. The movement of the dummy is restricted to translations in z
and rotations about €, and €, (« and ), therefore the d; vector always lies in the €,—¢, plane. The
vectors 51_3 represent a Cartesian coordinate system where 133 is the normal vector of the contact
plane. Finally, the vectors 4; and d, are constrained with respect to 51_3 in z direction as well as
rotations in « and f. Therefore, the constraint force of the z-constraint is also the normal force
between the contact pair and can directly be used for the modelling of the friction force. The final
position of the reference frame of the dummy body is in the contact point as well as parallel to
the contact plane.

By /

contact plane |
brake pad axis

Figure 2.6.: Contact geometry used in the MBS model.



3. Rigid-disc model

The first model analysed is the rigid-disc model shown in Figure[2.4] It consists of a rigid disc with
the mass moments of inertia ® w.r.t. to the local x and y axis and @ w.r.t. the local z axis. The disk
is supported by a spherical joint in its centre. At a distance r( in negative y direction there are two
brake pads that are in point contact with the disc. CouLoms friction is assumed with the friction
coefficient y. The brake pads are connected to the inertial system by a spring-damper system with
the parameters k and d and are a preloaded by the force Ny. In the centre, the disc is coupled to
the inertial system by two pairs of rotational spring-damper systems with the parameters k; and
d;. Also on the centre of the disc there acts a moment My to ensure a constant angular velocity
Q of the disc in z direction. The value of the moment is calculated by [4]

My = 2urgNy. (3.1)

Therefore the model has two DOF, ¢; and g».

3.1. Analytical solution
The equations of motion for the linearised system are given in [4]
. 2 .
© 0\[a], (3uNorg, +2dr5 ®Qo)[ 4
0 O/|g2 —®Qg - pdhry d: )42

ki + 2kr2 + Noh LuNo @l _
+ ] =0. (3.2)
—U (kh1’0+2N()7’0) kt+(1+y )Ngl’l q2

It can be observed that the damping matrix has terms depending on the angular velocity 9, and
as stated before, the stiffness matrix is non-symmetric. With the ansatz

q(t) = ‘Ale)u (3.3)
the equations of motion read
(M +AC+K)q=0. (3.4)

This system represents a quadratic eigenvalue problem for the eigenvalue A and the eigenvector
q. If the eigenvalue A has a positive real part, the trivial solution becomes unstable as the ansatz
increases exponentially. This is the stability criterion for the linearised system. In [4], pa-
rameters for the rigid-disc model are given, see Table 3.1, The spring stiffness is chosen, so that



the eigenfrequencies of the rigid disc are in the same range as the eigenfrequencies of a flexible
disc with similar measurements. Figure 3.1/ shows the eigenvalues with positive imaginary part
for an angular frequency Qg between 7 57! and 207 s™!. One eigenvalue crosses the imaginary
axis and becomes positive at Qg = 10.47 ™!, which is the critical angular velocity.

Table 3.1.: Parameters used for the rigid-disc model [4].

Parameter Physical meaning Unit Value
k¢ rotational spring stiffness Nm  1.88-10’
d; rotational damper coefficient Nms 0.1
k spring stiffness N/m 6-10°
d damper coeflicient Ns/m 5
No preload force N 3000
Y coeflicient of friction 1 0.6
1o radius for brake pad m 0.13
h height of the disc m 0.02
0 mass moment of inertia w.r.t. x and y  kg/m? 0.16
() mass moment of inertia w.r.t. z kg/m? 0.32
T (A) T T

—~ 1740} N .

= o (B)

> 1730 - *

= ©

~ B

E (B)

mof @

Re(1)

Figure 3.1.: Imaginary and real part of the eigenvalues for the linearised system of the rigid disc. The analytical solution

is shown. The angular frequency Qo varies from 7 s™' to 2077 s, Point (A) is calculated with Qo = 75" and point

(B) is calculated with Q¢ = 207 s™". Point (C) is at Q¢ = 10.477 s~* and marks the point where the motion of the disc
becomes unstable.

3.2. MBS simulation

Note: The terminology in this section refers to the MBS software package SIMPACK. For details
see appendix[Aland [10].



3.2.1. Modelling

The disk is modelled as a rigid body and connected to the inertial system with a spherical joint. A
force element is used to model the rotational springs between the inertial system and the disc. In
SIMPACK the user is able to choose if the rotations are calculated linearised or non-linear with
EULER angles. Both variants are used to calculate results. Another force element is used to apply
the moment M 4 that is required to keep a constant angular velocity Qy. The contact is modelled as
described in Section|2.4.1 The contact planes are fixed relatively to the disc and are parallel to the
mid plane moved +h/2 in local z direction. Force elements represent the spring-damper systems
and the preload forces on the break pads, as well as the friction forces acting on the brake pads
and disc. The normal force for the friction force element is taken from the constraint connecting
the dummy bodies to the contact plane. A marker on the disc is set congruent to the contact point
but in the SIMPACK internal algorithms the relative velocity of this marker to the disc is set to
zero, hence the marker represents a fixed point on the disc that is currently at the contact point.
The relative velocity between this congruent marker and the contact point, is the friction velocity.
It is used to calculate the direction of the friction force. It is important that the friction force is not
only in circumferential direction as this leads to unusable results. For visualisation purposes, two
bodies with neglectable mass properties are added to each dummy body, representing the brake
pads. Figure [3.2]illustrates the MBS topology.

/// Isys 7/,
) 4
Jz,(x,ﬁ # =F, J. #

dummy top P pad top I
Cosk Er,
Foc,[S,y z,a,3 T y G4 z
W disc
_’O_
J b 4
@By Cz,:x,ﬂ % = Fy y [ C,
dummy bottom P|H  pad bottom 1

Jz,a,ﬁ # %E F. J, #
7

Figure 3.2.: Topology of the MBS rigid-disc model in SIMPACK.
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3.2.2. Eigenvalues

To compare the analytical solution and the solution of the MBS model, the eigenvalues of the
linearised system are analysed. Figure [3.3|shows the real and imaginary part of the analytical
eigenvalues compared to the ones calculated in SIMPACK. The angular frequency € is varied
from 757! to 207 s71. It can be seen that the results match very well. With linear angles the STM-
PACK result is basically identical to the analytical solution. The result calculated with non-linear
angles has minor discrepancies in the real part of the eigenvalues.

1740 |- P . | | — analytical
o SIMPACK linear angles

sl (B) || & SIMPACK nonlinear angles

Im(A)/(27)

T
E
|

1720

Re(A)

Figure 3.3.: Imaginary and real part of the eigenvalues for the linearised system of the rigid disc. The analytical as
well as two different MBS results are shown. The angular frequency Qq is varied from 7 s~ to 207 s™". Point (A) is

calculated with Qo = rs! and point (B) is calculated with Q¢ = 207 s7L
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4. Flexible bodies in MBS

If the dynamic response of the elastic deformations of a body have a relevant impact on the sys-
tem, the assumption of applying only rigid bodies in MBS is not valid any more. In such a case
the complete system can be modelled with FE using transient or harmonic analysis, giving the
problem a high number of DOF. With this approach, little a priori knowledge about the form
and type of the result is needed because the FE solution can project the solution to a large vector
space that may give a good approximation of the exact solution. The obvious disadvantage of this
method is the computational effort needed to get the solution. On the other hand the system can
be modelled with MBS, by using additional DOF for the flexible parts. Each of those additional
DOF scales a flexible displacement of the whole part; this displacement is called mode. This ap-
proach is based on the principle of modal superposition, which requires that the deformations
of the structure can be described sufficiently with linear theory. In Figure |4.1, modal superpo-
sition is illustrated using the first two eigenmodes of a simple supported beam. In this case the
beam has two generalised coordinates g; and g, corresponding to the first two eigenmodes ¢,
and ¢,; the final deformation of the beam is the superposition of those two modes scaled with
the respective value of the DOE The most intuitive set of usable modes are the eigenmodes of
the body, but there are also other modes with certain advantages described in Section[4.2.4] The
knowledge and experience of the user are essential for the selection of the additional DOF. This
does not only refer to the number of modes selected but, more important, to which modes are
selected. The goal is to use as few modes as necessary to keep the computational effort low but
still represent the behaviour of the part in a sufficient way.

q ¢, q2 ¢, 019, + 429,
/ | / / /

X + =X =

N =
w

7 7777 @ Z 77777

Figure 4.1.: Simple supported beam with superposition of two eigenmodes.

The elastic deformations are described with linear theory, but in the MBS simulation the flexible
body can experience large non-linear displacements and rotations. To achieve this, the deforma-
tions of each body are described relative to a body reference frame, while this frame describes
large displacements and rotations compared to other elements of the MBS analysis [11]], see Fig-
ure Each material point P on the undeformed body is described with a vector x relative to
the body reference frame. At time ¢ the body is undeformed and the reference frame x, y; is

12



described relative to the zero system x, yo with the vector 719 and rotation matrix R. Therefore
the absolute location of P is
T’po = ?10 + RXx. (4.1)

At time #; the reference frame x{, y; is in a different position 779 and rotated with R’. Now the
body is deformed and/or moved relative to the body reference frame. Therefore the vector R'x
does not point to the material point described by X. The displacement of the point P’ is (X, t")
relative to the reference frame. With this the position of P’ is

?P'O = 17'1!0 + RIJ_(; + R,ﬁ(ﬁ?, t,) (42)

This shows how large movement of a flexible body is described with only small deformations u.

Figure 4.2.: Floating flexible body in two dimensions.

Besides implementation for simple beam elements, most commercial MBS software cannot pre-
process complex flexible-body information for the MBS analysis. To get a reasonable accurate
representation of the flexible body, FE software is used to create a reduced system that can be
processed in MBS software. During this reduction process of a flexible body, the user is con-
fronted with a lot of options and terminology that can exceed the average engineer’s knowledge
of FE and model reduction. User manuals of the software used are often short and inconclusive,
but the quality of the result is highly dependent on the user making reasonable choices during
the reduction process. To help for general understanding of this process, in the following, basic
methods used for the reduction of a FE model and subsequent implementation into a MBS suit-
able formulation are described. It is not claimed that the described methods are the most efficient
or most accurate ones, but rather an attempt to give the reader a basic knowledge of the reduction
process itself. Figure|4.3/shows the workflow for implementing flexible bodies into MBS analysis
using commercial software packages and the sections where detailed descriptions are given.
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Figure 4.3.: Workflow for FE preparation of flexible bodies using the CRAIG-BAMPTON reduction method in the FE
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program and a MBS preprocessing similar to the one used in SIMPACK.
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4.1. FE preparation for flexible bodies

4.1.1. Modelling

The modelling process is performed in a way that is similar to a linear FE analysis, that is choosing
suitable element types and discretisations as well as defining possible material inhomogeneities
and anisotropies. The main difference is the need for attachment points in the flexible body which
can affect the setup of the mesh. In the final MBS model, loads and displacements can only be ap-
plied to specific nodes on the flexible body, so-called attachment points. This requires knowledge
of those points at the time of the FE modelling, making contact problems a difficult task. Those
problems can still be modelled by distributing the contact forces onto various attachment points.
Since the number of attachment points influences the reduced system size for the flexible body,
nodes on boundary or loading areas are often coupled to one attachment point. By doing this, the
area only accounts for one attachment point, and forces in the MBS analysis can be distributed
within this area. Depending on the substructuring method, the results can be improved by defin-
ing the boundaries acting on the MBS body in the FE model. The CrRA1G-BaMPTON method [12],
for example, cannot be improved by defining the correct boundary conditions in the model, since
the eigenmodes are calculated for the substructure only. Also, it can be difficult to know the exact
boundary conditions acting on the MBS model. In general, boundary conditions in the FE model
should be applied according to the methods used and user experience.

4.1.2. Dynamic substructuring

FE software is better equipped to handle large matrices than MBS software. Since the number of
DOF for a model can be in the range of 10°, it is necessary to reduce the amount of data given to
the MBS preprocessor. This is done using dynamic substructuring for the FE model. The main
idea is to divide the n nodes of a structure into n,, master and n, slave nodes, then make the
slave DOF dependent on the master DOF and reduce the assembled system matrices K, C and
M to describe the equations of motion only for the masters, leading to a system with n,, DOF.
Those master nodes are the attachment nodes used in the modelling. In the following sections
two methods are described, the Guyan reduction and the Cra1G-BaMPTON method. Both are
so called displacement coupling methods as they couple the displacement of the interface nodes
between the retained structure and substructure. Other methods might couple the forces and/or
displacements at the interface.

Guyan reduction

In [313], it is proposed to first perform a static reduction and then reduce the mass and damping
matrices with the same transformation. The vector of global generalised coordinates u is given

by
u,
u= [us ] , (4.3)
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where u,, and u; are vectors containing the master and slave DOF, respectively. Now the static
FE equation Ku = f can be written as

Kinm Kins\|um _ fm (4.4)
Ksm  Kss U f; .
whereat K,,; = K. . Assuming that all external loads are applied on the masters, f; is equal to
zero. Then, the lower set of equations in (4.4) can be solved for u,
s = _Ks_lesmum- (4.5)

With this relation between the master and slave nodes, the slave nodes can be eliminated from
Equation (4.4)). This is done with the coordinate transformation

u=Qguy with Qg = (_KS_S{KSW!) (4.6)
and the reduced system matrices are (see appendix [B)
K; = Q:KQq (4.7)
Cr = Q;CQq (4.8)
M, = QGMQg. (4.9)
Here the new coordinate vector is
q = Uy,. (4.10)

The reduced size of the system matrices is #,, x #1,,. A closer look at the matrix Qg reveals that
the i th column of Qg represents a static mode ¢} of the structure with a unit displacement at the
i th master DOF and all other master nodes constrained.

Craig-Bampton method

In the GuUYAN reduction, only the static relation between u,, and u, is taken into account, which
can lead to poor accuracy for dynamic results. This can be improved by adding n¢p eigenvec-
tors with the generalised coordinates q“2 to the movement of the substructure [12], giving the
Cra1G-BaMpTON method. It is not required that the ncp eigenvectors are corresponding to the
first ncp eigenvalues. A term which represents the dynamic eigenvalues of the substructure is
added to the approximation of the slave displacements in Equation (4.5)

ncas
u = —KS_SIKsmum + Z q?%fB. (4.11)
i

¢iCB is the ith eigenvector for the undamped substructure, calculated with all master DOF con-
strained. This leads to a new coordinate transformation

Uy . I 0
u= with = _ . 12
QCB [qCB] QCB (_KsleSm (I)CB) (4 )
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Here ®¢p is a matrix where the ith colum is the eigenvector corresponding to the generalised
coordinates g;

Dcp = (675,50 ). (4.13)

Finally the reduced system matrices including generalised coordinates are

K, = Q(3KQcp (4.14)
Cr = QCQcs (4.15)
M, = QcpMQcs, (4.16)
with the generalised coordinates
u
q= [qé’}g] : (4.17)

The reduced size of the system matrices is (71, + ncg) X (M + ncE).

4.1.3. Output of the FE analysis

The FE analysis output contains the reduced system matrices K,, C, and M, and the transforma-
tion matrix Qcp. The reduced system matrices are of size ngg x npg, while the transformation
matrix has size n x ngg, whereat ngg = n,, + ncg (in case of the CrRaiG-BampTON method). Usu-
ally it can be said that npg << n, which means that the majority of data output contains entries
for Qcp. Only the part of Qg where the attachment points are described, is used in the MBS
analysis. Other entries are for visualisation purposes only. To reduce the amount of output data,
the transformation matrix could, for example, only describe the attachment points and the nodes
on the outer surface of the body.

4.2. MBS preprocessing of flexible bodies

Note: From now on it is assumed that the CRAIG-BAMPTON method is used for the FE reduc-
tion.

In the previous section, the reduction of a FE model for a MBS analysis was described. It is
common practice in MBS software to take the reduced system and calculate a new set of modes
to be used in the analysis. In this chapter, a procedure similar to the one used in SIMPACK |10,
11] is described.

4.2.1. Orthogonalisation of the reduced system

Depending on the reduction method used, there can be the need for orthogonalisation of the re-
duced system. In case of the original CRaAIG-BAMPTON method described in Section there
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are several disadvantages. That includes the superposition of rigid body modes in the Craig-
BampTOoN modes and the dependency of the master node displacement on only one static mode.
To avoid those problems, it is common to orthogonalise the reduced system. The eigenvalue
problem of the undamped system

(-0fM, +K,) ¢S =0 (4.18)

describes a free floating structure that can move and deform according to the modes used in the
reduction process. The first n, eigenvalues are zero with the corresponding eigenvectors repre-
senting the rigid body modes ¢". Depending on the problem being planar or spatial, n, can be
either three or six. Those modes are calculated with

K,¢;=0. (4.19)

The n, non-zero eigenvalues of Equation (4.18)) give the flexible eigenmodes ¢° of the free floating
structure, since all eigenvalues are calculated n, equals npg — n,. This leads to a new vector of
generalised coordinates

q = [QI»---’QL’QT’---’QZ]T, (4.20)

with the transformation matrix

Qu=®c= (¢ 8 0. 65,). (420

The matrix @, contains the eigenvectors of the rigid body modes and flexible eigenmodes. There-
fore, the system matrices become

K. = Q.K,Q, (4.22)
C.=Q;C.Q, (4.23)
M. = Q}M,Q,, (4.24)
with the coordinate transformation
u=Q,Q.9q" (4.25)

4.2.2. Mode shifting

The system matrices in equations describe a free floating beam that can move and
deform with the independent modes in ®@,. Depending on the structure of the model, it may be
required to constrain the flexible body with respect to the body reference frame by locking n,
displacements or rotations. To fulfil the constraints, #n, modes of ®, are made dependent on the
other modes. This is done by mode shifting [11]. In theory any modes can be chosen, but there
are combinations of modes where the resulting system becomes ill-conditioned. A very suitable
choice are the rigid body modes ¢’ as they describe distortion-free movement of the flexible
body. This is also a main reason for the orthogonalisation of the system in Section The
vector of generalised coordinates and the displacement vector are reordered so that the dependent
coordinates and the constrained displacements are at the beginning. Reordering the Equation
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(4.25) and assuming that all constrained displacements w.r.t. the reference frame are zero, leads

to .
0| (Qu Qui)lg
o) (e i) 420

where Q;y = Q;r”, u, are the unconstrained displacements, q¢ are the dependent and q' the
independent DOF. The first set of equations in Equation (4.26)) solved for q“ is

q’ = -Qz4Quq'. (4.27)

Now a coordinate transformation is introduced

d . _N-1 )
[qi] Q4 wih Q.- ( Qddel) . (428)
q I
This gives the transformed system matrices with the dimension (n, — n.) x (n, — n)
K. = ?Kch (4.29)
C.=Q;C.Q, (430)
M. = Q M.Q.. (4.31)

The final vector of generalised coordinates is q', which can be transformed to the original dis-
placements. u reads

u=0Q,Q,Q.q" (4.32)

One might notice the similarity between the mode shifting and the Guyan reduction. Basically,
it is the same procedure: in the Guyan reduction slave DOF are made dependent on master DOE,
and in the mode shifting the same is done with dependent and independent modes.

4.2.3. Constrained eigenmodes

The current matrices K., C. and M, represent the full CRAIG-BAMPTON system, adjusted to the
boundary conditions in the body reference frame. During the MBS preprocessing, it is common
for the user to decide which modes to use in the final analysis. It is possible to choose a reduced
set of modes in the orthogonalisation described in Section but the free floating modes do
not directly correspond to a constrained mode and it might be difficult to decide if the mode
is relevant in the final analysis. Therefore, the eigenmodes to the constrained set equations are
calculated. This is done with the eigenvalue problem of the undamped system,

(-wiM, +K.) ¢S = 0. (4.33)

Here ¢; are the eigenmodes of the undamped system and w¢ is the corresponding eigen angular
frequency. The user can decide which modes are relevant for the final analysis and only use those.
The ny, relevant modes build a transformation matrix Q,,

Q= (1. 00 ), (4.34)
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while the n, neglected modes form Q,,

Q,=(¢],....90,). (4.35)

Here, the number of relevant and neglected modes is equal to the size of the system nj + n, =
n, — n.. The transformation gives the system matrices only considering the relevant modes

K, = QL K.Q,, (4.36)
Cn=Q;C.Q, (4.37)
M = QI M, Qy, (4.38)

with the dimension nj, x ny,. The vector of generalised coordinates is

q" =[ql.. -,qlﬁh]T (4-39)

and can be transformed into the original displacements by

u=0Q,Q,Q.Q,q". (4.40)

4.2.4. Interface modes

The accuracy of the solution depends on the number of used modes 7. To improve the solution,
more eigenmodes can be used for the simulation to extend the solution space, but this comes
with the disadvantage of a higher computational effort. Instead of adding more eigenmodes to
the simulation one can add interface modes. Interface modes are a superposition of the neglected
modes and are calculated with the goal of retaining as much information from the neglected
modes with as few interface modes as possible. Therefore, by using a few proper interface modes,
the solution can be very similar to a solution using a lot of eigenmodes, but with applying fewer
DOE

To calculate the interface modes, the system is reduced with a coordinate transformation con-
taining the neglected modes

Q, = ((/){’,...,(/):n). (4.41)
Here the vector of generalised coordinates is
n n n T
qQ"=[qf,-.an,] (4.42)

with the relation to the original displacements

u=Q,Q.,Q.Q,.9q" (4.43)

Therefore, the system matrices of the undamped system based on the neglected modes are
K. =Q,K.Q, (4.44)
M, = QchQn> (4.45)
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with dimension n,, x n,,. The interface modes in SIMPACK are calculated based on dynamic unit
loads acting on the structure [11, [10]. p}(¢) is a load vector on the CRAIG-BAMPTON structure
with a harmonic unit load in the k th row and can be written as

pi(t) = pfe ™", (4.46)

where Q) is the harmonic frequency of the unit load. Due to the construction of the CrAIG-
BampToN method the k th row of p, corresponds to the k th master DOE as long as k < n,,.
With the previously used coordinate transformations, the load acting on the system based on the
neglected modes is

Pi = QuQ; Q. p}- (4-47)
This force applied to the undamped structure based on the neglected modes yields

Mnibi(t) +K,,¢£(t) =pZeiQ°t. (4.48)

Here (/)i (t) is the interface mode for the k th master DOE Since there is a harmonic excitation
without damping, the interface mode can be written as qS‘Z (1) = ¢£ ', This yields

(-Q¢M, + K,,) ¢F = pj. (4.49)

The harmonic frequency Qg can be chosen by the user. In [10] it is recommended to use half
of the first non-zero eigenfrequency of the free floating structure. The frequency Qg can also
be zero. If that is the case, the interface modes are called interface response modes (IRM) and
in the non-zero case frequency response modes (FRM), see [10, 11]. In the following, only FRM
are considered. The interface modes in Equation can be considered as the response of the
neglected modes to a unit load applied at one of the attachment points. Therefore, the interface
modes have discontinuities in the section forces at the attachment points, which makes them
more suitable than eigenmodes to represent dynamic loads on the structure. In SIMPACK, FRM
modes can only be calculated for constrained’| or loaded attachment points, which seems useful
since those are the points at which external forces act on the structure. The calculated modes are
assembled in the matrix

Qp=<¢p,...,¢ﬁp). (4.50)

Here 1, is the number of calculated interface modes and the index i in ¢f refers to the i th cal-
culated mode and not the one corresponding to a unit load at master node i. In order to add the
interface modes to the coordinate transformation based on the eigenmodes of the constrained
structure, the matrix Q, must be transformed for the generalised coordinates q.. Then this ma-
trix and the transformation matrix with the relevant modes are added together, giving the final
transformation matrix

Q. =(QrQ.Q,). (4.51)

'In this case “constrained” refers to constraint elements used in SIMPACK. The boundaries imposed by mode
shifting are given by the joint of the body and do not require FRM.
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The corresponding system matrices are

Kn=QLK.Q,, (4.52)
Cn=QLC.Q, (4.53)
M, =Q,M.Q,, (4.54)

with the dimension (7, +n,) x (1, + n,) and the generalised coordinate vector

m T
L O L S (4.55)

This vector can be transformed into the original displacements with

u=Q,Q.,Q.Q,9". (4.56)

4.2.5. Final equations of motion

The final equations of motion are

Mmqm + Cmqm + Kmqm = Pm~ (4.57)
The load vector p™ consists of transformed external loads as well as inertia forces resulting from
the movement of the body reference frame [11]. Usually the damping term C,,q™ in Equation
(4.57) is replaced with modal damping [[10]. The final matrices can vary depending on the amount
of modes used and if the body is constrained, but in general, the procedure described in the
previous sections is performed to get the final reduced matrices for the MBS analysis.

4.3. Preparing a FE beam for MBS simulation

In the previous two sections[4.1and[4.2} basic methods for the reduction process of a flexible body
into MBS are described. In this section, those methods are applied on two simple beams, in order
to give the reader a demonstrative understanding of the methods in addition to the equations
stated earlier. The MATLAB tool MaxiFrame developed at the Section of Solid Mechanics in the
Department of Mechanical Engineering at the Technical University of Denmark is a linear static
FE code for beam elements. This tool was used as a framework to implement the FE and MBS
preprocessing of flexible bodies into MATLAB. Therefore, it is possible to show the steps from the
FE model to the final MBS model in detail, which can hardly be done using commercial software
due to the black-box character of such programs.
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4.3.1. Example beams

Figure |4.4|shows the two example beams considered in this section. The first beam (a) is a can-
tilever beam with a harmonic moment acting at L/3, while the second one (b) is a simple sup-
ported beam with a harmonic force acting also at L/3. For both beams gravity is neglected and
it is assumed that the beams only experience bending vibrations. The harmonic loads have the
frequency Q.

Y Y (1)
gyA _x ¢ B C A x TB C
2 (1) s =
L] 2sL ‘
s ;
(a) Cantilever beam with harmonic moment. (b) Simple supported beam with harmonic force.

Figure 4.4.: The two example problems.

4.3.2. FE preparation

The beams are modelled with 300 two-dimensional BERNOULLI-EULER beam elements. Since the
longitudinal vibrations are not accounted for the FE code, the code is modified so that the beam
elements have 2 DOF per node. This leaves the final FE model with 301 nodes and 602 DOE Since
all relevant points on the two beams are on the same position, the same FE model can be used
for both examples. Dynamic substructuring is performed with the CrRaAiIG-BAMPTON method,
using three attachment points A, B and C, as they are the loading and boundary points. Figure
shows the numbering of the master DOF. Static modes ¢; corresponding to those DOF are
shown in Figure Each mode ¢; represents the static deformation for a unit displacement at
master node i with all other master nodes constrained. Also used for substructuring are the first
100 eigenmodes, calculated with all master DOF constrained. The first 8 eigenmodes are shown
in Figure With the transformations described in Section this gives the reduced system
matrices the dimension 106 x 106. The global system matrices can now be preprocessed for the
MBS simulation.

1 3 45
I,
2 4 6

Figure 4.5.: Numbering of the master DOF for the reduced model.
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Figure 4.6.: The 6 static modes used in the CRAIG-BAMPTON method.
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Figure 4.7.: First 8 of the 100 eigenmodes used in the CrRAIG-BaAMPTON method.
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4.3.3. Preprocessing for the MBS analysis

One can easily see that the modes from Figure [4.6 and [4.7] are not-well suited to describe the
motion of either problem beam. This is why there is the need for the MBS preprocessing.

Orthogonalisation of the reduced system

First, the system is orthogonalised as described in Section[4.2.1} This is done with the eigenvalue
problem stated in Equation (4.18). This problem describes a free floating beam. Since the axial
displacements are not possible for the used elements, the beam has two rigid body modes ¢'.
Therefore, the first two eigenvalues of Equation are zero. The rigid body modes are shown
in Figure Figure[4.9] shows the eigenmodes of the free floating beam for the first 8 non-zero
eigenvalues.

r r
¢ >
1 T T ] 1 T T ]
0.5 [ . 05 - —
0 - .
O - .
! ! ! ! ! \ \ ! ! ! ! !
0 0.2 0.4 0.6 0.8 1 0 0.2 0.4 0.6 0.8 1
x/L x/L

Figure 4.8.: Rigid body modes used for the orthogonalisation of the reduced system.

Constrained eigenmodes

To satisty the boundary conditions for the beams, some of the modes of the free floating beam
are made dependent on each other. This is done by mode shifting, see Section[4.2.2] Up to this
point, there is no difference in the calculated modes, for example (a) and (b). Table [4.1 states
the constrained master DOF for each beam example. In both cases, the dependent modes in the
mode shifting procedure are the rigid body modes ¢;. Figure shows the first 8 constrained
eigenmodes for beam (a), Figure |4.11 shows them for beam (). To assess the quality of the con-
strained eigenmodes, the eigenfrequencies w{ are compared with the eigenfrequencies of the full
FE model with the same boundary conditions. The relative error for each of the frequencies is
shown in Figure and It can be seen, that up until the last few eigenmodes, the modes
represent physical eigenmodes of the beam in a sufficient way, as the error is less than 1%. Also
the different boundary conditions do not affect the global type of the error plot. The last couple of
modes are non-physical, but still improve the solution as long as their corresponding frequencies
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Figure 4.9.: First 8 non-zero eigenmodes used for the orthogonalisation of the reduced system.
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are above the characteristic frequencies of the system. If that is not the case, more modes have to
be used in the CrRa1G-BaMPTON method.

Table 4.1.: Constrained master DOF for each beam problem.

Example beam constrained master DOF

(a) 1,2
(b) 15

Interface modes

To further reduce the amount of DOE, not all constrained eigenmodes have to be used in the
final analysis. For example, if only the modes in a certain frequency spectrum are relevant, only
those modes are used in the final analysis. The result can be improved by using more modes
with different frequencies or adding interface modes as described in Section For the two
beam examples, frequency response modes are used. FRM are calculated with a frequency Q,
which can be chosen by the user. As stated before, the standard value in SIMPACK is half the first
non-zero eigenfrequency of the free floating structure. FRM are most useful at loaded attachment
points. The master nodes used are stated in Table[4.2} In Figure[4.12|and[4.13] FRM are shown for
different Q) as well as a different number of constrained eigenmodes 7, used, where the first n,
modes are used. For nj, = 3, small differences in the FRM can be seen, but for a higher number of
modes used, the FRM for different Qy converge. The shape of the FRM varies with the amount
of modes used. With more modes used, the FRM seem of a higher order, which is because only
higher order modes are available in the Q,, matrix and the FRM are calculated as a superposition
of the modes in this matrix.

Table 4.2.: Master DOF used to calculate FRM for each beam problem.

Example beam FRM master DOF

(a)
(b)

W A

Harmonic results

To demonstrate the effect of the MBS preprocessing, harmonic results of the undamped system
are computed with
(-Q*M,, + K, ) u = p, (4.58)

where u" is the harmonic solution for the displacements and p!" is the load vector on the final
reduced system calculated with
P =Q,Q:Q;Q,p; (4.59)
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Figure 4.10.: First 8 constrained eigenmodes for the cantilever beam (a).
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Figure 4.11.: First 8 constrained eigenmodes for the simple supported beam (b).
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Figure 4.12.: Relative error of the eigenfrequencies w; compared to the eigenfrequencies of the full FE model for beam
example (a).
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Figure 4.13.: Relative error of the eigenfrequencies w; compared to the eigenfrequencies of the full FE model for beam
example (b).

p; is theload vector acting on the original beam. The body reference frame does not move. There-
fore, there are no additional inertia forces. Equation can be solved for u” and from this so-
lution the bending moments and shear forces are calculated. Figure[4.16/and[4.17]show the results
for both beam examples with a different number of modes used and FRM compared to the full
FE solution. The BERNOULLI-EULER beam elements have cubic interpolation functions for the
displacements, therefore the bending moment in one element can be linear and the shear force
is constant [14]. For visualisation purposes and because of the high number of beam elements
used, the shear force is still shown as a smooth curve and not as piecewise constant lines. For
example (a), the result for the displacements is close to the full FE solution with nj = 5. To rep-
resent the bending moment M, sufficiently more modes are needed. The shear force Q cannot be
represented with only physical eigenmodes. Using one FRM, the results are already close to the
tull solution with only 3 modes used, and with 5 modes used the solution is basically the same as
the full FE solution. This is because the FRM is calculated with a moment at master node 4 and
accounts for the discontinuity at the loading point. In beam example (b), the results are better
with the same number of modes because the discontinuity is in the shear force and only results
in a kink in the bending moment. With one FRM a similar behaviour as in example (a) can be
seen, as the results improve a lot, especially for the section forces. For those two examples, five
constrained eigenmodes and one FRM are enough to represent the system. The clear advantage
of the MBS model is the size of the system 6x6 compared to the 602x602 of the full FE system.
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Figure 4.14.: FRM for beam example (a) and different values of nj, as well as Q. The first n, modes ¢; are used for
the transformation matrix Q.
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Figure 4.16.: Harmonic results for beam problem (a). The excitation frequency Q is 3w{. The plots on the left are

calculated with #j, constrained eigenmodes, the right ones with one additional FRM. The FRM is calculated for master

node 4 with the excitation frequency Qo = }/2w;. The section forces are scaled with a representative bending moment
M,er = M(t) and a representative shear force Qrer = M(t)/L.
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Figure 4.17: Harmonic results for beam problem (b). The excitation frequency Q is 3w;. The plots on the left are

calculated with 7, constrained eigenmodes, the right ones with one additional FRM. The FRM is calculated for master

node 3 with the excitation frequency Q¢ = /2wy. The section forces are scaled with a representative bending moment
M;er = F(t)L and a representative shear force Qs = F(t).
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5. Flexible-disc model

The rigid-disc model shows that instabilities of a disc-brake system can occur with a constant
friction coefficient. A logical enhancement of the model is to replace the rigid disc with a more
realistic flexible disc, shown in Figure [2.5| The deformations of the flexible disc are described by
the transversal eigenmodes of the non-rotating disc, where the disc is assumed to be shearstiff.
Therefore, the displacement w, in z direction, of a point on the mid-surface of the disc is a func-
tion of the coordinates x and y and time t. Experiments have shown that when squeal occurs,
the disc is vibrating in a mode with three nodal diameters and zero nodal circles, within the fre-
quency range of brake squeal [1]. The disc is assumed to be clamped on the inside and free on the
outside. The modes used in the model are the orthogonal eigenmode pair with the form observed
in experiments. The scaling factors g; and g, for the two eigenmodes are the DOF of the model.
A constant angular velocity Qg of the disc in z direction is assumed. Two point contacts represent
the brake pads at the distance rg in x direction. Those brake pads are coupled to the inertial sys-
tem with a spring k, and a preload force of N is applied. The assumed contact on the flexible disc
is shown in Figure[s.1, M represents the intersection point between the axis of the brake pads and
the mid surface of the disc. P and Q are the corresponding points on the upper and lower surface
of the disc. They mark a tangent plane on the deformed disc that is used to calculate the contact
points P’ and Q’. Here it is important to at least use quadratic terms in the TAYLOR approximation
of the contact points, as otherwise some terms are missing in the linearised equations of motion

[a].

Figure 5.1.: Contact formulation on the flexible disc.
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5.1. Analytical solution

The analytical solution is given in [1] and since it is quite lengthy, it is not stated here, but the form
is very similar to Equation (3.2). Again a non-symmetric stiffness and damping matrix occur.
Table 5.1 states the parameters used for the model, the meaning of the parameters for the disc is
explained in Section 5.2} The procedure is the same as for the rigid disc and Figure[s.2|shows the
real and imaginary parts of the eigenvalues, where the angular velocity ) is again varied from Qg
between 75! to 207571, At4.277s™! one eigenvalue crosses the imaginary axis and the linearised
system becomes unstable.

Table 5.1.: Parameters used for the flexible-disc model [4].

Parameter Physical meaning Unit  Value
k spring stiffness N/m  6-10°
Ny preload force N 2000
Y coefficient of friction 1 0.6
1o radius for brake pad m 0.13
h height of the disc m 0.02
1 inner radius of the disc m 0.025
Ta outer radius of the disc m 0.162
D plate bending stiffness Nm 67100
v Po1ssoN’s ratio 1 0.3
y mass per unit area kg/m? 126
n number of nodal diameters 1 3

1800 |- *) | )
N o > o
= 1780 |- o (B) A
L;’ weo| B [A/“‘ ©
— AN (A)
1740 | ; B
-20 -10 0 10
Re(A)

Figure 5.2.: Imaginary and real part of the eigenvalues for the linearised system of the flexible disc. The analytical

solution is shown. The angular frequency Qq varies from 7 s~ to 207 s'. Point (A) is calculated with Q¢ = s~

and point (B) is calculated with Q¢ = 207 s™. Point (C) is at Q¢ = 4.277 s™* and marks the point where the higher
eigenvalue crosses the imaginary axis.
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5.2. Natural frequencies of a transversely vibrating disc

The equations of motion for a KIRCHHOFF plate are [j15]

82
DAAw + yww =0 (5.1)
where D is a material parameter defined by
Eh’
D=——u, .
12(1- ) 52)

with YounG’s modulus E, Po1ssoN’s ratio v, mass per unit area y, the transversal displacement
w and the plate thickness 4. A is the LAPLACE operator, in the case of a cylindrical coordinate
system given by

0 . 10 . 1 9* (5:3)
S orr ror r:of? >3
In [16], the following solution to Equation is assumed
w=U(r)sin(n(0 - 0o))sin(w(t—ty)). (5.4)
Here 7 is the amount of nodal diameters, w is the eigenfrequency and U(r) is
U(r) = CiJu(Br) + C2Y,(Br) + C3I,(Br) + C4aK, (fr). (5.5)

Here J, and Y,, are BESSEL functions of first and second kind, I,, and K,, are modified BESSEL
functions, C; are coefficients and f3 is defined as

2
4 2\ Y@
=12(1-v")—=. .6
B =v)es (5.6)
The coefficients have to fulfil boundary conditions at the inner and outer edge of the disc. On the
outer edge the disc is free, therefore, the bending moment and shear force have to vanish. This
gives the equations [16]

az_w+v 18_W+l82_w =0 ( )
or? ror r2062) >7
J 1-v 0% (ow w
_A _ | — — — = .
or v r2 902 ( or r) 0 (5:8)

at the outer edge with r = r,. On the clamped inner edge with r = r;, the displacement and its
gradient vanish

w=0 (5.9)
%—1/: =0. (5.10)

Equations (5.7H5.8) become lengthy and are not stated here, but they can be found in [16]. The
nontrivial solution to the set of equations (5.75.10) gives the coefficients C; and the parame-

ter 8.
With the values given in Table[5.1|the eigenfrequency f is 1749.75 Hz.
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5.2.1. Effect of shear flexibility

For various reasons described in Section the elements used in the FE model take shear
flexibility into account. The applied KIRCHHOFF plate theory assumes a shearstiff plate, which
is valid if the height of the plate is small compared to its other dimensions. To check if the FE
model represents the flexible disc used in the analytical solution, the effect of the shear stiffness
is analysed.

Figure|5.3|shows the ratio of the analytical and numerical eigenvalues for a varying ratio of r,/h,
while the bending stiffness D and the ratio r,/r; are held constant. It can be seen that for the ratio
ra/ri = 8.1 considered here, the difference amounts to about 5%. Also, the eigenvalues with shear
flexibility are smaller because the system is more flexible. For r,/h ~ 50 the difference between
the analytical and FE model is neglectable. In Figure[s.4Jthe eigenmodes for the analytical solution
and two FE solutions are shown. It is clear that the eigenmodes are not as much effected by a small
ratio of r,/h as the eigenvalues.

17 .
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fFE/fanalyt
I
o
T
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Figure 5.3.: Ratio of the analytical and numerical eigenfrequencies for a varying ratio of r, /h. Plate bending stiffness
D and the ratio r,/r; are held constant.
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Figure 5.4.: Eigenmode U(r) of the analytical solution and the FE solution with r,/h = 8.1 and r,/h = 100. Plate
bending stiffness D and the ratio r,/r; are held constant.
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5.3. MBS simulation

5.3.1. Modelling

Due to the contact formulation in the analytical solution essential to model disc-brake squeal, the
MBS model is set up similarly. The flexible disc is represented by a disc made out of two dimen-
sional shell elements. The mesh is at the mid surface of the disc. This flexible body is preprocessed
with the FE code ABAQUS, details of the mesh are described in The centre node of the disc
is fixed to the inertial system with a constant rotation in z direction. The purpose of this model
is to recreate the analytical solution, therefore, only the two eigenmodes with three nodal diame-
ters (cf. [16]) are used as flexible modes for the disc. The corresponding eigenfrequency for those
modes is 1672.13 Hz. For further investigations more modes can easily be added to the model. The
disc is rotating with respect to the brake-pad axis. Therefore, it is not possible to use one attach-
ment point to model the contact planes as the points rotate. Instead this is done by using a contact
element in SIMPACK that allows to calculate a line-to-line contact. The calculated contact point
represents the intersection of the brake pad axis with the mid surface of the disc. This is possible,
because points on the mid surface only move in z direction. Therefore, the contact point is always
on a circle with radius r on the disc, and the attachment points can be modelled accordingly. The
force that acts on the disc is then divided and applied to the attachment points near the contact
point. The orientation of the marker used in SIMPACK to represent the contact point is always
orthogonal on the mid surface of the disc. A body with neglectable mass properties is constrained
to the contact point and represents an extension to the disc in order to define the contact planes.
This is shown in Figure With the contact planes now defined, the rest of the model is built
up the same way as the rigid-disc model. One difference is that no marker with zero relative ve-
locity is inserted, as contact markers in SIMPACK have zero relative velocity towards the body
on which they are defined. Therefore the velocities used to calculate the friction force are as if
the disc extension would be fixed to the disc. Figure[5.6/shows the topology build-up of the MBS
model.

contact marker

[

Figure 5.5.: Contact formulation on the flexible disc.
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Figure 5.6.: Topology of the MBS flexible-disc model in SIMPACK.

5.3.2. FE mesh for the disc

Forces act on the disc at the radius ry and the contact element interpolates a contact point between
master nodes. Therefore, master nodes are placed on a circle with radius ry. Since the main
mode of interest has 3 nodal diameters, 60 masters are chosen because for the desired accuracy
20 masters are enough to interpolate one wavelength. To accomplish this, the circular ring on
the outside is split up into 60 pieces. This modelling approach is shown in Figure 5.7, One more
master node at the centre of the disc is added to fix the disc in the MBS model. This node is
kinematically coupled with the nodes on the inner radius r;.

The model is meshed with ABAQUS CAE and a quad-dominated mesh using 8 node rectangular
element S8R and the 6 node triangular element STRI65. Second order elements were chosen to
improve accuracy, locking and hourglass properties. Another advantage is that the S8R elements
have 6 DOF per node and, therefore, do not require kinematical coupling of the master node
rotation normal to the disc, which reduces the complexity of the mesh. The elements used are
thick shell elements with shear flexibility, which represents a MINDLIN-REISSNER plate that is an
extension to the KIRCHHOFF plate used in the analytical solution. The impact of this discrepancy
is discussed in Section The final mesh is shown in Figure it consists of 12120 nodes, 3909
rectangular and 91 triangular elements.

5.3.3. Eigenvalues

The analytical and MBS eigenvalues of the rigid-disc model are in good agreement. Yet the results
in SIMPACK for the flexible disc are completely different from the analytical solution. This is
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because the eigenvalues in SIMPACK only show the expected results if the gradient of all state
variables is zero. This is not the case in the flexible-disc model as well as in the rigid-disc model.
If all bodies have the same reference system, the results are to some extent as expected. For the
rigid-disc model this is the case. On the other hand, the flexible disc is described relative to
the body reference frame and the results of the eigenvalue analysis do not have a direct physical
interpretation [17].

5.3.4. Transient analysis

Since the model is not suited for an eigenvalue analysis, transient studies of the flexible-disc model
are carried out. To obtain a non-zero dynamic response, the flexible position states of both modes
are given an imperfection which responds to an initial displacement of the brake pads zp = 6.8 -
108 m. Different analyses are run with varying angular velocities Qg of the disc and the transient
solution is analysed. To simplify the figures, the following plots only show the wrapping curve,
see Figure[5.9} of the transient results. Figure[s.10|shows the vertical velocity zp of the brake pads
over time for different values of Q.

It can be seen that until Qg is 477 s™! the system is stable, from 4.27r s} on the response does
not decay any more and increases with time. For higher values of Q) it is clearly visible that the
velocity increases exponentially, at least for the time interval shown in the plot. Those observa-
tions coincide well with the analytical predictions for the linear system in Section 5.1 where the
instability occurs at 4.2697 571

For the general analysis of the system and especially for the concluding acoustic analysis, it is
important to know weather if the transient behaviour of the system has a limit cycle. The long
time solution for zp and Qg 677s~! is shown in Figure Up until around 3s the pad velocity zp
increases exponentially, as a linear system would for all times. From 3s to 4.5s the slope decreases
and from about 4.5s on the result has reached the limit cycle. Figure shows the limit cycle
of zp in detail. The pads oscillate with a single frequency of 1696 Hz, which is slightly above the
natural frequency of the disc.

response

Figure 5.9.: The thin curve is the full time response for a state variable of the system, the thick curve is the wrapping
curve used in the following plots.
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Figure 5.10.: Transient responses of the pad velocity zp for different values of Q¢. Only the upper wrapping curve, see
Figure is shown. Note the different scales on the ordinates and the different time units in the first two plots.
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Figure 5.11.: Transient responses of the pad velocity zp for Qg = 65", (a) shows the upper wrapping curve, see Figure
(b) shows the limit cycle in detail.

5.4. Acoustic simulation

The results in this section are obtained with support from the Measurement and Actuator group
of the Institute of Mechanics and Mechatronics at the Vienna University of Technology. With the
research code CFS++, an acoustic simulation is performed. The aim of this simulation is a rather
qualitative than quantitative solution for the acoustic field surrounding the vibrating brake disc.
The only mechanical domain is the brake disc, other elements such as the brake pads and sus-
pension of the brake system are not modelled. The disc is placed in the middle of a cubic air
region with an edge length of 1.2 m. Two virtual microphones are added in order to evaluate the
sound response. The setup is shown in Figure One-way coupling between the mechanical
and acoustic field is assumed, with continuous normal velocities at the surface of the disc. The
field variable calculated is the acoustic potential ¥ [18]]. Results for the normal velocity are taken
from the MBS simulation and applied to the boundary interfaces with the air, whereat the rotating
eigenmodes from the MBS simulation have to be transferred to non-rotating modes in order to
receive the normal velocities for a fixed surface of the disc. Only the limit cycle is simulated with
a step time of 5 - 107> s, which corresponds to 10 steps over a period and 600 transient steps are
calculated. For this particular system a harmonic simulation could also be performed.

5.4.1. FE model

The acoustic mesh is created with ANSYS. In order to get a somewhat structured mesh, the air
region is split into several parts, as shown in Figure[5.13] Since the air region is of finite dimen-
sions, the acoustic waves have to be absorbed at the boundaries. For the current simulation this is
realised with a perfectly matched layer (PML) region outside of the air region (PML). This region is
meshed with structured hexahedral (quadratic cubic) elements. The region AIR 1 is also meshed
with structured hexahedral elements, but with a different size. DISC is the mesh on the boundary
surfaces of the disc, the relevant mesh is shown in Figure[5.14a] Regions AIR_2 and AIR_3 are the
transition regions between DISC and AIR 1 and AIR 1 and PML, respectively. They are meshed
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Figure 5.12.: Model setup used for the acoustic simulation.

Figure 5.13.: Structuring of the FE model for the acoustic mesh, shown without the fourth octant.
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with a hybrid quadratic mesh. This gives a final mesh with about 700,000 elements and 1.7 million
nodes. A cut through the final mesh is shown in Figure[5.14b] At the nodesMIC_1and MIC_2, the
acoustic pressure is evaluated for Figure[5.16] The acoustic mesh for the disc is different from the
mesh used in the MBS analysis, the normal velocity is therefore interpolated from the MBS mesh
to the acoustic mesh at each time step.

(a) (b)

Figure 5.14.: (a) Acoustic mesh of the disc. (b) Final acoustic mesh of the FE model, shown without the grid of the
fourth octant (note that the used post-processing software ParaView has issues with displaying quadratic elements).

5.4.2. Results

In this section the time derivative of the acoustic potential dy/dt or the acoustic pressure p’ are
discussed. The relation between them is

'Y
P'=po, (5.11)

where py is the density of air. Figure(s.15{shows iso-surfaces of the time derivative of the acoustic
potential /0t for a steady state. In the x — y plane there is almost no acoustic pressure, because
the waves from the top and bottom surface of the disc cancel each other out. It can be clearly seen
that from the minima/maxima of the disc deformations sound waves emit. Figure shows
the fast FOURIER transform (FFT) of the acoustic potential at the virtual microphones. For the
FFT, the transient state at the beginning of the analysis is omitted. For both microphones a peak
around 1700 Hz can be clearly seen, which is in good agreement with the vibrations observed in
the MBS simulation. The amplitude of the acoustic pressure is about 230 and 380 Pa at MIC 1
and MIC_2, respectively. A well known measurement for sound is the sound pressure level (SPL),
defined by

L, =20log,, 4 , (5.12)

ref
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with pres = 20 uPa [18]. The unit of SPL is dB. For the two microphones the SPL is 141 and
145 dB, which is in the range of a gunshot in the distance of 1m. A more realistic value for the
acoustic pressure of brake squeal would be in the single digits, which corresponds to a SPL in
the range of 100. The reason for the high values of the acoustic pressure are the simplifications
considered in the MBS model of the disc: The flexible disc does not have any damping, which
combined with an excitation close to a natural frequency leads to large amplitudes. Furthermore,
the only non-linearities included in the model are the friction forces. For example, the spring
forces could also be modelled non-linear with a stiffening character as done in [19]], which would
also lead to smaller amplitudes. Nonetheless, the type of response from the brake disc including
structural damping is similar; therefore, the result of the acoustic simulation can be considered
to be qualitatively correct.
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Figure 5.16.: FFT of the acoustic pressure at the virtual microphones.
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6. Conclusion and outlook

In this work, the suitability of multi-body systems (MBS) to model disc-brake squeal is investi-
gated. It is shown that the commercial MBS software SIMPACK is able to map the mechanism
used in the rigid- and flexible-disc model from [z, 4] to represent disc-brake squeal in respec-
tive minimal models. Those two models are able to model disc-brake squeal without effects such
as stick-slick or a velocity dependent coeflicient of friction, using only the follower-force char-
acteristics of the friction forces. Both models use point contact between the brake pad and the
brake disc. The friction and normal forces are the only sources of instability; therefore, a cor-
rect and consistent contact model is the most important part of the modelling. In SIMPACK the
contact geometry is modelled by using basic geometrical relations rather than complex contact
algorithms. This ensures that the contact geometry is exactly as in the analytical models. With
the used contact model the analytical results of the eigenvalues for the rigid-disc model can be
reproduced in SIMPACK. For the flexible-disc model the disc is represented by a finite-element
(FE) model which is generated using the commercial FE code ABAQUS. In order to get the point
on the mid surface where the brake forces act on the flexible disc, a SIMPACK contact element
is used, but the contact description for the contact between the brake pads and the disc is the
same as for the rigid-disc model. It turns out that eigenvalue analysis of moving flexible bodies
in SIMPACK mostly leads to wrong results due to the intern algorithms. Hence, the flexible disc
is given an imperfection and a transient analysis is performed. By doing so, results similar to the
analytical model are obtained.

The models generated in SIMPACK represent the analytical models. The advantage of the mod-
elling in MBS is that those models can be extended to more complex systems with reasonable
effort. A future step is to extend the minimal model. For example, the suspensions of the brake
disc and brake pads could be included in order to represent a more realistic brake system. The
extension of the point contact to a full surface-to-surface contact seems unrealistic because it is
questionable that the used contact algorithms are able to represent the contact in a sufficient way
for the self-excited vibrations to occur [1] - surface-to-surface contact might be more suited for a
respective FE analysis. A more promising MBS approach is to discretise the contact surface with
a grid of point contacts as used in this thesis. This ensures the correct contact description and
gives a more realistic model of the brake system.

In order to include the flexible disc into SIMPACK the disc is modelled with FE and then pro-
cessed into a MBS suitable form. The detailed steps from a FE model to a flexible body in MBS
are stated. It is shown that the FE model of a mechanical structure only needs to be reduced once
and can be used for different boundary conditions. Therefore, the user can test various boundary
conditions in the MBS analysis without having to redo the computationally expensive FE reduc-
tion, only mode shifting and the subsequent procedures in the MBS preprocessing have to be
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recalculated, but due to the small system this is computationally fast. Based on the modes used in
the FE reduction, the MBS preprocessing generates suitable coordinate transformations to calcu-
late constrained modes that represent the physical eigenmodes of the constrained structure. The
user can decide which modes to use in the final analysis. This should be done with caution as
the computational time increases with the number of modes, but skipping relevant modes might
lead to dissatisfying results. Especially if stresses are analysed, frequency response modes (FRM)
should be used as they improve the solution dramatically compared to adding additional eigen-
modes. If all available modes of the CRAIG-BaMPTON method are used, the only way to improve
the solution is to redo the FE reduction with more CRAIG-BAMPTON modes.

Conclusively the results of the MBS simulation of the flexible disc are used to carry out an acoustic
FE simulation. It is shown that the sound waves emitted by the disc can be simulated. With
further advanced MBS models and a more realistic acoustic simulation setup this approach seems
promising. In doing so, the actual acoustic response of brake squeal can be simulated in the early
development stages of a brake system, and measures can be taken in order to reduce the perceived
noise of the squeal.
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A. SIMPACK

The software package SIMPACK is used to model the MBS presented in this thesis. This chapter
is a short explanation of the framework and terminology used in SIMPACK. Figure|A.1shows the
notation for displacements and rotations in three dimensions used in SIMPACK. A SIMPACK
model consists of bodies that interact with each other. Markers are coordinate systems that can
be defined on any body. Table[A.1/shows the symbols used for the described SIMPACK elements.
The arrow denotes which is the from and which is the to marker. The directions given for the
elements refer to the from marker. The described SIMPACK elements always connect one marker
to another. Each non-flexible body has six DOF and one joint element. The joint element defines
the minimal coordinates for the body and restricts its movement. Each body has exactly one joint
and it has to be defined. For example, a computer mouse would have a planar joint restricting
the movement normal to the surface and only allowing rotation perpendicular to the surface.
This joint would be written as Jy ) ., where the indices refer to the remaining DOE. The joint of
a body can only be linked to one other body or the inertial system. Bodies can be coupled to
other bodies with force and constraint elements. Constraint elements restrict the movement of a
body compared to another body or the inertial system. The joint used for the computer mouse
could also be modelled with a constraint restricting the movement in z direction and the rotation
in x and y direction. This would be written as C; 4 g, where the indices refer to the constrained
DOE. Force elements do not restrict movement, they apply force on bodies such as spring forces,
damper forces, friction forces, external loads, etc. A force element is written as J ,, ; 4 g,, Where
the indices refer to the directions in which a force acts.

"
z B

Figure A.1.: Notation for displacements and rotations used in SIMPACK.

Table A.1.: Symbols for SIMPACK modelling elements.

Symbol identifier = SIMPACK element

Jx’y>z>“;,8,}’
_Hl_ cx,y,z,a,ﬁ,y constraint
PO Fxyzapy force

joint
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B. Transformation of coordinates

Let the equations of motion for a system be
MG+ Cq+Kq=H1, (B.1)
where q is the state vector. A new set of state variables q is introduced, with the relation
q=Qq, (B.2)

where Q is a constant transformation matrix. Now Equation (B.1) is multiplied with the trans-
posed virtual state vector 8q" from the left side

8q" M+ 8qTCq+ 6q Kq = 8q"f. (B.3)
Equation inserted into (B.3) yields
04" Q"™MQGq+ 83" Q"cQq+ 03" Q"KQq = 63" Q'f. (B.4)

Every entry of §q can be chosen individually and therefore the scalar Equation (B.4) is equivalent
with the vector equation

Q'™MQ3+Q"CQq+Q'KQq = Q'f. (B.s)

This can be written as ]
Mq+Cq+Kq=f, (B.6)

with the transformed system matrices and force vector

M=Q"™MQ (B.7)
C=Q%cqQ (B.8)
K=Q'KQ (B.9)

f=Q'f. (B.10)

is the transformed equation of motion. If Q is invertible, the transformed system is equiva-
lent to the original one. For a non-invertible transformation matrix, the transformed system only
gives an approximation of the full system. A good choice of the transformation matrix for the
given system gives an approximation close to the real solution.
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