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Abstract

The objective of this work is to develop new heat transfer coefficient and pressure drop co-
efficient correlations for a heat exchanger with different numbers of consecutively arranged
U-shaped finned-tubes in staggered layout, to characterize the global behavior at the gas-side
(The overall heat transfer coefficients are averaged values across the entire fin surface of each
tube (fin efficiency) as well as above all tubes within the bundle (average mean between in-
let and outlet)). The experimental investigations at a semi-industrial scale test facility, at the
Institute for Thermodynamics and Energy Conversion, were performed at different finned-
tube bundle configurations. The tube bundles were arranged at equal transverse pitch, and
in case of up to eight consecutively arranged tubes, with equal longitudinal pitch in stag-
gered formation. Thus, a maximum total number of 88 tubes at different configurations was
investigated. The Reynolds-Number was varied in the range between 4500 and 35000. The
measurements were accomplished at the gas-side and at the water-side. The scope of a subse-
quently performed measurement validation should be addressed to fulfill the energy balance
of the used system boundaries. The experimental setup, the measurement technique, and the
measurement uncertainties are presented. As a result of measurements at different tube row
configurations, a row correction factor for the heat transfer from the finned-tubes was derived.
The average mean heat transfer seems to increase degresively from row to row. A compari-
son of the developed heat transfer and pressure drop correlations with available literature is
presented.

A three dimensional steady state numerical analysis of fluid flow and heat transfer across a
tube row with a periodic array of solid and segmented fins was performed. For this reason,
five different models of a single row finned-tube heat exchanger, with solid and segmented
circular and helical I/U-shaped fins, were developed. The thermal field has been examined
for convective transport phenomena. The effect of the parametrically varied Reynolds-number
to the Nusselt-number was analyzed. Especially the difference between solid and serrated fins
as well as the influence at the fin surface between two adjacent fins of I-shape and U-shape
was analyzed. Apart from the application of a k-ε turbulence model, for modeling turbu-
lence, a renomalization group theory (RNG) based on a k-ε turbulence model was applied to
resolve near wall treatment between the adjacent fins. It is intended to verify the results of
the CFD-calculations within the computational model boundaries with those calculated from
the measurements at the test rig, to draw any conclusions from global to local effects of con-
jugated heat transfer and fluid flow. Therefore, at the gas-side of the test rig, a flow rectifier
and an inflow channel should provide the same inlet conditions and the investigation of an
array of finned-tubes represents the periodic boundaries as in the computational domain of
the simulation.

A comparison of the proposed equation for the Nusselt number with the simulation as well
as most measurement results are found to be accurate within about ±15%; for the equation of
the pressure drop coefficient an uncertainty of ±20% may be found. A performance evaluation
criterion for single-phase flows was applied to characterize the effectivity of the various finned-
tube bundles (solid/segmented I/U-shaped). The result of the comparison of heat transfer
data from measurements, performed on a single U-segmented finned-tube row in cross-flow
with a semi-tube installed at the channel wall, and the corresponding CFD calculations is
found to be in excellent agreement, with only a small deviation. A qualitative and quantitative
pressure drop coefficient comparison of the experiment at 8 tube rows (evaluated for a single
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tube row) with the CFD-calculation shows good agreement especially in the Re-range of about
6000 ≤ Re ≤ 20000. At higher Reynolds numbers than 20000 up to 50000, a diverging effect
was observed.

Some local effects may be indicated in the course of the investigation. The boundary layer
thickness at the finned surface decreases with an increasing Reynolds number and it may be
concluded that the heat transfer declines with increasing boundary layer thickness. As a result
of an adverse pressure gradient, horseshoe vortex systems developed. As the investigations
of the local velocity distribution indicate, no considerable difference between the segmented
I-shaped fin compared to the U-shaped fin may be observed. In the course of the parameter
study temperature profiles across the finned surface, circumferentially and radially averaged
heat transfer coefficients across the finned surface were analyzed.

These studies, especially comparisons between measurement results at global performance
and numerical investigations of local heat transfer behavior in a single finned-tube row, will
provide further knowledge of the local thermal field and convective transport phenomena and
will give a more complete understanding of the performance behavior.
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Kurzfassung

Das Ziel der vorliegenden Arbeit ist die Entwicklung neuartiger Korrelationen zur Berech-
nung des gasseitigen Wärmeübergangskoeffizienten sowie des Druckverlustkoeffizienten für
Wärmeübertrager unterschiedlicher Bauart mit verschiedener Anzahl hintereinander angeord-
neter Rohrreihen von U-geformeten segmentierten Rippenrohren in versetzter Anordnung,
um das globale Verhalten auf der Gasseite zu charakterisieren (Dabei sind die Wärmeüber-
gangskoeffizienten Mittelwerte über die Rippenoberfläche jedes Rohres (Rippenwirkungsgrad)
sowie Mittelwerte über alle Rohre innerhalb des betrachteten Rohrbündels (mittlerer Wert
zwischen Einlass und Auslass)). Die experimentellen Untersuchungen wurden an einem halb-
industriellen Prüfstand des Institutes für Thermodynamik und Energiewandlung an Rippen-
rohrbündeln unterschiedlicher Konfiguration durchgeführt. Dabei wurden die Rohrbündel bei
gleicher Querteilung und im Falle von bis zu acht hintereinander angeordneten Rohrreihen
in versetzter Anordnung mit gleicher Längsteilung untersucht. Somit wurde eine maximale
Rohranzahl von 88 Rohren experimentell vermessen. Die Reynolds-Zahl wurde dabei im Be-
reich von 4500 bis 35000 verändert. Alle Messungen wurden auf der Gasseite und der Wasser-
seite durchgeführt. Eine im Anschluss an die Messung durchgeführte Messdatenvalidierung
hatte zum Ziel die Energiebilanz zwischen den betrachteten Systemgrenzen zu schließen. Die
Versuchsanlage, die Messtechnik und die Messunsicherheitsberechnung sind in der vorliegen-
den Arbeit präsentiert. Als Ergebnis der Messungen an unterschiedlichen Rohrreihen wurde
ein Abminderungsfaktor des Wärmeübergangskoeffzienten an Rippenrohren hergeleitet. Der
mittlere Wärmeübergang steigt dabei scheinbar von Rohrreihe zu Rohrreihe degresiv an. Ein
Vergleich der entwickelten Wärmeübergangs- und Druckverlustkorrelationen mit der Literatur
wird präsentiert.

Eine drei-dimensionale stationäre numerische Berechnung der Strömung und des Wärme-
übergangs über eine Rohrreihe mit einer periodischen Anordnung von glatten und segmen-
tierten Rippen wurde durchgeführt. Zu diesem Zweck wurden fünf unterschiedliche Modelle
von einem Wärmeübertrager einer Einzelrohrreihe mit glatten und segmentierten kreisför-
migen und verschraubten I/U-geformten Rippen entwickelt. Das thermische Strömungsfeld
wurde auf konvektive Transportphänomene untersucht. Der Einfluss der parametrisch verän-
derten Reynolds-Zahl auf die Nusselt-Zahl wurde analysiert. Speziell der Unterschied zwis-
chen glatten und segmentierten Rippen, sowie der Einfluss auf die Rippenoberfläche zwischen
zwei gegenüberliegenden Rippen mit I-Form und U-Form wurde untersucht. Neben dem k-ε
Modell zur Turbulenzmodellierung, wurde das auf diesem basierende renomalization group
theory (RNG) k-ε Turbulenzmodell angewandt, um wandnahe Effekte zwischen den Rippen-
schneiden zu berechnen. In dieser Arbeit sollen die Ergebnisse der CFD-Berechnung innerhalb
der vorgegebenen Berechnungsgrenzen mit den berechneten Messwerten des Experiments an
der Versuchsanlage verifiziert werden, um etwaige Rückschlüsse von globalem auf lokales Ver-
halten eines konjugierten Wärmeübergangs- und Strömungproblemes zu erhalten. Zu diesem
Zweck sind an der Gasseite der Versuchsanlage Strömungsgleichrichter sowie eine Beruhi-
gungsstrecke angeordnet, um die gleichen Einlassbedingungen wie in der Berechnung zu
simulieren. Die Untersuchungen an einem Rohrbündel sollen das periodische Verhalten in
der Simulationsrechunng abbilden.

Ein Vergleich der vorgeschlagenen Berechnungsgleichung für die Nussel-Zahl mit der Simu-
lationsrechnung sowie den meisten Messwerten zeigt, daß eine Genaugikeitsgrenze von etwa
±15% eingehalten werden kann, für die Gleichung des Druckverlustkoeffizienten wurde eine
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Unsicherheit von ±20% ermittelt. Ein Performance-Evaluierungskriterium für Einphasenströ-
mungen wurde angewandt um das Leistungsverhalten von verschiedenen Rippenrohrbündeln
(glatt/segmentiert I/U-Form) zu bewerten. Die Ergebnisse des Vergleichs vom berechneten
Wärmeübergang aus den Messwerten, ermittelt an einer querangeströmten U-segmentierten
Einzelrohrreihe mit Halbrohr installiert an der Kanalwand, sowie den dazugehörigen Simula-
tionsrechnungen mit CFD zeigen eine sehr gute Übereinstimmung mit geringer Abweichung.
Ein qualitativer sowie quantitativer Druckverlustkoeffizient-Vergleich zwischen Experiment an
8 Rohrreihen (ermittelt für eine Einzelrohrreihe) und der CFD-Berechnung zeigt gute Überein-
stimmung, speziell im Re-Bereich von etwa 6000 ≤ Re ≤ 20000. Bei größeren Reynolds Zahlen
als 20000 bis zu 50000 wurde abweichendes Verhalten beobachtet.

Auf einige lokale Effekte könnte im Zuge der Untersuchungen hingedeutet werden. Die
Grenzschichtdicke an der Rippenoberfläche verkleinert sich mit steigender Reynolds-Zahl,
wodurch darauf geschlossen werden könnte, daß der Wärmeübergang mit wachsender Grenz-
schichtdicke abnimmt. Die Ausbildung von Hufeisenwirbelsystemen wurde als Ergebnis eines
negativen Druckgradienten beobachtet. Die Untersuchungen von lokalen Geschwindigkeits-
verteilungen deuten darauf hin, daß keine beachtlichen Unterschiede zwischen segmentierten
I-geformten und U-geformten Rippen beobachtet werden konnten. Im Zuge der Parameterstu-
dien wurden Temperaturprofile über die Rippenoberflächen und umfangsmässig sowie radial
gemittelte Wärmeübergangskoeffizienten über die Rippenoberflächen analysiert.

Diese Untersuchungen, speziell der Vergleich zwischen Messergebnissen bei globaler Be-
trachtung und numerischer Simulationsrechnungen bei lokaler Berachtung des Wärmeüber-
gangs an einer Einzelrohrreihe, haben zum Ziel, weitere Erkenntnisse im Bereich von konvek-
tivem Strömungstransport sowie thermischen Effekten zu liefern, um ein besseres Vertändnis
des Leistungsverhaltens zu erlangen.
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Notation

English Symbols

Symbol Unit Definition
~A – Dimensional matrix
~Ai m2 Cell Surface area
a m Fin spacing a = t− s
A m2 Overall heat transfer surface area
ACh m2 Cross-section of the flow channel
A f m2 Surface area of the fin face
A f f m2 Surface area of the projected fin face
Al f m2 Surface area of the segment lateral face
AR m2 Surface area of the bare tube without fins
As m2 Surface area of the total face enlargement of the fin
As f f m2 Surface area of the total face enlargement of the projected fin face
Ast f m2 Surface area of the total face enlargement of the projected tip face
At f m2 Surface area of the segment tip face
Atot m2 Total outside surface area of the finned-tube bundle
Atube m2 Bare tube surface area part of the finned-tube bundle
B m Flow channel width
b0..4 – Coefficient
bs m Average segment width
C f – Volume flow number
C1..C6 – Factors/Functions according to ESCOATM

CNR – Fitting function to mean average row correction factor
cp J/kgK Specific heat capacity at constant pressure
cv J/kgK Specific heat capacity at constant volume
C1, C, Ch,
Cs, Ct

– Constant in power law on geometric parameters and tube bundle
arrangement

D m Total outside diameter
da,d m Bare tube diameter
DCh m Hydraulic diameter of flow channel
(continued)
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Symbol Unit Definition
DH m Hydraulic diameter
di m Internal bare tube diameter
dnz m Nozzle diameter
dVent m Inner diameter of Venturi
DVent m Outer diameter of Venturi
e % Relative deviation
eF % Relative error
e J/kg Specific internal Energy
F – Corrected value, determined function
F0 – Uncorrected value
fi – Measured value
Fmin m2 Minimum net free area of tube row
f – Measured value
f f – Fanning friction factor
G (ν) – Fitting function
h J/kg Specific enthalpy
h m Average fin height
H m Flow channel height
h(V) – Side condition
hb m Fin height minus hs

hred1 m Reduced fin height for the radial part with the segment
hred2 m Reduced fin height for the radial part without the segment
hs m Average segment height
I0(mr),
K0(mr)

– Modified 0.order Bessel functions of imaginary argument

I1(mr),
K1(mr)

– Modified 1.order Bessel functions of imaginary argument

k W/m2K Overall heat transfer coefficient
k m2/s2 Turbulent kinetic energy
k1..10 – Unknown exponents
KNR – Row correction factor
l m Turbulence length scale
L m Flow channel length within the test section
L m Diagonal pitch
Lt m Average tube length
LMTD K Logarithmic mean temperature difference
ṁ kg/s Mass flow
m 1/m Fin parameter
m, n – Exponent in power law on geometric parameters, fluid flow
(continued)



Symbol Unit Definition
M1..6 – Measurement values
m1 1/m Parameter for the fin efficiency with segment
m2 1/m Parameter for the fin efficiency without segment
Ni % Number of measurands
NL – Number of tubes per row
n – Measurands
nR 1/m Number of fins per m
nr – Number of fins
NR – Number of tubes in flow-direction
ns – Number of segments
o – Exponent related to fin height influence function
O () – Fin height influence function
p – Exponent related to fin thickness influence function
p N/m2 Pressure
P W Pumping power
P () – Fin thickness influence function
ps N/m2 Static pressure
pstat1 N/m2 Static pressure of gas at the channel wall
pstat2 N/m2 Static pressure of gas in the channel center
pt N/m2 Total pressure
ptotal N/m2 Total pressure of gas in the channel center
pw N/m2 Pressure of water
q – Exponent related to fin pitch influence function
q̇ W/m2 Heat flux
Q̇ W Heat transfer rate
Q () – Fin pitch influence function
R – Strain-dependent correction
R J/kgK Gas constant
r m Radius
ra m Radius at the fin tip
rab m Radius at the fin base of the solid part of the fin
rat m Radius at the fin tip of the solid part of the fin
ri m Radius at the fin base
rsb m Radius at the fin base of the segmented part of the fin
rst m Radius at the fin tip of the segmented part of the fin
s m Average fin thickness
sij Strain-rate tensor
st m Tube thickness
t – Exponent in power law on geometric parameters
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Symbol Unit Definition
T K Temperature
t m Fin pitch
T+ – Non-dimensional, sublayer scaled, temperature
Tb K Boundary layer temperature
Ti K Temperature at the fin base
tij Viscous stress tensor
tl m Longitudinal tube pitch
tq m Transversal tube pitch
Ts K Average fin temperature according to ESCOATM

Tsat K Saturation temperature of water
Tu % Turbulent intensity
u – Exponent related to min. net free area influence function
u m/s Velocity component in x-direction
u′ m/s Fluctuating velocity components in x, y, z-directions
U m Circumference
U+ – Non-dimensional, sublayer scaled, velocity
uτ m/s Friction velocity
ua m/s Velocity of air
uE m/s Velocity in the net free area of a tube row
uw m/s Velocity of water
v – Exponent related to longitudinal pitch influence function
v m/s Velocity component in y-direction
v m3/kg Specific volume
V1..6 – Corrected measurement values
V̇w Nm3/h Volume flow of water
w – Exponent related to transversal pitch influence function
w m/s Velocity component in z-direction
x, y, z – Rectangular Cartesian coordinates
xb m Distance of bottom flow channel wall and finned-tube
xt m Distance of top flow channel wall and finned-tube
y+ – Non-dimensional, sublayer scaled, wall-distance
z – Number of consecutive arranged equal crossings
Z – Constant in power law on geometric parameters
∏ – Dimensionless product



Greek Symbols

Symbol Unit Definition
α, α0 – Inverse Prandtl number
α W/m2K Heat transfer coefficient apparent
α∞ W/m2K Heat transfer coefficient at 8 or more tube rows
α0 W/m2K Heat transfer coefficient external current
ᾱ W/m2K Integral mean heat transfer coefficient
β – Diameter ratio
γ deg Displacement angle of tubes
δ fi – Unknown systematic errors
∆p N/m2 Pressure difference
∆pρ N/m2 Pressure difference considering the density variation
δ m Boundary layer thickness
δij – Kronecker delta
ε – Expansion number
ε m2/s3 Turbulent dissipation rate
ηr – Fin efficiency
ηr1 – Fin efficiency for the radian part with the segment
ηr2 – Fin efficiency for the radian part without the segment
κ – Kármán’s constant
λ – Relative surface roughness
λ W/mK Thermal conductivity
λ1..6 – Lagrange multiplier
λe f f W/mK Effective thermal conductivity
λ f W/mK Thermal conductivity of fin
λt W/mK Thermal conductivity of tube
λt W/mK Turbulent thermal conductivity
µ kg/ms Dynamic viscosity
µt kg/ms Turbulent or eddy viscosity
µe f f kg/ms Effective viscosity
ν m2/s Kinematic viscosity
ν1..6 – Correction factors
φ – Relative humidity of air
ϕ deg Angle
ρ kg/m3 Density
ρs kg/m3 Density of steel
σM1..6 – Co-variances
τij N/m2 Reynolds stress tensor
τw N/m2 Wall shear stress
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Symbol Unit Definition
Θ deg Angle of attack
Θ – Correction factor
ϑ ℃ Temperature
ξ – Pressure drop coefficient
ξ1 – Pressure drop coefficient at the flow channel wall
ξ2 – Pressure drop coefficient in the flow channel center
Ξ K Temperature difference

Subscripts

Symbol Definition
− Outlet (pressure)
+ Inlet (pressure)
0 Characteristic length at da

1 Inlet
1 Tube row number
1R Single Tube Row
2 Outlet
8 Tube row number
a Air
a Outside
AC Alternate Current
ab Fin base of the solid part of the fin
AD Analog/digital
at Fin tip of the solid part of the fin
b Calculation condition
baro Barometer
C Counter flow
c Converted
Ch, Cs, Ct Constants in power law on geometric parameters
CC Counter cross-flow
CFD Computational fluid dynamics
Ch Channel
Corr Correlation
Cs Carbon steel
E Net free area of a row
ESCOATM Extended Surface Corporation of America
exp Experiment
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Symbol Definition
f Fin
f Fixed, Constant
FDBR Fachverband Dampfkessel-, Behälter- und Rohrleitungsbau
FT Finned-tube bundle
g Gas
g f Gas fixed
gm Gas average between inlet and outlet
h Hydraulic
HE Heat exchanger
HEDH Heat Exchanger Design Handbook
hy Hyperbola
i Internal
I Shape of fin
I − f in1 Modeled I-shaped fin with coarse grid
I − f in2 Modeled I-shaped fin with fine grid
in Inlet
I − seg I-shaped segmented
l Loss
lam Laminar
m Average mean
max Maximum
meas Measured
min Minimum
ng Natural gas
num Numerical
p1, p2 Measurement positions
PEC Performance evaluation criterion
po Power(a,b,c)
R Tube Row
r, f Fin
RANS Reynolds-averaged Navier Stokes
red Reduced
redun Redundant
RG Flue gas
RNG Renomalization group theory
RTD Resistance temperature detector
s I-shaped segmented finned-tube
sat Saturation
sb Fin base of the segmented part of the fin
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Symbol Definition
seg Segmented
s f Fin fixed
simul Simulation
sol Solid
SST Shear stress transport
st Fin tip of the segmented part of the fin
stat Static
STR, 1S TR Tube row with semi tube installed
sur f Surface
t Tube
tot Total
TR Tube row
turb Turbulent
U Shape of fin
U − seg U-shaped segmented
Vent Venturi
w Water
X Cross-flow

Dimensionless Numbers

Symbol Definition
Eu Euler number
j Colburn factor
Nu Nusselt number
Pe Péclet number
Pr Prandtl number
Re Reynolds number
St Stanton number



1. Introduction

Each individual fact, taken by itself, can in-
deed arouse our curiosity or our astonish-
ment, or be useful to us in its practical ap-
plications.

Hermann von Helmholtz

?

1.1. Background and Motivation

A contribution to sustainability requires a decrease of the production of anthropogenic
CO2. This may be accomplished by the reduction of primary energy sources, which in
terms calls for an improvement of the efficiency of steam generators or heat recovery
steam generators (HRSG) utilized in thermal power plants. These HRSGs may be ap-
plied in combined power cycles and are located downstream of a gas turbine. Modern
gas turbines are highly flexible in their mode of operation, e.g. concerning rates of
start up, load changes, and shutdown, thus HRSG are forced to ensure non-restrictive
operation. It is a well known fact that the heat transfer coefficient α0 at the gas-side
of gas/water tube heat exchangers, e.g. steam boilers or HRSG, is inherently lower
than the heat transfer coefficient on the inside of the water tubes. For this reason,
extended surfaces (e.g. finned-tubes) are applied to enhance heat transfer. The heat
transfer between flue gas and finned-tube wall has a considerable influence on the
heat flux. Thus, for a compact design, finned-tubes are applied nowadays in HRSG
as bundle heating surfaces. In Figure 1.1 a sketch of a modern vertical type natural
circulation HRSG is presented, where finned-tube bundles are arranged horizontally.
These bundle heating surfaces may be arranged and applied as superheater, evapora-
tor, and economizer in flow direction. Many HRSG are designed with up to 3 different
pressure levels. Many possibilities for improving heat transfer on the gas-side exist.
On the one hand, the heat-transferring surface may be enlarged by an arrangement
of annular/helical fins or other elements. This increase of total tube surface allows
the transfer of a greater amount of heat from hot gas, but the demand for smaller
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1. Introduction

Figure 1.1.: Sketch of a Vertical Type Natural Circulation Heat Recovery Steam Gen-
erator. Printed with Friendly Permission of BERTSCHenergy Kessel- und
Energietechnik Apparatebau, Austria

installation sizes requires higher density package of the tubes. In the case of apply-
ing finned-tubes, this may be achieved by smaller fin pitch with larger fin height. On
the other hand, finned-tubes with segmented fins show a somewhat higher fluid flow
turbulence than those with solid fins since the boundary layer has to be developed
at each individual segment [14]. Staggered arrangement of the tubes in the bundle
also increases heat transfer, but a higher pressure drop is caused by the resistances
in the flow channel. For this reason, an overall optimization of heat exchangers com-
prises also the minimization of the required pumping power with the simultaneous
maximization of the heat transfer rate1.

1.2. State of the Art

As discussed in the following, many experiments at finned-tube bundles in cross-
flow have been accomplished. However, only few results specifically concern helically
segmented fins. As the literature review will show, only a vanishingly small number
of numerical CFD investigations especially concerned this topic, compared to fin and
tube heat exchangers. In this section an overview of published researches in open
literature in the field of average and local heat transfer behavior at circular/helical

1Some material from this Dissertation has been published by WSEAS Copyright © in 2007 and 2008.
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solid and segmented/studded finned-tubes in cross-flow is presented. It is impossible
to seriously group all results of research done so far into considerable categories,
because of the many different effects being investigated in parallel. However, this
literature review is attempted to be globally classified into experimental and numerical
investigations. Additionally, the performance evaluation of selected publications at
realized tube bundles will be covered.

Average and Local Heat Transfer and Pressure Drop Behavior of
Finned-Tubes

Survey of the Experimental Investigations Experimental investigations at circular
and helical solid finned-tubes have been studied extensively in literature. In this
context, the work of Schmidt who investigated experimentally mostly annular solid
finned-tube bundles, may be seen as one of the basic papers, [56]. In the exact ana-
lytical solutions the heat transfer from the fin tip is not considered. He approximated
the participation of the fin tip in heat transfer by increasing the effective fin height
by one-half. As a result of his investigations, Schmidt developed correlations for the
evaluation of the dimensionless heat transfer coefficient at finned-tubes in cross-flow.
The application of the well known Reynolds-analogy, which combines the momen-
tum transfer with the heat transfer, applied at obstacles in cross-flow, indicates that
the number of tubes arranged consecutively as well as the degree of upstream turbu-
lence are of considerable influence to the investigated tube bundle, [56].

Briggs and Young, [5], investigated several finned-tube configurations experimen-
tally. The given heat transfer correlation is based on tubes varying widely with respect
to fin height, fin thickness, fin spacing, and root diameter. These equations can be
used for predicting six-row deep tube banks with solid fins. Additionally, pressure
drop equations at different tube pitch and thus different net free fluid flow area in
a tube row is presented. Contrary to Schmidt, who considered the ratio of the total
outside surface area of the finned-tubes and the smooth-tubes in the power law (basic
heat transfer equation), Briggs and Young developed heat transfer correlations and
pressure drop correlations, including specifically the impact of any geometrical para-
meters, namely fin spacing, fin height, fin thickness, longitudinal and transversal tube
pitch, hydraulic diameter, as well as the viscosity of air.

Rabas and Eckels, [52], investigated seven different high segmented finned-tube
bundle arrangements with varying geometrical parameters at three row deep con-
secutive arranged finned-tubes in cross-flow. They ascertained almost equal results
in heat transfer and pressure drop by comparing equilateral and diamond staggered
tube arrangements. A decrease in heat transfer and pressure drop is evaluated by
comparing staggered with in-line tube layouts. They stated that, compared to solid
fins, the fin height of segmented fins can be greater than the maximum fin height
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because of manufacturing reasons. Such fins are easier to laser-weld due to limited
stretching factors of the materials. An increasing fin height would increase the total
outside surface area and, as a result, the efficiency of the heat exchanger. The gath-
ered results are compared to studded fin tubes and to results obtained from literature,
which are performed at measurements of tubes with segmented fins. The influence
between in-line and staggered tube layout regarding to the pressure drop and heat
transfer as a function of the tube row number is discussed. This effect seems to be
stronger at tube bundles with fewer consecutive arranged tubes and decreases with
increasing tube row number, [52].

Only few publications concerning fin segmentation effects exist. Breber, [4], presents
a review and evaluation of heat transfer and pressure drop predictive methods for
tube bundles with studded fins with aim of a more accurate correlation. The compari-
son includes also equations of ESCOATM (Extended Surface Corporation of America),
Weierman, Worley and Ross, and Mieth. The investigations by Worley and Ross

are performed at tubes with a bare tube diameter of 38.1 mm, 8 row deep tube bundles,
and transversal pitch ratio of 1.87 to 3.2; the gas inlet temperature ranges from 60℃
to 200℃, the water inlet temperature from 10℃ to 55℃. The evaluated correlations,
although accomplished at studded fins but geometrically close to segmented fins, are
very comparative to the finned-tubes in this actual work. Both Mieth, [45], and Weier-
man, [72], investigated segmented finned-tube bundles and developed correlations for
the calculation of heat transfer. Mieth presents a calculation method with a step by
step procedure to evaluate the heat transfer at helically segmented and solid finned-
tubes. For this purpose, functions dependent on appropriate physical parameters as
the mass-velocity, the diameter and fin type, the temperature, and the fin correction
(fin spacing, fin height, and fin thickness) are stated in form of curves and charts. No
correction for the segment widths at segmental fins is made due to their small influ-
ence. Mieth states a general accuracy considering predicted distribution corrections
of ±5% for an optimum flue gas distribution. This overall value is affected if less
than three consecutive arranged tube rows are applied, [45]. Weierman’s investiga-
tions are accomplished at segmented and solid finned-tubes with staggered equilateral
and isosceles tube layout as well as in-line square or rectangular tube arrangement.
Since more data for staggered layout is available, the author specified the smallest
uncertainties for this configuration. The equations for calculating heat transfer and
pressure drop include geometry correction factors as well as non-equilateral and row
correction factors. These correlations use the bare tube diameter as the characteristic
length for calculating Nu or Re and differentiate only slightly from the ESCOATM-
correlation stated in [16]. The coefficient 0.23 in the power-law (basic correlation) is
substituted by 0.25, refer to [4]. The traditional correlations of ESCOATM as well as
the revised ESCOATM-correlations are presented in [16]. A more recent analysis is
performed by Vicente et al., [43]. They accomplished a single-phase experimen-
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tal analysis of heat transfer at a helical finned-tube heat exchanger at staggered tube
arrangement in industrial scale. This analysis include a comparison between the per-
formed measurements, the traditional correlations of ESCOATM as well as the revised
ESCOATM-correlations. A precision of approximately 96% in heat transfer (ESCOATM-
traditional and ESCOATM-revised minimum 96.61%) and 90% in pressure drop co-
efficient (ESCOATM-traditional 81.15÷ 94.41%, ESCOATM-revised 85.71÷ 90.63%) at
Re ≥ 10000 is evaluated. Regarding the present pressure drop analysis, Vicente et al.
suggest the application of ESCOATM-traditional equations, based on Weierman, [72]
for designing HSFHE2, because of the security tolerance between the correlation and
their measured results. Regarding the heat transfer analysis and the security tolerance,
the revised equations of ESCOATM are in better agreement with their measurements.

Weierman et al., [73], investigated the performance of in-line and staggered tube
arrangements of different types of segmented finned-tubes. All the measurements
are performed at an open circuit wind tunnel, where air is forced by a centrifugal
blower across the tube banks and is straightened by perforated plates and screens, to
provide uniformly distributed velocity profile as well as homogeneous and isotropic
turbulence. In their study Weierman et al. used shielded thermocouples to reduce
uncertainties caused by radiation and applied a hot wire anemometer for velocity mea-
surement. Thus, a detailed study of the temperature profile and velocity profile down-
stream of the tube bundle is accomplished. They ascertained that in-line arrangement
should only be used for special cases because of the disadvantage of possible bypass
flow between the tube bundles and fin tips with relatively low temperature, because
the performance of this tube arrangement is strongly dependent on the tube and lay-
out, [73]. The temperature of the fluid stream between the transversally arranged
finned-tubes is much closer to the finned surface temperature. The comparison is per-
formed for a Re-number of 36000. On the other hand, staggered arrangement of tubes
in the flow channel may cause a higher pressure drop.

Several investigations at solid and segmented finned-tubes are accomplished and
numerous correlations for the prediction of heat transfer and pressure drop of seg-
mented and solid fin tubes have been developed or may be found in Nir, [47], Wal-
czyk, [69], Stasiulevičius et al., [58], Kawaguchi et al., [35], HEDH, [27], VDI, [1]
and Frasz et al., [13] and [15], whereas the correlations of Nir are based on a
large amount of heat-transfer and pressure-drop data. These general equations are
valid for segmented as well as solid fins at staggered tube layout in the Re-range of
ReNir = 300÷ 10000 and are within ±10% agreement with most of the available data.
These equations use an equivalent hydraulic diameter, but are also derived with the
diameter of the fin or the bare tube as characteristic length. The correlations devel-
oped by Walczyk et al. are valid for bimetallic helically extruded high finned-tubes

2Helically serrated finned-tube heat exchanger
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at staggered layout. These equations consider the effect caused by the geometry and
layout (bare tube diameter, fin thickness, fin pitch, fin height, and transversal tube
pitch) and are evaluated in agreement of ±20% with correlations in literature. The
bundles are arranged with 2 to 6 consecutive tubes in cross-flow. The Re-number is
varied between 2000 and 10000, but the effect of the tube row numbers on the dimen-
sionless heat transfer coefficient and pressure drop coefficient related to a single tube
row in cross-flow is not distinctly observed, [69]. The results of measurement are com-
pared with results from literature of e.g. Briggs and Young, [5] and Stasiulevičius

et al., [58]. Geometrical effects, e.g. row effects on heat transfer and pressure drop,
have been observed in literature. In addition, correction factors have been introduced
and a relationship between heat transfer and pressure drop, depending on the tube
row number, has been established. The influence to the heat transfer as a function
of the number of tube rows at different solid and segmented finned-tube bundles,
arranged consecutively, is investigated by Frasz in [13] and [15]. The developed equa-
tion for the row correction factor is compared and found to be in good agreement
with literature. Additionally, a correction factor considering the geometry for calcu-
lating the heat transfer is introduced. The exponent of the Re-number in the power
law varied between 0.54 and 0.82, depending on the longitudinal and transversal tube
pitch as well as the bare tube diameter of the investigated finned-tubes. Kawaguchi

et al., [35], compared the performance of segmented and solid finned-tube bundles.
The staggered tube arrangement is chosen in a way, that half of the tubes next to the
flow channel top and the bottom lies within the insulation outside the flow duct. As
a result of the measurements, heat transfer and pressure drop correlations for 3 to
6 row deep solid and segmented finned-tube bundles are evaluated. Additionally, a
row correction factor in case of few consecutively arranged tubes is developed. They
concluded that in case of large fin pitch segmented finned-tubes are advantageous
compared to tubes with solid fins, but the friction factor increases considerable. Also
the tube arrangement within the bundle features smaller influence to heat transfer
and pressure drop characteristics, [35]. Kawaguchi et al. specify an accuracy level
of ±5% for the equations used to predict the Nusselt number and the friction factor
compared to the measured results.

Different selection criteria for solid and segmented finned-tubes are discussed by
Reid and Taborek, [54]. They point out the cost-effective manufacturing of segmented
finned-tubes, as already mentioned by Rabas and Eckels. The fin segmentation seems
to be advantageous because of compactness, weight, and cost per unit area. In their
work Reid and Taborek also suggested the density of fins per meter tube dependent
on the fin-side fluid type, which varies in case of natural gas combustion between 6÷ 8
fins per inch. If dry air is applied the fin density increases, but for liquid oil and solid
fuel combustion this value drops down rapidly, [54]. Additionally, a basic guideline of
design parameters is presented. With increasing fin density the total outside pressure
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drop increases, as well as fouling. For increasing fin height the fin efficiency increases
more strongly for solid fins than for segmented. It is suggested to apply solid fins if
the fin height is less than 12 mm because of the advantageous application behavior3.
Especially regarding cleaning and fouling behavior, solid fins provide favorable design
properties. Additionally some effects concerning the fin thickness, the tube pitch, and
the tube layout type are discussed. The application of segmented finned-tubes rather
than solid finned-tubes may compensate an increased pressure drop by the application
of fewer tube rows within the bundle at the same performance, [54].

The experimental research of Stasiulevičius and Skrinska, [58], comprises the ef-
fect of both the mean heat transfer behavior as well as the local heat transfer behavior
of staggered solid finned-tube bundles in cross-flow. The investigated Re-range cov-
ered 10000 ÷ 1300000. The effect of two dimensional conduction through the fin is
analyzed. According to Stasiulevičius and Skrinska, geometrical parameters are
taken into account, e.g. fin height, fin pitch. Since finned-tubes are mostly used as
tube bundles, certain parameters are considered, such as the transverse tube pitch
and the longitudinal tube pitch as well as the specification of the tube arrangement
(staggered or in-line), [14]. They found that the mode of flow over the tube bundle is
reflected in the flow pattern of the boundary layer in the leading part of the fin tube up
to the flow separation and the vortex generation in the tailing part of the tube. Thus
the exponent of the Reynolds number in the basic equation (power law) may change
its value, [58]. The heat transfer from an inner tube row within the bundle is found
to be higher compared to the first tube row. The increase in heat transfer is evalu-
ated to be higher with increasing fin pitch and decreasing fin height, but decreases
with greater longitudinal tube pitch of the tube bundle. In the work of [58], the local
measuring technique using a calorimeter tube with a trapezoidal fin cross-section is
applied. For the determination of the local heat transfer a point measuring technique
is utilized. Thus the temperature and the heat transfer coefficient distribution across
the fin surface as function of the circumference and fin height are evaluated. However,
only few aspects in the work of Stasiulevičius and Skrinska regarding the structure
of boundary layer development as well as the fluid flow behavior near the fin surface
are analyzed in detail.

Legkiy et al., [40], investigated experimentally the local heat transfer behavior of
a solid finned-tube in cross-flow. For this reason 6 heat flux sensors are embedded
on a fin surface and 4 thermocouples are installed. The internal tube-side is heated
while the air-side is cooled. During test conditions the finned-tube is rotated axially,
thus the orientation of the sensors is varied and the air-sided heat transfer coefficient
around and across the finned surface is able to be evaluated. The measurement is
accomplished every 9◦ certain rotation angle. Legkiy et al. evaluated the distribution

3This comment may related to the diameter of the bare tube
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of local heat transfer coefficients over the circumference and along the fin height of the
finned surface for two different air velocities and calculated an averaged value over
the total surface. A result of this study indicates two radial heat transfer maxima, one
at the base and the other at the tip of the fin, [40]. As an additional course of this
study the average values are compared with literature, which are evaluated in good
agreement.

Shetty et al., [57], investigated the local heat transfer behavior of solid vs. seg-
mented finned-tubes. The Laser-Doppler Velocimetry (LDV) measurement technique
for the determination of local velocities as well as turbulence parameters of the fluid,
including also the velocity profile in the space between adjacent fins, is applied. Ad-
ditionally, a liquid crystal thermometry is applied to measure the local fin surface
temperatures. For more details regarding the measurement technique it is referred
to [57]. From the known mass and energy balances the local heat transfer coefficients
across the fin surface as well as the radial and angular heat conductions are evaluated.
For the determination of the local heat transfer coefficient, the temperature difference
between fin surface and contracting air is used. As the results of the work of Shetty et

al. indicate, the overall heat transfer coefficients for solid and segmented finned-tubes
are very similar, which may be seen on one hand as an effect of better flow distribution
of segmented fins, where the boundary layer detaches and reattaches due to fin seg-
mentation. On the other hand solid finned-tubes provide a strong angular conduction
component, [57]. Thus, Shetty et al. concluded that these two effects may cancel
each other.

Hu and Jacobi, [31], analyzed the local heat transfer behavior of single-row finned-
tubes in cross-flow with the help of optical adaptation of the naphthalene sublimation
technique in order to evaluate the fin efficiency. Measurements are accomplished at
an open-loop wind tunnel, where downstream of honeycomb flow straighteners the
velocity profile (maximum velocity 10 m/s) is measured applying a Pitot-probe and a
hot-wire anemometer. Five annular finned-tubes are arranged as a single-row heat ex-
changer with a bare tube diameter of da = 38.1 mm and a finning diameter of 76.2 mm.
A selected tube in the flow channel center contains cast naphthalene. The casting
procedure is presented in [31]; any sublimation by natural convection is prevented.
During test run, contour measurements every 10◦ increments and for 10 different radii
are accomplished within a Re-range of 3300 to 12000. The development of boundary
layer, the flow separation, tube wake regions and horseshoe vortices are observed. The
authors concluded that local heat transfer behavior is significantly influenced by fin
tip vortices. In their research work Hu and Jacobi stated that local flow structures
have any influence on the average performance. The evaluated "true" fin efficiency of
local measurements is below the fin efficiency, valid for a constant heat transfer coef-
ficient above the finned surface, according to the definition in literature; and increases

8
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for high Re-numbers, [31]4. Furthermore, Kearney and Jacobi, [36], investigated the
local convective behavior and fin efficiency of in-line and staggered (equilateral trian-
gle) finned-tubes in the second tube row, within the Re-range of 5000 to 28000. In the
course of their measurements the conventional naphthalene sublimation experiment is
supplemented by a laser triangulation technique, to measure the sublimation depths.
During test conditions, contour measurements every 4◦ increments and for 31 different
radii are performed. The evaluated row-to-row heat transfer coefficient in staggered
tube formation is approximately 45% lower at the first row than at the second. For
in-line arrangement this value is in the range of 34÷ 45%. But the "true" efficiencies
from all the evaluated local data are correlated in very good agreement to the average
values. Also the corrected values obtained by Hu and Jacobi, [31], are found to be in
good agreement with literature. Thus they may finally conclude, compared to earlier
studies, that local variations in heat transfer do not cause any significant impact to
the fin efficiency at constant heat transfer coefficient. However, the authors indicate
that the effect of bundle arrangement and fin height on local and overall heat trans-
fer behavior may be linked, [36]. Additionally, Kearney and Jacobi, [36], calculated
average heat transfer coefficient and pressure drop coefficient correlations for in-line
and staggered arranged finned-tube bundles with two consecutive rows and compared
the results with equations from literature, as e.g. Schmidt, Briggs and Young, and
Stasiulevičius.

In Webb, [70], an excellent survey of recent developments related to air-side aspects
of plate fin and circular finned-tube studies is presented. Factors such as fin spacing,
fin efficiency and fin configuration may yield enhanced heat transfer. Different fin
surface geometries for performance enhancement are presented. Apart from a litera-
ture review of heat transfer and pressure drop coefficient correlations, row correction
factors, tube arrangements (staggered vs. in-line) as well as local effects within the
tube banks are being discussed. Yet one finned-tube heat exchanger study claims to
maximize the heat transfer rate while simultaneously minimizing pumping power.
Webb, [71], as well as Stephan and Mitrovic [59], developed criteria for the eval-
uation of the performance of a heat exchanger in order to quantify the heat output
capacity while considering the pumping power and the overall heat exchanger size.

Survey of the Numerical Investigations A considerable amount of researches on
numerical investigations at fin and tube heat exchangers is accomplished in literature,
e.g. by Kaminski, [34], Geiser, [19], and Joadar and Jacobi, [33], just to mention
some of them, but only the published work of Torresi et al., [64], may be found

4The differential equation of heat conduction in cylindrical coordinates for steady state conditions
has to be resolved numerically using a finite differencing technique; the fin material is assumed to be
homogeneous and isotropic, and conduction normal to surface is neglected. Afterwards the temperature
distribution is numerically integrated to evaluate the "true" fin efficiency, [31].
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in open literature concerning numerical investigations at circular/helically segmented
finned-tubes. This is also intended by Mon, [46] in the course of the comprehensive
literature review about circular solid finned-tubes under cross-flow conditions.

Geiser, [19], investigated global and local fluid flow and heat transfer effects of fin
and tube heat exchangers experimentally and numerically applying the commercial
software FIDAP at Renum ≤ 2000 and up to approximately Reexp ≤ 30000. For the
investigation of local transport processes due to varying geometry, e.g. tube shape,
the application of a convective mass transfer method (ammonia method) is employed,
where the variation of different bare tube shapes at different Re-numbers is analyzed
in detail.

The air-side flow and heat transfer behavior of fin and tube heat exchangers is ana-
lyzed in detail numerically with the application of the commercial CFD code FluentTM

by Kaminski, [34]. At the internal tube-side a refrigerant is condensed. Velocity, pres-
sure, and temperature fields in between and across the fin segments are investigated.
The parameter study consists of the variation of the fin pitch, the fin thickness, diam-
eter of tubes and pitch of tubes, arrangement and number of tube rows up to approxi-
mately Renum ≤ 2000. From the results of the numerical simulations, heat transfer and
pressure drop correlations are developed and compared with literature. Additionally,
performance evaluations for the determinations of the effectiveness of different con-
figurations are considered, comprising the heat transfer rate vs. pumping power.

The influence of heat transfer and air-flow downstream a solid circular finned tube
is investigated in [53]. This is accomplished by means of an incompressible three
dimensional-unsteady laminar calculation model, applying the PISO5 algorithm for
pressure-velocity coupling with a second order upwinding scheme. The mean flow
velocity is chosen with 2.5 m/s, the inlet gas-temperature is fixed with Tin = 293 K,
and the wall-temperature is assumed to be constant with Twall = 323 K, which are
typical values in air-cooled heat exchanger applications. Ranagan et al., [53], in-
vestigated especially variations of the local effects from the flow field, by varying the
fin spacings and their impact on the heat transfer augmentation. They evaluated the
pumping power for the different configurations and found an optimum fin spacing.
The impact of the clearance of two adjacent fins is found to be influenced by boundary
layer development.

In the numerical study of Mon, [46], global and local heat transfer as well as pres-
sure drop investigations at circular solid finned-tube banks in cross-flow are inves-
tigated. The tube banks have been arranged in staggered and in-line layout, with
2 to 6 tube row numbers placed consecutively. A finite volume method, applying
a three dimensional incompressible unsteady RNG k − ε turbulence model with a
wall function approach, is used to determine the flow and temperature field. Air is

5Pressure-Implicit Splitting of Operators
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considered with an inlet temperature of Tin = 308.15 K and the wall temperature is
assumed to be constant at Twall = 283.15 K. All simulations are performed in the
range of 5000 ≤ Re ≤ 70000. In the course of this unsteady simulation, flow struc-
ture phenomena and temperature distributions across the fin surface and within the
bundle geometry are investigated. The investigation is concerned with the influence
of fin height, -thickness, -spacing, tube diameter, -arrangement and number of tubes
arranged consecutively, to develop Nu and Eu correlations, [46].

Torresi et al., [64], analyzed in the course of their research the performance of hor-
izontal type HRSG by means of a three dimensional steady-state numerical simulation,
which is validated with experimental data. In their work they applied also porous me-
dia zones as modeling type for comparison with real modeled segmented finned- or
bare-tubes, to reduce the complexity of the fluid flow behavior. The simulations of the
single finned-tube in cross-flow are proceeded with an standard k − ε model with a
wall function approach, and are concerned mainly with fluid flow behavior in detail at
the finned surface. The I-type right and left handed helical fins with 30 segments have
a thickness of (0.026× da), a total height of (0.211× da + 0.342× da), and a transversal
tube pitch of (2.37× da). The computational grid is realized with unstructured meshes,
and no end tube effect is considered, thus the finned-tube is considered to be arranged
within an infinite tube bank. In the course of the simulations, the Re-number is varied
between 20000 ≤ Re ≤ 1000000, with an inlet pitch angle of 20◦ from the horizontal
direction. Additionally, the inlet yaw and pitch angles are varied, to study the flow
behavior above the finned-surface by means of pressure-drop evaluation. Performing
the finned-tube simulations, they found that if the transversal pitch increases, the pres-
sure drop and the deflection of the flow decrease, [64].

A basic research of a comparison of flow interactions past a circular cylinder and
a circular finned-tube is performed by Lee et al., [39]. The three-dimensional, time-
dependent numerical investigation is accomplished at Re = 300, calculated with the
bare tube diameter and constant Pr-number. A single fin is modeled and calculated
geometrically periodic along the spanwise direction. The results of the time histo-
ries of the velocity components indicate a more chaotic flow behavior caused by the
presence of the fin. Due to smaller Strouhal numbers at the finned-tubes, the vortex
shedding process slows down. Also the mean pressure drag coefficient and the surface
averaged Nu-number of the finned-tube are smaller than compared with the smooth
tube. However, due to greater total outside surface area, the overall heat transfer of
the finned-tube is evaluated to be twice of the smooth cylinder, [39]. Lee et al. ascer-
tained that the flow physics past the finned-tube show substantially different behavior
compared to the smooth cylinder. It is denoted that the effect of fin spacing causes
important influences on the formation of the flow-structure which affects the local and
global heat transfer performance, [39].
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Jang et al., [32], compared steady state experimental and numerical results es-
tablished from an investigated circular solid finned-tube heat exchanger with up to
four consecutive arranged tube rows at staggered layout under dry and wet condi-
tions within Re-number of approximately 1500 ≤ Re ≤ 8000. The energy balance at
measurements between air-side and tube-side is fulfilled within 3% under dry and
7% under wet conditions. For evaluating the average dimensionless heat transfer co-
efficient and pressure drop coefficient, average mean values for the fluid properties
between inlet and outlet are associated for the evaluation. In the laminar numerical
consideration the fluid is assumed as incompressible with constant fluid properties.
The outlet of the computational domain is located seven diameters downstream from
the last tube row. For the boundary condition of the computational domain of the
three-dimensional numerical model, Jang et al. associated symmetry planes and the
wall temperature is assumed to be constant. The local heat transfer coefficient is eval-
uated with the temperature difference between fin surface wall and local bulk average
mean temperature of fluid. For meshing the computational domain, a multi-block
system is used and a grid independence study is applied between three different grid
systems, where the relative error of local pressure and temperature is calculated with
less than 1%. The heat transfer and pressure drop results under wet conditions are
20% and 15% higher than for the dry bundle. A comparison with literature, especially
with Briggs and Young, [5], shows good agreement. From the numerical considera-
tions Jang et al., [32], analyzed quite a difference in flow patterns between the mid
plane of two adjacent fins and near the fin surface. As stated in the research work, a
greater backflow area in the wake of the tube is observed in the mid-plane than near
the fin surface. Also the temperature differences are evaluated differently for each tube
row, compare with the work of Mon. Another result is the dimensionless heat transfer
coefficient integrated along the radii, which decreases with increasing circumferential
flow angle around the tube, as a result of increasing boundary layer. A comparison
within the gathered experimental and numerical results show a good agreement es-
pecially for the pressure drop beahvior of the finned-tube bundle. But a comparison
of the calculated heat transfer coefficients from the numerical considerations with the
expermental data may be overestimated by 20% to 30%.

In [61], heat transfer from a cylinder in cross-flow is numerically investigated. Two
dimensional steady state and unsteady simulations are compared with experimen-
tal results from literature by applying unmodified k − ω SST6 and modified k − ω

turbulence models. The investigations are performed for a Re-range of 7190 up to
50350 and a free stream temperature of 310◦C. The unsteady simulations satisfactorily
showed vortex shedding behavior. Szczepanik K. et al. found that a comparison of
the evaluated time averaged Nu numbers with the results obtained from steady state

6Shear Stress Transport
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simulations, in their different turbulence models, do not account for any significant
benefits in predicting heat transfer behavior from the tube, [61].

1.3. Concluding Remarks and Objectives

As discussed in the literature review of experimental techniques and numerical inves-
tigations above, heat transfer and pressure drop equations are functions depending on
the one hand on geometrical parameters, e.g. fin height, fin pitch, fin thickness, fin
width, and tube layout as well as tube pitch, and on the other hand on fluid properties
as well as variables of state, etc. Finned-tubes as they are applied in a HRSG feature
in principle geometrically a similar design. As Reid and Taborek in [54] stated, due
to manufacturing reasons, a simple flat metal strip is cost effectively fixed around the
bare tube, which is also denoted as I foot fin rather than the L foot fin type. Many dif-
ferent fin types of helically finned-tubes are well known, see Figure 1.2. These are the
plain and crimped fin type, the G-base, the I-base and the recently applied U-base fin
type, integral type and spirally wound finned-tubes and many more; for more details
refer to literature. Because of the L-shaped and U-shaped fins an optimum contact
area exists between fin and bare tube. As a result of this, L-shaped and U-shaped
finned-tubes may be designed for maximization of the heat transfer properties. All
these fin types may be found in literature, but apparently most available heat transfer
and pressure drop correlations in literature are evaluated for solid finned-tubes with
L-shaped and I-shaped fins.

Helical U-finsHelical G-fins

Tube Tube

Helical I-fins

Tube

Helical L-fins

Tube

Figure 1.2.: Schematic Sketch of Selected Segmented Fin-Base Types

However, only few equations exist for finned-tubes with segmented fins. To the
author’s knowledge, no correlation is developed in open literature which accounts for
the U-shape of segmented finned-tubes. Strictly speaking, all these correlations are
measured at different conditions and definition regions for Re and Pr-numbers and
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with different geometries. Most of the above introduced correlations are found in the
Section Results, in terms of a literature-comparison with the developed equations in
this work. In order to calculate from these developed correlations the averaged heat
transfer coefficient of an applied finned-tube bundle at real industrial applications ac-
cording to the laws of heat conduction and heat convection, a so-called well known "fin
efficiency" as a reduction coefficient (or temperature dependent performance value)
has to be considered, which is introduced in Section Data Reduction. The overall heat
transfer coefficients as required for the design of heating surface bundles in HRSG
are averaged values across the entire fin surface of each tube (fin efficiency) as well as
above all tubes within the bundle (average mean between inlet and outlet).

The objective of this work is to develop new heat transfer coefficient and pressure
drop coefficient correlations for a heat exchanger with different numbers of consec-
utively arranged U-shaped finned-tubes in staggered layout, applicable for industrial
scale, for the characterization of the global behavior at the gas-side. All investigations
are accomplished at hot conditions, so that the effect of the pressure recovery through
the tube bundle has to be considered, as well as ambient temperature conditions with-
out any pressure recovery. The measurements are accomplished at the gas-side and
at the water-side. The scope of a subsequently performed measurement validation
should be addressed to fulfill the energy balance of the used system boundaries. As
a result of measurements at different tube row configurations, a row correction factor
for the heat transfer from the finned-tubes will be derived.

Furthermore, a three dimensional steady state numerical analysis of fluid flow and
heat transfer above a solid and segmented finned-tube will be performed. For this
reason, five different models of a single row finned-tube heat exchanger, with solid
and segmented circular and helical I/U-shaped fins, are developed. It is intended to
verify the results of the CFD-calculations within the computational model boundaries
with those calculated from the measurements at the test rig, to draw any conclusions
from global to local effects of conjugate heat transfer and fluid flow. Especially the
difference between solid and serrated fins as well as the influence at the fin surface
between two adjacent fins of I-shape and U-shape is analyzed. These studies, espe-
cially comparisons between measurement results at global performance and numerical
investigations of local heat transfer behavior in a single finned-tube row, will provide
further knowledge of the local thermal field and convective transport phenomena and
will give a more complete understanding of the performance behavior.

Consequentially to the fact that the choice of different correlations at the gas-sided
mass flow inlet and outlet influences the design properties of a HRSG, a comparison
of the developed heat transfer and pressure drop correlations with available literature
is indispensable.
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2. Experimental Techniques

Knowledge is the daughter of experiment.

Leonardo da Vinci

?

2.1. Experimental Apparatus

All experiments were carried out in a test rig at the laboratory of the Institute for Ther-
modynamics and Energy Conversion of the Vienna University of Technology. This
experimental apparatus in semi-industrial scale has been built up to perform mea-
surements of heat transfer and pressure-drop on tube bundles in cross-flow; a sketch
is shown in Figure 2.1. Large parts of the description and methods have been taken
from [14], [75]. The test facility allows measurement at Reynolds numbers in the
range between 4500 and 35000 1. This equals a flue gas mass-flow at the inlet of 0.6 to
4.5 kg/s.

The finned-tube bundle is admitted with hot gas of up to 400◦C, which is generated
by combustion of natural gas and air. Air at ambient conditions is sucked from the
inside of the laboratory building by means of a radial fan. The fan is powered by a
90 kW three-phase alternator motor. The volume flow measurement of combustion air
is performed using two different nozzles. In the range of high Reynolds numbers of
about 13000 < Re < 35000, a Venturi nozzle and in the range of 4500 < Re < 15000 at
low Reynolds numbers, a smaller ISA 1932 inlet nozzle is applied.

Following that, the air is redirected in a connecting-section with a bend, and flows
through a variable inlet guide vane, which is implemented in front of the radial fan.
The radial fan can produce a maximum pressure height of 5000 Pa and generates
45000 Nm3/h at 3500 Pa. The air is directed through a 2500 mm long diffuser to the
natural-gas burner. The subsonic diffuser allows static pressure recovery by reducing
the fluid kinetic energy and thus increasing efficiency of operation of the apparatus
[62]. The burner is designed as a duct-burner, drawing its combustion air partly from

1Herein the Reynolds number is calculated with the bare tube diameter of the investigated tube.
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the process air through ductings. The specifications are listed in Table 2.1. Maximum
burner power is 1160 kW. The overpressure of approximately 60 − 80 mbar of gas
in the duct-burner is necessary for a constant flue-gas flow through the experimental
rig. The natural gas in the gas-pipe therefore has to be compressed, starting from
approximately 15 mbar, by using a side-channel compressor with bypass control. The
natural-gas flows to the burner through a safety system with pressure switch and
magnetic valves. Firing is initiated by an ignition burner with high voltage pulse. The
flame is controlled by means of a flame detector with ionization. Any temperature
regulation is achieved through adjustable regulators, which control a gas adjustment
valve.

Figure 2.1.: Sketch of the Test Facility

Table 2.1.: Specifications of the Duct Burner

Manufacturer Flameco Eclipse
Type TAH 400
Maximum Temperature 400◦C
Mass-flow of air 3 kg/s
Maximum burner power 1160 kW
Type of gas Natural gas
Pressure of gas 15 mbar/max. 150 mbar
up-/downstream of compressor
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Following that, the flue-gas is accelerated as it flows from a rectangular cross-section
of 1000 x 750 mm to a circular one within a diameter of 600 mm. This contraction causes
a more uniformly distributed fluid flow and lowers the turbulence intensity [62]. In the
circular tube two flow straightener applications are installed. Downstream of two 90◦

bends with turning vanes, there is an additional straightener application, followed by
a transition piece to a rectangular cross-section, 500 mm in width and approximately
1000 mm in height. Therein turbulence screens, consisting of three fine-wire meshes
in close arrangement, made of metal, are installed to rectify and/or straighten the
flow. This screens are plain and mounted in normal direction to the fluid flow. The
U-shaped layout of the test rig is necessary due to length restrictions placed by the
experimental laboratory. Downstream of the flow straightener, which rectifies the vor-
tices, caused by redirecting pipes, a 500 mm long adjustment-channel follows, which
adapts the height of the experimental channel to the required value between 900 mm
and 1000 mm. To avoid stall, the angle between the flow direction and the adjustment
axis must be kept below 7◦, [62]. Following that, a 2250 mm inflow (inlet)-channel
is arranged, which serves to calm down the turbulent flow. The finned-tube heat
exchanger with a tube length of approximately 500 mm is installed into a 1500 mm
channel section. Downstream of this testing channel, a 1500 mm outlet-channel with
the same cross-section is arranged. Then a further adjustment-channel follows with
a 500 x 1000 mm rectangular cross-section. Finally, a connecting-piece to a circular
cross-section with a diameter of 500 mm is installed, which ends up in a steel tube
stack, into which flue gases are conducted.

To dissipate the transferred heat from the finned-tube heat exchanger at the water-
side, a cooling water cycle is installed. The columns are connected to the collectors in
parallel at the water side. Each tube layer is therefore mounted to the flow-pipe and a
return-pipe. The hot water from the return collector is recirculated through pipings to
a closed circuit cooler with two ventilating fans, and is installed at the laboratory roof.
Therefrom the water flows into a water tank. This water is recirculated to the finned-
tube heat exchanger in the test-section with the help of a cooling water circulating
pump with a pumping head of 34 m and a maximum volume flow of 15 m3/h. The
volume flow of water can be varied for each individual tube configuration in the
range between V̇w = 1.1 m3/h and 14.1 m3/h. An even cooling water flow distribution
in the tubes is achieved by orifices installed downstream of the inlet collector. The
diameter of these 11 nozzles is dnz = 5.9± 0.15 mm. Thus, the velocity of water can
be varied in the range between about uw = 0.15 m/s and 0.5 m/s for the individual
setup. Additionally, a second cooling water circulating pump is installed to ascertain
the minimal velocity of water for fully developed turbulent flow conditions inside of
the finned-tubes. The system pressure of pw = 2.7 bar at the water-side is equalized
with the use of a compensator reservoir of 80 l. For safety reasons, a pressure relief
valve NW 32 with an actuation pressure of 3 bar is installed. A water treatment unit
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provides a complete demineralization of the used water to avoid incrustation and
deposit of boiler scale.

All hot parts of the test facility are insulated using a 70 mm layer of mineral wool, an
additional 50 mm layer of glass wool, and a layer of 1 mm aluminum foil as a finish to
prevent or reduce heat loss. Instead of the glass wool, a 35 mm layer of ceramic wool
is applied directly on the hot parts for the insulation of the test section. The cooling
water collectors and the inlets as well as the outlets of the tube-bundle are insulated
using polyurethane foam. For more detailed basic information about construction
design it is also referred to [44], [14], and Appendix A.

2.2. Measurement Instrumentation

The experimental investigation requires a number of measurements to be taken simul-
taneously in order to evaluate and determine the amount of transferred heat as well
as gas-side pressure drop. A diagram of the measurement application is presented in
Figure 2.2.

Figure 2.2.: Sketch of the Measurement Setup
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Some parts of the description can also be found in [75], but attention has to be
paid to the various specifications. The temperatures at the water-side are measured in
every tube (layer #1 to #11, see Figure 2.5 and Figure 2.6) at the inlet and at the out-
let using Pt-100 RTDs (resistance temperature detectors), so that fringe effects can be
ascertained for tubes near the channel-wall and thus be considered in the evaluation.
Generally, the applied RTDs are very accurate and stable with a resolution of 0.1 K. At
tube bundle configurations with 4, 6, and 8 consecutively arranged tubes, temperature
measuring points are placed also at intermediate tubes rows. Thus, a total number
of 28 RTDs are applied. The sensors are directly immersed in the water and sealed
by screw joints [14]. All RTDs have a 25µA power supply (IEX 0). The lead length is
greater than 3 m. To compensate for this lead resistance in order to increase accuracy,
a 4-wire technology measurement method is applied. One pair of wires carries the
current through the RTD; the other pair senses the voltage across the RTD. Because of
very small current flows through the sensing wires, the lead resistance error is neg-
ligible. The measured temperature signals from the Pt-100 sensors are transferred to
two analog/digital converters (TBX-68T) with terminals for 14 analog inputs. Follow-
ing those converters, two 24-bit high precision data acquisition devices (NI PCI-4351)
convert the electrical voltages into temperature signals.

Gas temperatures are measured using NiCr− Ni thermocouples (type "K"). 8 ther-
mocouples are mounted in form of (2 x 4)2, related to the flow cross-section, in front
of and behind the heating surface of the heat exchanger in a certain distance for each
individual tube configuration, to obtain a grid measurement. The electronic com-
pensation for reference points is achieved by software. All "K"-thermocouples are
connected to two modules (PAD-CB-K-P). Following a data acquisition unit (DEWE-
BOOK), equipped with modules (PAD-TH8-P), all signals are processed to a serial
input (RS-232) and transferred to a PC. In order not to significantly affect the flow pat-
tern and a fast temperature responding behavior, the diameter of these thermocouples
is chosen to be only 1.5 mm. To reduce any influences caused by thermal radiation
(temperature difference between the first/last finned-tube row and the channel wall
and/or flue gas respectively), all temperature sensors were adjusted into the far side
of the tube and aligned in flow direction. Additionally three NiCr−Ni thermocouples
measure the air-temperature at the Venturi nozzle and downstream of the fan as well
as the gas-temperature of the duct-burner.

The volume-flow of water is measured using a calibrated hot water meter with an
electronic sensor and an external power supply of 220 V (SCHINTZL IWUS 1). Be-
yond this, a 24 V pulse amplifier is connected, which transforms an electric current of
0− 20 V, using a demodulator. This corresponds to a volume flow of 0− 15 m3/h. A

2Two thermocouples are arranged at the sidewall near the bottom and two near the top of the flow-
channel wall
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resistance of 100 Ω converts this value to a voltage of 0− 2 V for further processing to
a data acquisition system (DAQ), using a connector block (SCB-100 100-Pin shielded)
in single-referenced mode. The voltages are recorded with a 16-bit high-speed volt-
meter unit (NI PCI-6031E). The humidity of air is measured by means of an electronic
humidity sensor, and transformed to the same high-speed voltmeter unit.

The volume-flow of air is measured by determining the pressure difference up-
/downstream of the nozzle and the barometric pressure in front of the inlet. The
used pressure transducers, of the manufacturer Honeywell ©, especially feature stable
transfer behavior and precise linearity. The pressure difference at the utilized Ven-
turi nozzle is measured using two different piezo-resistive pressure sensors: a digital
Honeywell precision pressure transducer (DPVENT) and a Furness Controls digital
micro-manometer (MICROMANO) especially for the lower Re-range. Applying the
ISA 1932 inlet nozzle, an analog Honeywell micro-switch series 160 (DPDUESE) is
used. Barometric pressure (BARO) is measured using a digital Honeywell precision
barometer. For detecting the absolute pressure in the combustion channel (PWT), an
analog Honeywell micro-switch series 160 is applied.

The static pressure differences at the air-side of the finned-tube bundle (DV1-D) are
measured in front of and behind the heating surface of the heat exchanger, to obtain a
grid measurement using a Honeywell digital precision pressure transducer. Therefore,
small boreholes are placed at four positions, top, bottom, and the side channel walls,
to average the pressures in a closed circular Teflon coated pipe. Additionally, the static
(DV2-A) and the total (DVT) pressure differences in the channel center are measured
using a United Sensor pitot-static pressure probe TM-US-PAE18M and analog Hon-
eywell micro-switches. A redundant pressure transducer (DPREDUN) is installed at
the test section inlet against outage of PWT. All specifications of the applied pres-
sure transducers are given in Table 2.2. The accuracy is related to full scale (FS). The
supply voltage of all analog pressure transducers is supplied using a constant-voltage
source (LTRONIX B 703 DT) of 8 V. Any voltage fluctuation is compensated with
the reference voltage, using a monitoring program. The voltage output of 1 − 6 V
of each individual transducer is sampled with a 16-bit high-speed voltmeter unit (NI
PCI-6031E).

The measured values are transmitted to the process computer using measurement
value periphery by National Instruments and the LabView 7E program system. Every
30 seconds a complete loop is performed by the generated program. This contains the
time for the sampling rate of the signals and a time delay. The program processes all
sampled measurement signals automatically. For this purpose, polynomials for the
specific heat capacities of flue-gas and the thermo-physical properties of gas are used,
see FDBH-Handbook [9]. The thermo-physical properties of water are implemented
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Table 2.2.: Specifications of the Pressure Transducers

Fabrication Notation Accuracy Range

Honeywell PS 162PC01D PWT ±0.15% 0÷ 69 mbar
Honeywell PS 164PC01D37 DV2-A ±0.25% 0÷ 25 mbar
Honeywell PS 163PC01D36 DPREDUN ±0.25% −12.5÷ 12.5 mbar
Honeywell PS 163PC01D75 DPDUESE ±0.25% −6.35÷ 6.35 mbar
Honeywell PS 164PC01D37 DVT ±0.25% 0÷ 25 mbar
FURNESS CONTROLS FCO12 MICROMANO ±2Pa(FS) 0÷ 200 Pa
Honeywell PPT0001DWW2VB DV1-D ±0.05% −69÷ 69 mbar
Honeywell PPT0001DWW2VB DPVENT ±0.05% −69÷ 69 mbar
Honeywell HPB200W2D-B-A BARO ±0.4hPa(FS) 0÷ 25 mbar

according to [23]. This is completed using a C-subroutine programing language. If the
water temperature and pressure are known, the density, specific enthalpy, dynamic
viscosity, thermal conductivity, and the Pr-number are calculated automatically using
the steam table, [75]. The polynomials for the thermal conductivity of fin and tube
material are implemented using diagrams from literature, [42]. The influence of the
air-humidity to the partial pressure of water vapor is considered by a correction of
the density variation at the flue-channel inlet, using the Antoine-equation. After an
input of all geometrical data from the heat exchanger, the iterative calculation of the
dimensionless heat transfer coefficient and the pressure drop coefficient is performed
automatically. For investigation purposes, diagrams indicate a steady state condition
of the water/gas temperatures, if the transferred energy difference between water- and
gas-side is lower than 5%. All continuously measured and calculated data is saved to
a data-file in table form. The test facility is operated only through the screen displays;
no other instruments are necessary.

2.3. Calibration of the Configuration

All measurement systems for the determination of pressure, temperature, volume flow
of water as well as air, and the humidity have to be calibrated before application.

Resistance Temperature Detectors and Thermocouples Since the calculation of the
transferred heat starts from the water-side and is performed in the direction of the
gas-side, especially the temperature of water has to be measured very precisely. For
investigation purposes, the temperature measurement is arranged at the tube inlet and
outlet in a way that simply temperature differences are measured at the water-side of
a single tube and thus the relative measurement error will be reduced. For a pre-
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cise measurement and determination of the dimensionless heat transfer number, all
Pt− 100 should lie within a range of ±0.5◦C relative deviation. Thus, it is possible to
calibrate all RTDs together in a water bath. The tank is insulated using a layer of ce-
ramic wool. A mixer application ensures an even temperature distribution within the
water bath. All 28 temperature sensors and a reference thermometer are mounted at
the cover of the tank in a plate with small bore-holes in a certain distance and immerse
into the water at equal height. As reference thermometer a 1/10 Pt− 100 DIN 385 is
used. Applying an electrical heater, the temperature is elevated in steps of 5◦C, starting
from about 0◦C up to 100◦C. To reach the lower temperature bound, crashed ice of dis-
tilled water is used. Each step is temperature stabilized for 15 minutes. Afterwards, to
avoid hysteresis effects, the water is cooled down to ambient temperature. The whole
calibration process has to be repeated. After calculation from the deviations of each
RTD, compared to the reference thermometer, fitting functions with an exponent of
3rd-order magnitude are implemented into the measurement program. For the calibra-
tion of the 11 thermocouples, a field-calibrator unit (JOFRA Model 600S) is applied.
All temperature sensors and the reference thermocouple were calibrated together us-
ing fine quartz-sand for an equal temperature distribution within the immersion shell.
The relative uncertainty of the reference thermocouple should lie within ±3◦C. The
calibration procedure starts from ambient temperature and elevates stepwise in 25◦C
increments up to 450◦C. Fitting functions with an exponent of 4th-order magnitude
are calculated for all thermocouples.

Pressure Transducers Although the analog pressure transducers were pre-calibrated
(linearized and temperature compensated) by the manufacturer, an additional calibra-
tion process is performed. This is done by means of a pressure calibrating device
(Meriam Instruments MERI-CAL II). To ensure highest accuracy, an external pump
with a turning wheel is utilized and a deairing valve ensures initial conditions. To
minimize all measurement uncertainties it is important to achieve a steady state to
reduce all dynamics of the air column inside, which causes oscillations and pulsations
within the pipe. A representative number of measurement points, depending on the
measurement range of the pressure transducer, are taken. Fitting functions with an
exponent of 2nd- or 3rd-order magnitude are calculated for all analog pressure switches.

Venturi Nozzles at the Air-Side As already mentioned above, two different instru-
ments are applied to measure the volume flow of air at the inlet. This is done to
reduce the measurement uncertainties of the determined volume flow at the lower
measurement boundary, because the pressure drop above the inlet nozzle rises with a
smaller diameter and same pressure height of the radial fan. The venturi nozzle for
higher Re-Numbers of about 13000 < Re < 35000 is constructed with a rectangular
cross-section. This does not conform to the European standard [8]. Thus, the flow co-
efficient for the nozzle was evaluated individually in an empirically way by Frasz [14]
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and Gasteiger [17]. The narrowest nozzle cross-section is 0.1789 m2. The pressure
drop coefficient is derived iteratively from the pressure drop equation of Bernoulli

for incompressible flow of gases, because at the inlet an almost constant temperature
and thus ρ = const. can be assumed. The flow coefficient is defined by

ξVent = 1.788 +
(

1.11 log
Rea

106

)
. (2.1)

Therein the Re-Number is calculated with a hydraulic diameter of the rectangular
flow cross-section DVent, the velocity of air ua is calculated due to pressure-drop above
the nozzle, and it is assumed that all thermo-physical properties at the inlet are eval-
uated for humid air. In [17] a velocity profile and a turbulent intensity at the outlet
of the venturi nozzle is ascertained. For an average flow velocity of 10 m/s, a tur-
bulent intensity of about 6 − 8% is determined. The ISA 1932 inlet nozzle for low
Reynolds numbers of about 4500 < Re < 15000 is designed according to the European
standard [8]. The narrowest inlet nozzle cross-section is applied with 0.0452 m2.

Flow-Meter at the Water-Side The hot water-meter is calibrated using high precision
flow control unit (FLUXUS ADM 6725) applying the well established ultrasonic flow
measuring method.

2.4. Test Section

The heat exchanger consists of a rectangular sheet-steel channel in which bare-tubes
or finned-tubes are arranged horizontally with a given transversal and longitudinal
pitch. The free channel width is fixed with 500 mm and the channel height is 975 mm.
The advantage of the removable channel piece is the comparatively easy reassembling.
As described also in [14], the tubes of 600 mm length are constructed in a way that fins
are arranged on a length of 495 mm. The additional approximately 50 mm at each
tube end are smooth. The bare tubes, which remain after the fins at the tube ends
are cut off, offer the advantage of an assembling through the sidewalls of the heat
exchanger. This in turn provides a complete sealing, using asbestos-substitute cord
rings and conical thrust washers on the outside of the flow-channel. All connecting
pipes between the single tube rows are arranged within the insulation at the outside
of the channel, [14]. This is the only arrangement allowing exact measurement of heat
transfer at the small test section width of the tube banks. Measurements are thus
not influenced by any bypass flow through the space for the bends. The connecting
bends have been soft soldered together, using conventional copper fittings, as these
maintain their dimensions well3. This provides an easy mounting, and O-rings are
used to achieve a tight seal with the finned-tubes. At the tube end, the water-tubes

3Twmax = Tsat|2.7 bar
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are equipped with soldered pipe connections of brass with O-ring grooves, in which
these copper fittings are mounted. The whole construction is fixed together using steel
profiles, which are mounted at the outside of the test-channel. A detailed construction
drawing is presented in the Appendix in Figure A.2. As seen, the heat exchanger
is operated in counter cross-flow. In case of investigating less than eight tube rows
arranged consecutively, the perforated plate is sealed with a steel sheet by means of
inert-gas-shielded arc welding.

Apart from the possibilities of the heating techniques, the complete thermal simu-
lation is applied. Here, all tubes are heated and temperature sensors are placed in
every tube at the inlet and outlet of the water-side4. Thermocouples are placed at the
inlet and the outlet of the gas-side. The flow temperature is defined as the arithmetic
mean gas-temperature at the inlet and the outlet of the bundle [58]. Generally, the
measurement uncertainty is higher and the accuracy is lower than when applying the
local thermal simulation method. Here, the measuring tube (calorimeter) is heated,
whereas the remaining tubes in the bundle are unheated. The main advantage is the
small temperature difference between the calorimeter tube wall that influences the
temperature of the flow at the inlet and the outlet [58].

Two possibilities exist for calculating the heat transfer coefficient from row to row.
The first one is the measurement of the water temperatures at 8 staggered arranged
tubes with RTDs installed at intermediate tube rows. The alternative is the measure-
ment of different row-configurations. In each individual case, the tube-surface temper-
ature has to be calculated. As the results show, it is more difficult to determine exactly
the temperatures of two consecutive tube rows, especially of intermediate ones. Thus,
different tube configurations are investigated.

2.4.1. Investigated Finned-Tubes

The investigated U-shaped finned-tubes of the company Rosink Apparate- und Anlagen-
bau, Germany are kindly provided by the company BERTSCHenergy Kessel- und Energi-
etechnik Apparatebau, Austria. The profile of the helical finned-tube used is depicted in
a schematic sketch in Figure 2.3. Therein the fin pitch t is 1

nR
, bs is the average segment

width, hs the average segment height, hb the fin height minus hs, s the average fin
thickness, h the average fin height, st the tube thickness, and D = da + 2h, with da as
the bare tube diameter.

The geometrical data of the tube and the arrangement in the test channel is summa-
rized in Table 2.3. The geometrical dimensions of the investigated tubes are equal to
real industrial scale. Some special fin details are depicted in Appendix A. Figure 2.4
shows the different fin types and the differences in contact area schematically.

The diverse geometry and a higher thermal input to the fin or tube produces a

4Also in some tubes of an inner row; at least in a single tube of each row, in case of more than two
tube rows arranged consecutively
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Figure 2.3.: Sectional Sketch of the Investigated Finned-Tube with U-Shape
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difference in heat conduction amount. The main idea of the U-shaped finned-tube
is a larger contact area between fin and tube than with I-shaped fins. Throughout a
larger fin base, enough space for laser welding manufacturing is available [14]. The
closer fin spacing opportunities allow a higher total outside surface area at equal fin
height. U-shaped fins in turn provide the construction possibility of equal or smaller
installation size and weight of the heat exchanger. If the fin height at equal number of
fin per m is enlarged, the pressure drop tend to be larger. This assumption requires as a
prerequisite, that the longitudinal and transversal tube pitch is unvaried, which equals
the test conditions. The temperatures are almost equal in these considerations. The
smaller projected minimum net free area between the tubes causes a higher pressure
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Table 2.3.: Specifications of the Investigated Finned-Tube

Fin Geometry Notation U-shaped
segmented

Bare tube diameter da, d 38.0 mm
Tube thickness st 3.2 mm
Number of fins per m nR 295 1/m
Average fin height h 20.0 mm
Average fin thickness s 0.8 mm
Average tube length Lt 495 mm
Average segment width bs 4.3 mm
Average segment height hs 11.5 mm
Number of segments ns 30
Number of tubes in flow-direction NR 8, 6, 4, 2, 1
Number of tubes per row NL 11
Longitudinal tube pitch tl 79 mm
Transversal tube pitch tq 85 mm
Outside surface area for 8 tube rows Atot 84.48 m2

for 6 tube rows Atot 63.36 m2

for 4 tube rows Atot 42.24 m2

for 3 tube rows Atot 21.12 m2

for 1 tube row Atot 10.56 m2

Fin material DC 01
Tube material St35.8
Net free area of tube row Fmin 0.2292 m2

drop. This can be seen as follows:

∆pFT = NRξ
ρgmu2

E
2

(2.2)

with
uE =

ṁg

Fminρgm
. (2.3)

According to few selected literature, where investigations and analysis are per-
formed by [14], [70], [52], [35], [13], [73], [72], and [54], it follows that finned-tubes
with segmented fins show a somewhat higher heat transfer and thus turbulence than
those with smooth fins, since the development of a laminar boundary layer has to
be renewed at each individual segment. Heat will be transferred especially convec-
tively at low velocities between the adjacent fins. This effect may also be enhanced
if the fins are helically arranged around the bare tube. The upstream fluid flow of
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the first tube row is comparable to a flow over a single tube in cross-flow. The sec-
ond tube row lies in the wake region of the first tube row. These vortices, caused by
tube arrangements, are in partial responsible for heat transfer enhancement. Thus, the
convective heat transfer from the fluid to the tube-surface is enhanced. Likewise a
staggered formation instead of in-line arrangement of the tubes within the bundle in-
creases turbulence, but also causes a higher pressure drop as the measurement results
show [14], [52], [35], [13], [73], and [72], just to mention some of them. At equal instal-
lation size, an increase of the heat transfer surface area, and thus of the heat transfer
rate, is only achieved at the expense of an increase in pressure drop. On the other side,
an increase of the total outside surface area, by means of e.g. the fin pitch or the fin
height, of a finned-tube heat exchanger provides specific parameters to enhance the
heat transfer rate at the gas-side.

2.4.2. Geometrical Arrangement and Configuration of Tubes in the Bundle

The characteristics of the dimensionless heat transfer coefficient Nu and the dimen-
sionless pressure drop coefficient ξ of finned-tubes within a bundle is noticeably in-
fluenced by the tube arrangement. Apart from the possibilities of staggered or in-line
tube configuration, Kuntysh and Stenin [38] investigated partly staggered layouts.
They examined five tube arrangements. Starting from an in-line tube line-up, the last
layout, an equilateral triangular pitch is reached by rotating all consecutively arranged
tubes by a certain angle, beginning with the first tube row. The heat transfer shows to
be maximum at an angle of about 24◦. It was found that the thermal performance is
about 5% smaller for equilateral triangular pitch (30◦) than at the intermediated posi-
tion with the maximum effectiveness. Regardless of the different tube arrangements,
the first tube rows in these investigations yield to the same heat transfer intensity.
These results are found applying the total and the local modeling technique.

In this actual study, all test series are performed at finned-tube bundles with stag-
gered formation. Apart from equilateral triangular pitch, studied in literature (e.g.
[73]), the investigated tube arrangement is isosceles triangular pitch, which is the
most examined layout in scientific open literature. The certain displacement angle
is γ = 28.28◦. In Figure 2.5, a schematic sketch of six consecutive tube rows in stag-
gered tube formation is depicted. The columns are connected to the collectors in
parallel and consist of 11 horizontal tube layers each. The heat exchanger is operated
in counter-crossflow. The tube bundles are assembled in 2, 4, 6, or 8 consecutive rows
or as a single tube row. All investigated tube banks have the same transversal and
the same longitudinal pitch. To measure heat transfer at a lower number of consec-
utive rows than 8, the tubes were removed from the downstream of the test channel.
Measurements for a single tube row were only possible due to modification of the test
rig, because the system is only designed for an even number of tube rows. In case of
investigating fewer tube rows than 6, any occurrence of a detrimental bypass flow, as
a result of the staggered formation in the flow channel, through the otherwise empty
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space must be prevented. This effect increases especially with a single tube row con-
figuration. The effect of any bypass flow can be assessed with the distances xt at the
top and xb at the bottom of the flow duct, which are approximately xt ≈ 7 mm and
xb ≈ 50 mm, see Figure 2.5 and Figure 2.6. Thus, a bypass flow of roughly 6− 8% is
calculated. This effect can be seen in the energy balance, which is barely fulfilled. To
reduce the flow bypassing effect, a semi-tube has to be installed at the bottom of the
channel wall. However, the disadvantage is a very complicated construction design at
the tube water-side. Because of this, the semi-tube does not participate in heat transfer
and thus is not taken into account for calculations. However, the semi-tube is seen as
a resistance, which reduces the effective minimum net free area in a tube row.
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2.5. Measurement Procedure

All measurements in the test rig are performed to get information about heat transfer
and pressure drop behavior of serrated helical finned-tubes of U-shaped geometry. It
is also intended to get some information especially about the influence of the tube row
number in flow direction upon the heat transfer intensity. The selected measurement
range at the gas-side for Re as mentioned above is comparable to realize industrial
application conditions (as it occur in a HRSG). The following preliminary tests and
measurements at different configurations of tubes were performed:

• Preliminary tests at the unloaded channel

• Preliminary tests at solid and segmented finned-tubes

• Experimental rig configuration tests

• Measurements at 8, 6, 4, and 2 consecutively arranged finned-tube rows

• Measurements at 1 heated finned-tube row with 7 consecutively arranged un-
heated rows

• Measurements at 1 finned-tube row with/without a semi-tube installed at the
channel-wall

• Temperature dependence and stability tests

Preliminary tests at the unloaded channel are attempted to validate the pressure
drop coefficient due to friction of the test section walls. For this purpose the analog
pressure transducers (DV2-A, DVT) and the high precision digital micro-manometer
(MICROMANO) are installed. Since the velocity of flue gas is low and the length of the
measurement section rather small, compared to the hydraulic diameter of the cross-
section, the estimated pressure drop will also be very low. This circumstance amplifies
a very high measurement uncertainty of the measurement instrumentation. Two test
runs are accomplished at ambient conditions. In the analysis of the measured values,
the density ρ is assumed to be constant. The dynamic portion of the pressure drop is
very small. Hence, it is neglected in further calculations. The principal arrangement
of the measurement positions P1, P2 is presented in the Appendix A.2 qualitatively.

Generally, the micro-manometer tends to have a more uniform pressure drop char-
acteristic than the piezo-resistive pressure transducer, because of its lower measure-
ment uncertainty. But especially at low Re-numbers, in case of small pressure dif-
ferences, the measurement systems DV2-A and DVT lead to very high measurement
uncertainties. Any conclusion about the pressure drop coefficient, calculated from
DV2-A and DVT, are therefore be to neglected. Also, any conclusion about the pres-
sure drop coefficient, calculated from the micro-manometer, is limited to the range
between 1.85 x 105 < Re < 4.25 x 105.
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The shear stress between the channel wall and fluid along the wall causes a pressure
drop. It is assumed that all properties of state, i.e. density ρ, temperature T, pressure
p, and the specific internal energy as well as the specific enthalpy are constant across
the cross-section of the flow channel. The relative surface roughness is evaluated from
the pressure drop coefficient of a channel with rectangular cross-section due to friction
with the well known equation

λ = 2∆pChρ
DCh

L

(
ACh

ṁg

)2

. (2.4)

Following the measurement results, a typical relative surface roughness (hydraulic
smooth tubes λ = 0.02÷ 0.03) for the inlet/outlet tube and the test channel is assessed.
For all investigations, the pressure drop coefficient of the test channel due to friction
is correlated, implementing the Konakov-equation [37]. This equation is valid for
turbulent flow conditions in the range between 104 < ReCh < 106 and is defined as
follows:

λ =
1

(1.8 log (Re)− 1.5)2 . (2.5)

All finned-tube test cases with different tube bundle configurations have the same
upstream pressure drop measurement position of ≈ 190 mm in front of the first finned-
tube row and downstream measurement position of ≈ 1250 mm from the test channel
inlet, see Figure A.2.

Experimental rig configuration tests are performed at solid finned-tubes with a bare
tube diameter of 31.8 mm and segmented finned-tubes as specified in Table 2.3. This
was inevitable to verify the energy balance between the water/gas-side and to deter-
mine all heat losses as well as the operation of the test rig. A full stabilization of a
single measurement point, starting from a cold test rig and considering the warm-up
phase, takes about 2− 3 hours; under operating conditions about 90 minutes. After the
expiration of this time, the measurement point at steady state conditions is recorded
and the program loop is repeated about 25 times. The air-flow is regulated with a fre-
quency converter beyond the three phase AC motor and an inlet guide vane. The most
effective handling of the test run is to start from high frequency with low temperatures
and a fully open inlet guide vane down to low frequency with high temperatures and
a nearly closed vane. Each complete measurement at different configurations was per-
formed twice, to ascertain the reproducibility and repeatability conditions as well as
to lower any measurement uncertainties. In case of investigating tube rows fewer than
6, the water-velocity and the water-temperatures are limited, because the mass-flow
of water has to be lowered down as a result of the small test section width and the
small temperature differences between the inlet and the outlet. Thus, the uncertainty
of the calculated transferred heat will be reduced. The heat transfer at the water side
is calculated, using the well known equation of Gnielinski in [1], which is valid at
constant wall-temperature and constant heat flux. From the region of validity of this
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equation, the minimum water temperature boundary can be calculated. The lower
and upper boundary of the water-velocity is limited due to technical reasons of the
cooling water circulating pump. The boiling temperature of water at 2.7 bar ascertains
the upper temperature boundary. These conditions restrict the measuring area for all
different test configurations and are presented in Figure 2.7.

Figure 2.7.: Measurement Range of Water

All setting parameters during a test run, the average mean values, the standard
deviations of the measurement values, the thermo-physical properties, the geometrical
dimensions, and the used materials are the certain condition to characterize explicitly
all gathered information about convective-, conductive heat transfer, and fluid flow
within the measurement range.

The measurements at different finned-tube configurations are intended to investigate
the effect of heat transfer enhancement at different tube row numbers, arranged in flow
direction. Also effects, caused by different fin-heights and number of fins per m, as
well as the differences of solid and segmented fins will be analyzed. The comparison
is done by means of the obtained measurement results and those performed by Frasz

[14]. This study is especially emphasized to obtain new results about a single U-
shaped fin-tube row under cross-flow conditions and to calibrate the following CFD
calculations.
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Temperature dependence tests are carried out to declare the stability of the obtained
measurement point regarding the Re-number, as well as the evaluation and measure-
ment validation process.

2.6. Data Reduction

In this chapter the equations for calculating the dimensionless heat transfer coefficient
and the pressure drop coefficient are derived. As presented in [28], [30], and [29]
particular specific assumptions are made for the analyzed segmented fins.

2.6.1. Governing Equations for Heat Transfer

Generally, the method for calculating global heat transfer at finned-tubes is common
practice and is taken from [22], [14], and [1]. The dimensionless heat transfer coeffi-
cient Nu of a finned-tube at the gas-side is usually correlated semi-empirically, using
dimensionless numbers Re and Pr. These functions have a strong monotonic charac-
teristic and thus can be piecewise approximated to a power-law function within the
scope of validity, and are well known as Nußelt-Equation [21]. The selection of the
characteristic length for the Re-number is rather nonuniform. In open literature, the
bare tube diameter [58], [14], [56], [16], [72], and [1] the average mean fin-diameter, the
equivalent in area diameter [9], and the hydraulic diameter [47] are used as reference
parameters, just to mention a few of them. In this work, the bare tube diameter for the
characteristic length is used, though the heat exchange is not described exactly.

To evaluate the air-sided heat transfer behavior of finned-tubes, the transferred heat
has to be determined. This is done by use of energy balances, ascertained with the
1st-law of thermodynamics for stationary flow processes. The heat flow due to the
change of enthalpy of the water and gas in the heat exchanger can be determined
from the measurements. In case of negligible heat loss from the test section surface,
the transferred energy of water and gas must be equal.

Q̇ = ṁw (hw2 − hw1) = ṁgcpg

(
Tg1 − Tg2

)
(2.6)

First, the logarithmic mean temperature difference LMTD has to be ascertained for
the different configurations. According to [67], the LMTD for a counter cross-flow
heat exchanger is calculated with

LMTDCC,z = z
√

LMTDX (LMTDC)1− 1
z . (2.7)

Therein, z is the number of consecutively arranged equal crossings. In case of z = 1,
Equation (2.7) changes into the formula for cross-flow heat exchangers

LMTDX = Θ
(
ϑg1 − ϑw1

)
. (2.8)
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The correction factor Θ defines the balance or imbalance of the heat exchanger, using
the ratio of the capacity rates. If z → ∞, Equation (2.7) is reduced to

LMTDC =
(
ϑg1 − ϑw2

)
−
(
ϑg2 − ϑw1

)
ln
(

ϑg1 − ϑw2

ϑg2 − ϑw1

) . (2.9)

Equation (2.9) is the LMTD-equation of a counter-flow heat exchanger. In Figure
2.8 the relative deviations between the Equations (2.7) to (2.9) as a function of NR are
demonstrated. The average mean value shows a very slight increase of the calculated
uncertainty e (rel. deviation), if Equation (2.9) is used for the different heat exchanger
configurations. An average mean error maximum of 3% is calculated. The difference
between counter-flow and counter cross-flow in the formula for the calculation of the
logarithmic mean temperature difference is decreasing with an increasing number of
consecutive tube rows. Therefore, in this study for all tube row configurations, the
LMTD is calculated using Equation (2.9) for counter-flow heat exchangers.

Figure 2.8.: Relative Deviation between Counter Cross-Flow and Counter-Flow Heat
Exchanger

The total outside surface area Atot of the finned-tubes is calculated non-helically
and the fin is modeled with an I-shape, see Figure 2.9. The fin steel-strip consists of
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Figure 2.9.: Fin-modeling for Calculation

the solid part and the segmented part. During production process, the fin is wound
around a boiler tube in a helical manner and is stretched at the outside and slightly
compressed at the inside in circumferential direction. Yet, for a more precise approxi-
mation, also the lengthening piece between the segments of the projected fin face and
circumferential face is considered. Nevertheless, all dimensions of the geometry are
seen as an average mean measurement value of the 88 finned-tubes. Thus, Atot is
expressed as

Atot = nr
(

Atube + A f
)

= nr
(

Atube + A f f + At f + Al f + As
)

= nr
(

Atube + A f f + At f + Al f + As f f + Ast f
)
 (2.10)

where Atube is the face of the free bare tube and A f the fin face. A f f is the projected
fin face, At f is the segment tip face, Al f is the segment lateral face, and As is the total
face enlargement of the fin. This increase in size is grouped into the projected fin face
As f f and tip face Ast f . These considerations are defined for a single fin and tube in a
periodic array, as shown in Firgure 2.10.

With the data from Table 2.3 as depicted in Figure 2.3 it follows:

Atot

nr
= [(da + s) π (t− s)] +

2
[π

4

(
(da + 2hb)

2 − (da + s)2
)

+ nsbs (h− hb)
]
+

nssbs+
2nss (h− hb) +

2nshb sin
(

π

2ns

)√
h2

b −
(

hb sin
(

π

2ns

))2

+

2nsshb sin
(

π

2ns

)



(2.11)

36



2. Experimental Techniques

A

A

A

A

f

ff

lf

R

A A A )s stf sff=( +

Atf

A Atot tube= +Af

tubeA

Figure 2.10.: Fin-surfaces for Calculation

The heat transfer coefficient at the internal side of the tube, as mentioned above, can
be calculated with the knowledge of all data at the water-side. Combining the energy
balance with the law of Fourier, the overall heat transfer coefficient k is expressed
with

k =
Q̇

AtotLMTD
=

1
1
α

+
Atot

AR

(
da + s

2λt
ln

da + s
di

+
da + s
diαi

) . (2.12)

The apparent heat transfer coefficient α at the gas-side is defined, using the log-
arithmic mean temperature difference, the geometry, and the fluid properties. This
calculation scheme equals those mentioned in [73], [1], and [22]. To calculate the ac-
tual heat transfer coefficient at the finned-tube "surface"5, a reduction coefficient −
so-called fin efficiency − is defined, according to [56]. This fin efficiency is calculated
according to the laws of heat conduction and is restricted to uniformly distributed heat
transfer coefficient across the fin surface and thermal insulation at the surface of the
segmented section, see also [14]. To define fin efficiency, the segmented finned-tube
is divided into two parts. ηr1 (I) includes the radial part, starting at the fin-base and
ending at its tip. ηr2 (II) is the fin efficiency for the radial part of the fin without the
segment. This is presented in Figure 2.9. Under the assumption of given reduced fin

5Substantially, this assumption quantifies the fin-part and the tube-part
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height hred1 and hred2 it follows that

ηr1 =
tanh (m1hred1)

m1hred1
, (2.13)

ηr2 =
tanh (m2hred2)

m2hred2
, (2.14)

with

m1 =

√
2α0

λ f s
bs + s

bs
, (2.15)

m2 =

√
2α0

λ f s
, (2.16)

as fin-efficiency parameters. Herein, λ f is the thermal conductivity of the fin mater-
ial and bs the segment width. The reduced fin height is calculated according to the
method of Schmidt [56], [13], and [14] separately for the radial part with and without
the segment. To define for this case hred1 and hred2 a Taylor series expansion of the
linear terms, which is accurate enough, is used and expressed as follows:

hred1 = hb

(
1 + 0.35 ln

(
da + 2hb

da

))
+
(

hs +
s
2

)
(2.17)

hred2 =
(

hb +
s
2

)(
1 + 0.35 ln

(
da + 2hb

da

))
. (2.18)

This approach for evaluating fin efficiency of the segmented finned-tube shows good
agreement compared to literature e.g. [72], [16]. To consider the effect of heat trans-
fer from the fin tip, the effective fin height is increased by one half of its thickness,
according to literature e.g. [58] uses the approach of Styrikovich. If Equations (2.15)
and (2.16) are applied to (2.13) and (2.14) with (2.17) and (2.18), overall fin efficiency
ηr calculates as follows

ηr = ηr1
da + hb

da + 2hb
+ ηr2

hb

da + 2hb
. (2.19)

With the developed fin efficiency, the current (external) heat transfer coefficient at
the surface is determined iteratively by

α0 =
αAtot

Atube + ηr A f
. (2.20)

Using the characteristic length da + s of the modeled I-fin (real U-shaped fin), the
dimensionless number Nu0 is calculated using the established equation

Nu0 =
α0 (da + s)

λgm
. (2.21)
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Special care has to be taken of the choice to substitute the fluid properties. The
dimensionless groups include all fluid properties, which are temperature dependent
and thus it has to be distinguished if the wall temperature or the average mean tem-
perature of the flue-gas is to be set [14]. By taking into account the average mean
boundary layer temperature at the gas-side

Tb =
Tw + Tgm

2
, (2.22)

the Nusselt number states

Nub = Nu0
λgm

λb
. (2.23)

The Pr-Number at the gas-sided average mean boundary layer temperature is de-
fined as follows:

Pr = µb
cp

λb
. (2.24)

The average velocity of the fluid flow in this work is defined with the projected
minimum net free area between the investigated tubes, see Figure 2.6.

Fmin = H B− NL

(
(da + s) Lt + 2

(
Lt

a + s

)
s h
)

(2.25)

In case of a half tube installed at the channel wall, Fmin changes to

Fmin = H B− NL

(
(da + s) Lt + 2

Lt

a + s
s h
)
−
(

da + s
2

Lt +
Lt

a + s
s h
)

. (2.26)

The Reynolds number is calculated according to [14] with

Reb =
ṁRG (da + s)

Fminµb

Tgm

Tb
. (2.27)

2.6.2. Governing Equations for Pressure Drop

The total pressure drop of the finned-tube and the channel is obtained by

∆p = ∆pFT + ∆pCh, (2.28)

where ∆p is the measured pressure difference between the inlet and outlet of the
test section above a length of 1040 mm. These measurement positions are presented in
Figure A.2. ∆pFT is the pressure drop of the finned-tube bundle (inserts, resistances in
the flow channel) and ∆pCh is the pressure drop calculated with Equation (2.4).

By considering the pressure variation as a result of the temperature change above
the bundle, the total pressure drop coefficient for the serrated tube bundle in the test
section is calculated with

ξNR =
[

∆p +
(

ṁg

Fmin

)2 ( 1
ρg1

− 1
ρg2

)
︸ ︷︷ ︸

density variation

]
2

ρgmu2
E
− λ

LCh

DCh

(
uE

wCh

)2

. (2.29)
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The pressure drop coefficient due to friction of the channel is correlated approxima-
tive using Equation (2.5), as verified before. All properties for the physical quantities
are based on the arithmetic mean temperature of hot gas between inlet (Tg1) and out-
let (Tg2). The flue-gas cools down along the way through the heat exchanger. Thus,
the volume and the velocity are reduced. The flue-gas density rises if the temperature
is lowered. The pressure variation as a result of velocity change is seen from the mo-
mentum balance for a horizontal channel with ρ (x) 6= const. as follows [51], [50], [41]:

1
ρ (x)

dp
dx

+
d

dx

(
u2

2

)
= 0. (2.30)

If dp
dx = const. and ρ (x) is known, then Equation (2.30) changes after reordering and

integration into:

1
ρ (x)

dp
dx

= −
d
(

u2

2

)
dx

−
∫ 2

1
d
(

u2

2

)
=

u2
g1 − u2

g2

2

with

dp
dx

∫ 2

1

dx
ρ (x)

=
dp
dx

∫ 2

1
v (x) dx

≈dp
dx

[
vg1 + vg2

2

]
L

=
dp
dx

1
2

[
1

ρg1
+

1
ρg2

]
L

Thus, (2.30) simplifies to

u2
g1 − u2

g2

2
1
L

=
1
2

[
1

ρg1
+

1
ρg2

]
∆pρ

L
.

After rewriting and introducing the mass balance, ∆pρ can be expressed as:

∆pρ =
(

ṁg

Fmin

)2 [ 1
ρg1

− 1
ρg2

]
. (2.31)

This term considers the density change due to a temperature variation. In case of
cooling, the term is positive (pressure recovery) and negative for heating. To compen-
sate for all side effects, all pressure drop measurements are performed additionally
at ambient temperatures without heat exchange through the heating surface. Then
the density between inlet and outlet is almost equal (ρ1 ≈ ρ2) and Equation (2.30) is
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reduced to the Bernoulli-equation for incompressible flows. The pressure drop of
the inserts (tube bundle) becomes

∆pFT = NRξ
ρgmu2

E
2

,

using the afore mentioned Equation. The velocity within the minimum net free area
of a tube row uE is defined by

uE =
ṁg

Fminρgm
,

if Equation (2.3) is recalled. Finally, the average pressure drop coefficient of a single
tube row is determined with

ξ1R =
ξNR

NR
. (2.32)

This relationship is shown in section 4.1.1 and is performed according to well estab-
lished literature e.g. [58], [73], and [14].

2.7. Measurement Validation

The measurements are accomplished at the gas-side and at the water-side. Apart from
describing the functional connections of the measurements, the scope of the validation
should be addressed to fulfill the energy balance of the used system boundaries. Each
heat transfer measurement series is performed to attempt high accuracy. To obtain
precise heat transfer correlations, each calculated point is validated after measurement.
The applied data validation model, shown in [28], was introduced by Tenner, Klaus,
and Schulze [63]. This curve-fitting technique utilizes equations for mass and energy
balances as well as measurement value equations. The basic concept of the validation
is to use all measurement values with their variances and co-variances in such a way
that all calculated "true" measurement values fulfill the auxiliary conditions. This
criterion, developed by [63], is adopted to the applied measurement process as follows:
The energy balance Equation (2.6) is determined and its conditions must be met. With
the unknown measurement values for the variables ṁw, ṁg, Tw1, Tw2, Tg1, and Tg2,
these equations change to:

Q̇ = M1cpw (M2 − M3) (2.33)

and
Q̇ = M4cpg (M5 − M6) . (2.34)

The measured values with their uncertainties

M = (M1, M2, ..., M6) , (2.35)

do not fulfill the side conditions. For this reason, all values M are supplemented
with correction factors. Thus, the true values are:

V = M + ν. (2.36)
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The correction factors ν are determined in such a way, that equation (2.37) reaches
a minimum and the side condition (2.39) is equal to zero. According to the method of
least squares, Equation (2.37) with the empiric inverse matrix for the co-variance reads
as

G (ν) = νT ∑ M−1ν 7→ Min. (2.37)

It is attempted to investigate steady state conditions. Thus, the temperature differ-
ence between flue-gas and channel wall is nearly equal. Also the temperature differ-
ence between the fin tip and flue-gas is very small. The adjacent fins do have also
nearly the same temperature distribution above the surface. Thus, the portion of radi-
ant heat transfer is very small and is therefore to be neglected in the further calculation
of gas-sided heat transfer coefficient.

The heat losses through the channel wall are evaluated according to [1]. The heat
flow is calculated according to the laws of convection and conduction. The convective
heat transfer coefficient at the internal side of the test channel wall is known. The
layers of the channel wall, the ceramic wool, the mineral wool, and the aluminum
foil are considered in the evaluation of the heat conduction. At the outside of the
channel wall, the heat transfer coefficient is calculated separately according to the
laws of heat transfer at horizontal and vertical plates under natural convection. The
surface temperature is estimated and measured to have a maximum of Tsur f = 60◦C.
Inside the laboratory building, the temperature has ambient conditions. The finally
calculated heat losses are very small, which leads to the conclusion that the resistive
layers of the isolations from the test channel wall are very effective. Since the heat loss
through the channel wall is rather small compared to the transferred heat by means of
the heat exchanger, the energy balance becomes

Q̇w + Q̇g + Q̇l︸︷︷︸
Q̇l<<Q̇

= 0 (2.38)

Thus, the side condition is

h (V) = 0. (2.39)

After combining equation (2.37), (2.39) and using the Lagrange multiplier

λ = (λ1, λ2, ..., λ6) , (2.40)

it follows:

G (V , λ) = (V − M)T ∑ M−1 (V − M) + 2λTh (V) 7→ Min. (2.41)

It can be assumed that all measured values are independent, so the matrix of the
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co-variances according to [63] and [60] changes into

6

∑
i=1

Mi =

∣∣∣∣∣∣∣∣∣∣∣∣∣

σ2
M1

0 0 0 0 0
0 σ2

M2
0 0 0 0

0 0 σ2
M3

0 0 0
0 0 0 σ2

M4
0 0

0 0 0 0 σ2
M5

0
0 0 0 0 0 σ2

M6

∣∣∣∣∣∣∣∣∣∣∣∣∣
.

The variance of a random variable is a measure of a statistical dispersion from the
mean value. For the weighting function, the relative uncertainty is considered. After
combining the inverse co-variance matrix

6

∑
i=1

M−1
i =

∣∣∣∣∣∣∣∣∣∣∣∣∣∣∣∣∣∣

1
σ2

M1

0 0 0 0 0

0 1
σ2

M2

0 0 0 0

0 0 1
σ2

M3

0 0 0

0 0 0 1
σ2

M4

0 0

0 0 0 0 1
σ2

M5

0

0 0 0 0 0 1
σ2

M6

∣∣∣∣∣∣∣∣∣∣∣∣∣∣∣∣∣∣
with equation (2.41), it follows that

G (V , λ) =
(V1 − M1)

2

σ2
M1

+
(V2 − M2)

2

σ2
M2

+ . . . +
(V6 − M6)

2

σ2
M6

+

+2λ
[
V1cpw (V2 −V3)−V4cpg (V5 −V6)

]
7→ Min.

(2.42)

The minimum of G (V , λ) is evaluated by calculus of variations. This is done by
means of partial derivations with respect to the true values and the Lagrange mul-
tiplier. A determined non-linear system of equations for 7 variables is obtained. The
solutions to this system are the 6 validated measurement values and the Lagrange

multiplier λ. This process validation method is also standardized by VDI 2048, ap-
plied e.g. for nuclear power plants. Most of the validation procedures are applied for
stationary conditions, as presented in this study. But also in applied thermodynamic
processes, a dynamic behavior often occurs. In open literature online-validation mod-
els for transient behavior can be found for these applications.

After applying the criterion of data validation, all measured values can be developed
into correlations for the prediction of the Nusselt number. According to the method
of dynamic similarity, an objective function for Nu may be defined as follows:

Nu = f (Re, Pr). (2.43)
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Following dimensional analysis, the simplest form of the power law for the heat
transfer correlation, without any term related to the characteristic length for the con-
sideration of geometry parameters, would be achieved.

Nu = CRemPrn (2.44)

C and m are functions of geometrical parameters, whereas n depends on fluid prop-
erties. In this study, all Nu-Correlations are calculated at constant Pr values6.

2.8. Calculation of the Measurement Uncertainties

For the analysis of measurements, an uncertainty calculation is a sufficient condition.
According to DIN 1319, [7], [20], and [3], the propagation of uncertainties is calculated.
A measured value is usually subdivided into the true value, the systematic error, and
the random error. This assumption takes into account that rough errors are prevented
and thus are avoided. Systematic errors are signed values, which can be corrected or
detected by the change of the measurement procedure or by the use of a more precise
measurement instrumentation itself. The systematic errors are composed additively
by the known and the unknown systematic errors. Random errors are not determin-
istically detectable or influenced. These uncertainties are in principle not avoidable,
but straggling if a statistic measurement is repeated under identical conditions. For
this purpose, random errors can be reduced, if the number of recorded measurands
of the same measurement values is increased under repeatability conditions. It is not
possible for every test case to distinguish between a random error or an unknown
systematic error [7]. To quantify the random errors or unknown systematic errors,
the methods of statistical mathematics are applied. All measured uncertainties for
the applied system are well known and can be quantified with the law of uncertainty
propagation. F is the determined function of the n measurands or measured values
fi. The measured values are independent of each other. Attention has to be paid to
this, because a compensation of the individual calculated mean error could be initi-
ated. Thus, the mean uncertainty with the unknown systematic errors δ fi is expressed
in form of a "square addition" according to the law of propagation of the uncertainty
with

δF = ±

√√√√ n

∑
i=1

(
∂F
∂ fi

)2

δ f 2
i . (2.45)

The uncertainty is defined by the absolute error, with the same unit of the measur-
and. The relative error is the uncertainty related to the result of the measurement (FS).

6It is assumed that the condition of air as transfer medium in this study is almost constant (Pr =
const.)
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The relative error of a product of two or more values is calculated geometrically.

eF =
δF
F0

100 [%] (2.46)

The input quantities for the unknown systematic errors of the different measurement
systems are taken from the manufacturer or were estimated regarding to the used
measurement instrumentation as empirical values. Apart from the validity of the law
of uncertainty propagation of Gauss for random errors, the evaluation of the unknown
systematic errors is sufficiently accurate in the industrial measuring method for a
confidence interval of 95% [3]. In this section, the calculation procedure of the error
propagation is indicated, to evaluate the true values for the heat transfer coefficients
as well as for the pressure drop coefficients.

• The relative uncertainty of the flow measurement (DIN 1952):
The mass flow of air is a function of the temperature, the pressure in front of
the nozzle, as well as the pressure drop according to the velocity change and is
defined as follows:

ṁa = f (pa, ∆pVent, Ta) (2.47)

The relative measurement uncertainty of the air mass-flow is defined in [7] and
[8] can be expressed as a function in form of:

eṁa = f
(

eC f , eε, eDVent , edVent , β, e∆Vent , epbaro , eρa (RRG, pbaro, Ta)
)

(2.48)

with
β =

dVent

DVent

Herein, the unknown systematic errors or relative errors are estimated or speci-
fied by the manufacturer or the DIN standard with

eC f = ±0.8973 %

eε = ±2
∆pVent

pbaro
%

eDVent = ±0.4 %

edVent = ±0.07 %

eAD = ±0.05 %

δ∆pVent = ±1.71 Pa

δpbaro = ±427.107 Pa

δRRG = ±2.88
J

kgK
δTa = ±3 K



.
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Applying the law of error propagation to the mass flow measurement of air at
8 consecutively arranged tube rows, the uncertainties calculate as follows: the
results show a disproportionate increase at low Re-numbers (Re < 14000) if the
Venturi nozzle is applied over the entire Re-range, which is presented in Fig-
ure 2.11. The average error of the mass flow measurement of air is lower than
±3%. At Re = 10000 the uncertainty is nearly about ±10%, and extrapolated
for Re < 7000 about ±15%. Thus, at low Re-numbers, an ISA 1932 inlet nozzle
is applied with almost linear measurement uncertainty distribution of approxi-
mately ±3% within the entire Re-range. In addition, at low Re-numbers, while
using the Venturi nozzle, the already mentioned micro-manometer (meter scale
19.99 mmH2O) is applied to reduce these measurement uncertainties. In Figure
2.12(a) the relative uncertainties for the mass flow of air eṁa , structured according
to their size above the total number of measurements Ni in %, are presented. As
it is shown, the uncertainty is lower than ±3% for 90% of the measured values.

Figure 2.11.: Relative Uncertainty of the Air Mass-flow Measurement for the Full Re-
range

• The uncertainty of the gas-sided heat transfer coefficient:
The apparent heat transfer coefficient at the gas-side is determined with Equation
(2.12). It can be expected that αi >> α. As an approximative estimation it is
assumed that the second term (∗) in the denominator is rather small compared to
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(a) Mass Flow of Air

(b) Logarithmic Mean Temperature Difference

Figure 2.12.: Relative Uncertainties of all Measured Values
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1
α , thus the formula for calculating used in the law of error propagation reduces
to:

k =
Q̇

AtotLMTD
=

1
1
α

+
Atot

AR

da + s
2λt

ln
da + s

di︸ ︷︷ ︸
(∗<< 1

α ) → 0

+
Atot

AR

da + s
diαi︸ ︷︷ ︸

(αi >>) → 0

Since the gas-sided apparent heat transfer coefficient is a function of

α = f
(

Atot, LMTD, Q̇
)

, (2.49)

with
Q̇ = Q̇w = Q̇g, (2.50)

the uncertainties for LMTD and Q̇ have to be evaluated separately. Thus, for the
considered objective functions it follows:

LMTD = f
(
Tg1, Tg2, Tw1, Tw2

)
Q̇w = f

(
ṁw, cpw , Tw1, Tw2

)
Q̇g = f

(
ṁg

(
eC f , eDVent , edVent , β, e∆Vent , epbaro , eρa (RRG, pbaro, Ta)

)
, cpg , Tg1, Tg2

)


(2.51)

In Figure 2.12(b) the graph of the relative uncertainties of LMTD is displayed.
80% of the measurands have an uncertainty lower than ±5% and 90% of the
values are within ±10%. This indicates a low dispersion of the individual gas
and water temperatures, which is important for a low uncertainty of the heat
transfer coefficient. The mass flow of water ṁw was unvaried at each individ-
ual configuration during the measurement procedure. However, the measured
values cause small straggling, so this part is also considered in the error propa-
gation at the water-side. Since the mass flow of natural-gas ṁng is rather small,
compared to the mass flow of air ṁa, the calculated relative uncertainties from
Equation (2.48) are implemented component-wise for evaluating the relative heat
flow uncertainties at the gas-side. The unknown errors are estimated with

δTg1 = ±3 K

δTg2 = ±3 K

δTw1 = ±0.5 K

δTw2 = ±0.5 K

eṁw = ±1 %

ecpw = ±0.0035 %

δṁg = ±eamg
kg
s

with ma ≈ mg

ecpg = ±0.025 %



.
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In Figures 2.13(a) and 2.13(b), the structured relative uncertainties of the trans-
ferred heat are presented. Both graphs were calculated using the objective func-
tion (2.51). As seen, for 80% of all measured values at individual configurations,
the relative uncertainty evaluates for eQ̇g

≈ ±15% and for eQ̇w
≈ ±12%. The

minimum uncertainty for both cases is about ±5%. Apart from the calculated
uncertainties, it is important to have a more precise determination of the mea-
sured values at the water-side, since this is responsible for the evaluated heat
transfer coefficient.

After applying the law of uncertainty propagation, by evaluating the partial
derivations with respect to LMTD, Q̇w or Q̇g, the uncertainty of the apparent
heat transfer coefficient is determined with

δα = ±

√√√√( ∂α

∂Q̇g/w

)2

δQ̇2
g/w +

(
∂α

∂LMTD

)2

δLMTD2 . (2.52)

In Figure 2.14 the structured relative uncertainties of the apparent heat transfer
coefficient are presented. The result of the total measurements indicates that
approximately 80% of the measurands have a relative uncertainty laying within
±15%.

• The uncertainty of the gas-sided pressure drop coefficient:
The mean velocity of the flue-gas is a function of:

uE = f
(
ṁg, ρgm, Fmin

)
(2.53)

With the specified errors

δFmin = ±0.001146 m2

δṁg = ±eṁa ṁg
kg
s

 ,

it follows for the uncertainty of the flue-gas velocity:

δuE = ±

√(
∂uE

∂ṁg

)2

δṁ2
g +

(
∂uE

∂ρgm

)2

δρ2
gm +

(
∂uE

∂Fmin

)2

δF2
min (2.54)

In the uncertainty calculation, the density at the inlet and at the outlet of the test
section is considered separately. The average mean value is evaluated with

ρgm =
ρg1 + ρg2

2
. (2.55)

If it is assumed that
ρg1/2 = f

(
RRG, Tg1/2 , pPWT

)
(2.56)
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(a) Heat Flow of Water

(b) Heat Flow of Flue-Gas

Figure 2.13.: Relative Uncertainties of the Transferred Heat
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Figure 2.14.: Relative Uncertainties of the Heat Transfer at the Gas-Side
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with
eRRG = ±1 %

ePWT = ±0.15 %

δpbaro = ±427.107 Pa

δTg1 = ±3 K

δTg2 = ±3 K


,

the uncertainty becomes

δρg1/2 = ±

√(
∂ρg1/2

∂RRG

)2

δR2
RG +

(
∂ρg1/2

∂pPWT

)2

δp2
PWT +

(
∂ρg1/2

∂Tg1/2

)2

δT2
g1/2

. (2.57)

The pressure drop uncertainty of the unloaded channel is evaluated with the
equation according to Konakov and expressed in form of:

λ = f (Re)
Re = f

(
ṁg, ACh, µgm

)} (2.58)

Following the calculation procedure for the uncertainty propagation with

eµgm = ±0.5 %,

the estimated relative uncertainty for the channel Reynolds number is eReCh ≈
±0.7% 7 and for λ a very small value of eλ = ±0.15− 0.2% is evaluated. The
relative uncertainty for the pressure drop of the tube bundle is calculated with
the knowledge of Equation (2.29) and is defined as a function as follows:

ξNR = f
(
∆p1/2, ṁg, ρg1, ρg2, ρgm, uE, λ, FMin, DCh, LCh, ACh

)
(2.59)

The influence, caused by the geometrical dimensions, is very small and can thus
be neglected in further evaluations. For hot test conditions, the density variation
effect to the relative measurement uncertainty is also considered, thus the mean
density is calculated separately. With the relative uncertainties for the applied
pressure transducers, given in Table 2.2, and an estimated A/D converting un-
certainty as well as the uncertainties for the individual values as stated above,
the law of error propagation for the pressure drop uncertainty measured at the
channel wall (1) and channel center (2) is finally specified with

δξ2
NR

=
(

∂ξNR

∂ṁg

)2

δṁ2
g +

(
∂ξNR

∂∆p1/2

)2

δ∆p2
1/2 +

(
∂ξNR

∂ρg1

)2

δρ2
g1+

+
(

∂ξNR

∂ρg2

)2

δρ2
g2 +

(
∂ξNR

∂ρgm

)2

δρ2
gm +

(
∂ξNR

∂uE

)2

δu2
E +

(
∂ξNR

∂λ

)2

δλ2.

(2.60)

7The index indicates the characteristic length
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As the evaluated relative uncertainties in Figures 2.15(a) and 2.15(b) show, exem-
plary for 8 tube row configuration, for Re > 15000 a constant value of approx-
imately ±5% is to be expected. Especially for Re < 15000 down to the lower
measurement range, the relative uncertainties show a disproportional increase.
This is caused by small pressure differences between test section inlet and out-
let. As seen between measurements, performed at ambient conditions as well as
hot test conditions, no considerable difference is noticeable. Generally, the error
propagation performed for the pressure transducer at the channel wall results in
lower relative uncertainties than at the channel center, as seen. In Figures 2.16(a)
and 2.16(b), the structured relative uncertainties of the pressure drop coefficients
are presented. 80% of the evaluated uncertainties of the pressure drop coefficient
measured from the pressure drop at the channel wall are between ±15− 20%.
The propagation of the uncertainties performed for the channel center are be-
tween ±20− 25%. Any occurring differences between the results of ambient and
hot condition may be interpreted by the total number of measurands. Especially
the pressure drop influence at low Re-number is investigated at ambient condi-
tions. Thus, considerably more measured points are performed at Re < 15000.

Finally, it may be agreed that the relative uncertainties for the pressure drop
coefficient, evaluated for the channel wall and channel center, for 80% of the
measurands are ±20%.

The application of the law of propagation of uncertainty according to the measuring
section is emphasized to give an association or insight to the size of the measured
quantities.
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(a) Pressure Drop Coefficient at Ambient Conditions

(b) Pressure Drop Coefficient at Hot Conditions

Figure 2.15.: Relative Uncertainty of the Pressure Drop Coefficient of 8 Tube Rows
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(a) Pressure Drop Coefficient at Ambient Conditions

(b) Pressure Drop Coefficient at Hot Conditions

Figure 2.16.: Relative Uncertainties of the Finned-Tube Pressure Drop Coefficient
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Determine that the thing can and shall be
done, and then we shall find the way.

Abraham Lincoln

?

3.1. Analytical Approximation of Conduction through a

Finned-Tube

The determination of heat transfer above a complex finned-surface is rather compli-
cated due to the fact of a non-uniform temperature distribution over the fin. Thus,
the heat transfer coefficient α (r, ϕ) 6= ᾱ, is a function of r and ϕ, where ᾱ is the inte-
gral mean heat transfer coefficient. These effects in combination with the fluid flow
are denoted as forced convection problem. In the following, an analytical survey of
the temperature distribution above a surface with solid and segmented fins, simply
in form of a conduction problem without any convection will be discussed. While
research into certain problem areas is performed, the mentioned list makes no claim
of being complete. The temperature gradient in a circumferential fin has been investi-
gated in detail by e.g. Ill’in & Styrikovich, Gardner, Krischer & Kast cited in [58],
and by [44]. Fin efficiency problems, as a result of the temperature distribution above
a segmented fin, were analyzed by e.g. [26], [24] and [25]. The following solid fin con-
siderations are based on [44]. To calculate the interactions between the distribution of
the heat transfer coefficient and temperature, the differential equation of heat conduc-
tion in cylindrical coordinates for steady state conditions has to be resolved, which is
defined as follows:

∂2T
∂r2 +

1
r

∂T
∂r

+
1
r2

∂2T
∂r2 +

2α (r, ϕ)
λ f s

(
Tgm − T

)
= 0 (3.1)

The factor 2 considers both fin sides for heat charging rates. The thermal conductiv-
ity λri, the temperature at the fin base Ti, and the fluid temperature Tgm are assumed
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to be constant as simplifying conditions [44]. Since this elliptic inhomogeneous linear
partial differential equation has only solutions for a certain α-distribution, a constant
heat transfer coefficient ᾱ above the fin surface is assumed. In the following consider-
ations the mean heat transfer coefficient ᾱ is replaced by α for the purpose of conve-
nience. Further assumptions are: No internal heat sources, homogeneous fin material,
no thermal resistance between fin and tube, and negligible temperature gradient in
perpendicular direction of the fin according to [58]. Considering these assumptions
Equation (3.1) leads to:

d2Ξ
dr2 +

1
r

dΞ
dr
−m2Ξ = 0 (3.2)

This is the well known Bessel differential equation, with Ξ = Tgm−T, m =
√

2α/λ f s,

and α (r, ϕ) = ᾱ = α0. The general solution of this equation are the modified zero-
order Bessel functions of the imaginary argument

Ξ (mr) = Φ1 I0 (mr) + Ψ1K0 (mr) . (3.3)

Considering the boundary conditions at the fin base 1(no thermal resistance)

T|r=ri = Ti (3.4)

and at the fin tip 2(no heat exchange with the surrounding fluid)

dT
dr
|r=ra = 0, (3.5)

the coefficients Φ1 and Ψ1 are defined as follows:

Φ1 =
K1 (mra)

(
Tgm − Ti

)
I0 (mri) K1 (mra) + I1 (mra) K0 (mri)

Ψ1 =
I1 (mra)

(
Tgm − Ti

)
I0 (mri) K1 (mra) + I1 (mra) K0 (mri)

 . (3.6)

Consequentially, the temperature distribution above a solid fin can be expressed
with

T(r) = Tgm −
I0 (mr) K1 (mra) + I1 (mra) K0 (mr)

I0 (mri) K1 (mra) + I1 (mra) K0 (mri)
(
Tgm − Ti

)
. (3.7)

If heat exchange from the fin tip should be considered, the fin height is to be en-
larged by one half of the fin thickness, as mentioned above, see [58], [14].

To calculate the temperature profile for a segmented finned-tube while considering
the afore mentioned restrictions, the following approach according to [24], [25], and
[26] is chosen. Herein, the fin is sub-divided into the annular section rab ≤ r ≤ rat and

1ri ≡ da/2
2ra ≡ D/2
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the segmented section rsb ≤ r ≤ rst, where rat = rsb, see Figure 2.3. For the annular
part of the considered fin, Equation (3.2) is used. For the segmented part, the Equation
of a plane fin according to literature, is used:

d2Ξ
dr2 −m2Ξ = 0 (3.8)

After substituting Ξ = u for the annular part and Ξ = v for the segmented part,
Equations (3.2) and (3.8) are transformed into

urr +
1
r

ur −m2u = 0

vrr −m2v = 0

 . (3.9)

The general solution of the Bessel differential equation has been already evaluated,
refer to Equation (3.3). The fundamental solution of the homogeneous differential
equation of second order for the segmented part reads as

Ξ (mr) = Φ2emr + Ψ2e−mr. (3.10)

The boundary conditions at the fin base (no thermal resistance), and at the fin tip
(no heat exchange with the surrounding fluid) are

T|r=rab = Tab

dT
dr
|r=rst = 0

 ; (3.11)

and the intermediate connecting conditions [25], [24] are

T|r=ri = Tat = Tsb

dT
dr
|r=rat =

dT
dr
|r=rsb

 . (3.12)

If the substituted boundary conditions for this case

u|r=rab = Ξab

u|r=rat = v|r=rsb

d
dr

u|r=rat =
d
dr

v|r=rsb

d
dr

v|r=rst = 0


(3.13)

are considered, the coefficients Φ1, Ψ1, Φ2, and Ψ2 evaluate as follows, compare
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with [25], [24]:

Φ1 =
(
Tgm − Ti

)
Ω

[−K0 (mrat) emrat e−mrst + K0 (mrat) e−mrat emrst−

− K1 (mrat) emrat e−mrst − K1 (mrat) e−mrat emrst ]

Ψ1 =
(
Tgm − Ti

)
Ω

[−I0 (mrat) emrat e−mrst − I0 (mrat) e−mrat emrst−

− I1 (mrat) emrat e−mrst − I1 (mrat) e−mrat emrst ]

Φ2 =
(
Tgm − Ti

)
Ω

[−e−mrst (I0 (mrat) K1 (mrat) + I1 (mrat) K0 (mrat))]

Ψ2 =
(
Tgm − Ti

)
Ω

[−emrst (I0 (mrat) K1 (mrat) + I1 (mrat) K0 (mrat))]



, (3.14)

with

Ω =− I0 (mrab) K0 (mrat) emrat e−mrst + I0 (mrab) K0 (mrat) e−mrat emrst−
− I0 (mrab) K1 (mrat) emrat e−mrst − I0 (mrab) K1 (mrat) e−mrat emrst+
+ I0 (mrat) K0 (mrab) emrat e−mrst − I0 (mrat) K0 (mrab) e−mrat emrst−
− I1 (mrat) K0 (mrab) emrat e−mrst − I1 (mrat) K0 (mrab) e−mrat emrst

 . (3.15)

Finally, the temperature distribution above a segmented fin is described with:

T(r) =

{
Tgm − [Φ1 I0 (mr) + Ψ1 I0 (mr)] rab ≤ r ≤ rat

Tgm − [Φ2emr + Ψ2e−mr] rsb ≤ r ≤ rst
(3.16)

This temperature profile is valid for fins with thermal insulation at the tip and
side section in perpendicular direction of the segment, as well as for a uniformly
distributed heat transfer coefficient over the fin surface. To account for the portion of
heat transfer from the side surfaces of the segmented section, an analytical model was
evaluated by [26], which is considered therein with

mseg =

√√√√2α
(

1 + s
bs

)
λ f s

. (3.17)

In Figure 3.1 the temperature profiles for a segmented and a solid finned-tube, spec-
ified with the geometrical parameters from Table 2.3, are presented. The graphs are
calculated for constant α = 87.95 W/m2K, λ f = 52.7 W/mK, Tgm = 363.26 K, and
Ti = 342.12 K. As seen, starting from the same fin-base temperature, the segmented
fin has a lower fin-tip temperature.
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Figure 3.1.: Temperature Profile

Using the general definition of the fin efficiency, [58],

ηr =

2π ra∫∫
0 ri

(
Tgm − T(r)

)
αrdrdφ

(
Tgm − Ti

)2π ra∫∫
0 ri

αrdrdφ

, (3.18)

values of ηr for the segmented fins and for the solid fins with same fin height may
be evaluated. Measurements at U-shaped segmented, at I-shaped segmented, and
I-shaped solid finned-tubes have shown that fin efficiency decreases with increasing
mass flow under cross-flow conditions. Thus it may be concluded that fin efficiency
is highly dependent on the conduction through the fin. For more detail regarding fin
efficiency research, it is referred to literature. An analytical study about fin efficiencies
of solid finned-tubes has been performed by Gardner, cited in [58]. Fin efficiencies
for segmented finned-tubes were analyzed extensively by [24], [25], and [26]. Based
on e.g. [72], fin efficiency pre-calculations are suggested analytically as well as by use
of Nomograms.
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Yet, to account for the effect of a non-uniform temperature distribution and thus
heat transfer coefficient distribution across the fin surface, α has to be considered as a
function of r and ϕ, being α (r, ϕ) 6= ᾱ. For this case, an approximate solution has to be
evaluated for Equation (3.1). Among the possible resolutions, the method of Ritz was
analyzed in [44] for specific individual cases. The object is to find a linear-combination
of basis functions for the temperature distribution, with coefficients from Ritz’ linear
system of equations. For an arbitrary α distribution, the integrals have to be resolved
numerically, [44].

Furthermore, to account for the heat transfer distribution above finned-tubes in
cross-flow, as in laboratory test conditions, the heat conduction through the fins has
to be supplement with a forced convection problem. In this study, the conjugate heat
transfer considerations between fluid and wall are performed by means of a CFD
analysis, which is calibrated and validated by test series, accomplished at the labora-
tory. Especially the theoretical considerations include a comparison of the global heat
transfer- and pressure drop behavior from the experiments, with the results gathered
from the numerical analysis, which are investigated for global and local phenomena
at a single finned-tube row. Local effects viz. flow phenomena (secondary flows e.g.
vortex, separation problems) and conjugate heat transfer (i.e. coupled conductive and
convective heat transfer and temperature distribution) above a helical and circular
finned-surface have therefore be analyzed.

3.2. Numerical Simulation of a Single Finned-Tube Row Heat

Exchanger in Forced Convection

Numerical calculation, especially when applying the finite volume method, is a so-
phisticated possibility to model forced convection problems. These results may be
helpful to gain some insight into flow distribution, which influences pressure drop
and heat transfer at various operating conditions. Since finned-tube heat exchangers
consist of rather complex geometry, this knowledge may be useful to modify several
individual geometrical parameters for a heat transfer enhancement optimization.

Judging from the literature review presented in Section 1.2 it is an appropriate as-
sumption to predict fluid flow phenomena and convective heat transfer, using three
dimensional steady state CFD simulations, performed at a single finned-tube row or
at tube bundles in cross-flow under forced convection based on two-equation turbu-
lence models. In this work, single row finned-tube heat exchanger in cross-flow, with
solid and segmented fins, are investigated, whereas the fins are arranged circularly
or helically around the bare tube. The effect of the parametrically varied Reynolds-
number3 in the range of 3500 ≤ Re ≤ 35000 to the Nusselt-number and the pressure
drop coefficient is analyzed. Especially the difference between solid and serrated fins

3For this case the characteristic length is da
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is considered. For modeling turbulence, a renomalization group theory (RNG) k-ε tur-
bulence model with enhanced wall functions is applied to resolve near wall treatment
between the adjacent fins. All investigations are performed under hot and ambient
conditions. It is intended to calibrate the global results of the CFD-calculation with
those calculated from the measurement at the test rig. Therefore, a flow rectifier and
an inflow channel at the gas-side should provide the same inlet conditions and the
investigation of an array of finned-tube layers represents the periodic boundaries as
in the computational domain of the simulation. Apart from these global investiga-
tions, local transfer behavior of the thermal field is examined for convective transport
phenomena.

3.2.1. Governing Equations of Fluid Flow and Heat Transfer and Turbulence
Modeling for the Examined Problem

Applying the finite volume method, the governing equations for the "exact" conserva-
tion of mass, momentum and energy are defined according to [74], [66], and [65]. The
mass conservation for incompressible fluid under steady state conditions is described
with the convective term in Cartesian coordinates

∂ui

∂xi
= 0. (3.19)

The Navier-Stokes equations at steady state conditions for incompressible flow
without any gravity-force in tensor notation reads as

uj
∂ui

∂xj︸ ︷︷ ︸
Convective

= −1
ρ

∂p
∂xi︸ ︷︷ ︸

Pressure Gradient

+
1
ρ

∂tij

∂xj︸ ︷︷ ︸
Di f f usive

, (3.20)

whereas in case of isotropic fluids, for the viscous stress tensor tij when introducing
the strain rate tensor sij it follows:

tij = 2µsij = µ

(
∂ui

∂xj
+

∂uj

∂xi

)
. (3.21)

From the first law of thermodynamics the energy equation is derived as the net rate
of increase of energy, which equals the net rate of heat added to fluid plus the net rate
of work done on fluid4, [66]. For incompressible flow under steady state conditions
the energy equation reads as

∂ (ui [ρe + p])
∂xi

=
∂

∂xi

(
λ

∂T
∂xi

)
. (3.22)

4Considering the fluid flow, the thermal energy is much higher than the kinetic and the potential
energy. Therefore, the balance equation for the thermal energy is simplified.

62



3. Numerical Consideration

No viscous dissipation terms occur in the energy conservation, since viscous heating
is neglected due to its low effect, [10]. For the special case of incompressible fluid it is

e = cvT

h = e +
p
ρ

= cpT

 , (3.23)

thus, for ideal gas, the energy equation can be converted into a temperature equation

ρcp
∂ (uiT)

∂xi
=

∂

∂xi

(
λ

∂T
∂xi

)
. (3.24)

For the solid part (i.e. tube and fin), the left hand side of Equation (3.24) equals 0.
In three dimensions the flow field is described with five PDE’s5. For incompressible
flow, without any density variation, there is no linkage between the energy equation
and the mass- and the momentum equations, where the energy equation is solved
additionally, if a conjugate heat transfer problem is to be considered, refer to [66].

The finned-tubes in cross-flow under consideration are investigated in a Re-range
of unstable or turbulent flow regime. The flow character becomes highly chaotic and
shows random nature. Due to highly complex turbulent motions, the mass, momen-
tum and heat is very advantageously exchanged. Reynolds decomposition enables it
to quantify these velocities by assuming a steady mean value (time averaged) super-
imposed by a random fluctuating part. Introducing the turbulent fluctuations for the
mean flow equations, the complete set of PDE’s with the Reynolds-averaged Navier-
Stokes equations for incompressible flow reads as

∂Ui

∂xi
= 0

ρUj
∂Ui

∂xj
= − ∂P

∂xi
+

∂

∂xj

(
2µSji − ρu′ju

′
i

)
∂ (Ui [ρE + P])

∂xi
=

∂

∂xi

(
λe f f

∂T
∂xi

)


(3.25)

Herein, λe f f = λ + λt is the effective thermal conductivity and λt is the turbulent
conductivity, [10]. As stated above, the mean flow behavior is affected by velocity
fluctuations, which cause additional stresses to the fluid, the Reynolds stresses. These
stresses have to be considered in turbulent CFD codes. The symmetric Reynolds stress
tensor τij is defined, [74],

τij = −ρu′ju
′
i (3.26)

5Partial Differential Equations
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Generally, RANS turbulence models are based on the mean flow quantities and are
defined by one length scale (and one time scale). As a result of Reynolds averaging, six
new unknown quantities are generated. With the five unknown mean-flow properties,
there are 11 unknown ones. To handle this closure problem, the Bossinesq eddy-
viscosity6 approximation is introduced, which is applied in eddy-viscosity-models,
e.g. two-equation models as for example k− ε, k−ω, or RNG k− ε.

τij = −ρu′ju
′
i = µt

(
∂Ui

∂xj
+

∂Uj

∂xi

)
− 2

3
ρkδij (3.27)

Herein, the viscosity µ in Newton’s law is replaced by the turbulent or eddy vis-
cosity µt

7. In case of isotropic flow conditions for the specific turbulent kinetic energy
follows:

k =
1
2

u′iu
′
i =

3
2

u′2i (3.28)

For the applied two-equation turbulence model RNG k − ε, two additional equa-
tions, one for the specific turbulent kinetic energy and one for the rate of dissipation,
have to be solved. As described in [18] and [48], the Renormalization Group Theory
(RNG) modeling of turbulent flows by Orszag and Yakhot applies statistical per-
turbation methods to organize the solution of the Navier-Stokes equations of the
dynamics from the mean flow quantities. Also, this theory allows to interpolate into
low Reynolds number regions [18]. The RNG theory gives values for the closure coef-
ficients. The mathematic is highly difficult to comprehend, thus in the following the
governing k- and ε-relations, the eddy viscosity, and the closure coefficients which can
be found in open literature, [74], [18], [66] are just stated:

µe f f = µ + µt

µt = ρCµ
k2

ε

Uj
∂k
∂xj

=
∂

∂xj

[
µe f f αk

ρ

∂k
∂xj

]
+

τij

ρ

∂Ui

∂xj
− ε

Uj
∂ε

∂xj
=

∂

∂xj

[
µe f f αε

ρ

∂ε

∂xj

]
+ Cε1

ε

k
τij

ρ

∂Ui

∂xj
− Cε2

ε2

k


, (3.29)

6The presumption is that an analogy between viscous stress and Reynolds stress on the mean flow
exists [66]

7In the term of the turbulent pressure, the Kronecker-delta is defined with (δij = 1 if i = j and
δij = 0 if i 6= j) for the correct results of the Reynolds stresses.
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Cε2 ≡ C̃ε2 +
Cµλ3

(
1− λ

λ0

)
1 + βλ3

λ ≡ k
ε

√
2SijSij, Sij =

1
2

(
∂Ui

∂xj
+

∂Uj

∂xi

)
µ

µe f f
=
∣∣∣∣ α− 1.3929
α0 − 1.3929

∣∣∣∣0.6321 ∣∣∣∣ α + 2.3929
α0 + 2.3929

∣∣∣∣0.3679

Cε1 = 1.42, C̃ε2 = 1.68, Cµ = 0.085

β = 0.012, λ0 = 4.38



(3.30)

where Cε2 contains the rate of strain and Sij is the mean-rate-strain tensor. Gener-
ally, the conservation equations (3.29) under steady state conditions are constructed
as follows [66]: the first term on the left-hand side represents the convective trans-
port of k or ε, the first term on the right side stands for the diffusive transport, the
second for the rate of production and the third term for the rate of destruction of k
or ε. Herein, the inverse Prandtl numbers α, α0 are evaluated with the help of the
heat transport relation, which was derived analytically, [18], [10]. The well reported
difficulty of the application from standard k− ε-models at near wall regions, adopted
in a wide Reynolds range from low to high Re-numbers, and flows with rapid rate
of strains as well as stream curvature will be compensated or have a positive impact
imposed by a strain-dependent correction term in the ε-equation, [65], [18]:

R =
Cµλ3

(
1− λ

λ0

)
1 + βλ3

(3.31)

To choose the same or almost equal inlet conditions for the simulation as in the
laboratory test rig, preliminary estimations at smooth and finned-tubes with a coarse
computational grid are performed, where the boundary conditions for the inlet are
varied. Fluent © provides different options for the specification method, containing
explicit k and ε or by recalculating from the doubles of the turbulent intensity and
hydraulic diameter, or the length scale, or the viscosity ratio, [10].

k =
3
2

(uin Tu)2

ε = C3/4
µ

k3/2

l

 (3.32)

The difficulty in the equation of the rate of dissipation arises for the choice of an
appropriate length scale 8. Thus, for a first examination three different configurations
of the solid finned-tube for l with 0.1%, 0.4%, and 1% of the transversal tube pitch as

8Some first basic examinations are performed in case of smooth tubes at constant inlet velocity of
uin = 7 m/s, were the characteristic length was varied in between the hydraulic channel diameter, the
bare tube diameter, and the transversal tube pitch.
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well as applying the hydraulic channel diameter at hot and ambient conditions were
calculated. Also the influence on the flow field at high Tu = 10% and low Tu = 1% for
the velocity at the inlet of the computational domain of uin = 5 m/s and uin = 7 m/s is
investigated. All CFD-calculations were performed applying ANSYS, Fluent 6.3.26 ©,
providing a near wall modeling with enhanced wall functions [10]. In all calculations
the incompressible ideal gas law is applied, where the density of the fluid depends
only on the operating pressure and not on the local relative pressure field, and is
evaluated using the ideal gas law.

3.2.2. Wall Functions

The considered wall-bounded flow within the computational domain is influenced by
the presence of the given solid fin structures. To save computational requirements,
a wall function approach was applied. Here, the near-wall region close to a solid
boundary is not solved explicitly but is "formulated" using an empirically-determined
relation, serving the basis for boundary conditions of momentum, energy, and turbu-
lence quantities. At the wall surface, the no slip condition has to be fulfilled. Generally,
standard k − ε models are valid at high Re-numbers and low viscous stresses. How-
ever, close to the wall, the influence of viscous stresses rises against turbulent Reynolds
stresses, thus these empirically-developed wall functions are employed. y+ is the di-
mensionless orthogonal distance to the wall and U+ is the non-dimensional scaled
velocity parallel to the wall and is defined with

y+ =
uτy

ν

U+ =
U
uτ

 (3.33)

where, uτ =
√

τw
ρ and τw are the wall friction velocity and the wall shear stress,

respectively. Close to the wall a linear relationship between y+ and U+ is observed.
Outside of this so-called viscous sublayer, the velocity profile can be described by a
log-law, named log-law-layer. This is depicted in Figure 3.2, taken from [65], where
experimental data is compared to these empirically-determined functions. The region
in between these two layers is often called buffer layer or blending region, from about
y+ ≈ 5 to y+ ≈ 30, and the range of validity is varying from author to author [10],
[66], [65].

As already mentioned above, a result of these complex geometries with their dense
grids (up to 6 grid points á fin thickness) yield to small values of y+. Thus, enhanced
wall functions are used for near-wall treatment. This "single-wall-law" can be applied
throughout the fully turbulent region, the blending region, and the viscous sublayer,
by blending the linear and logarithmic laws, [10], [65]. Similar to a U+-profile, the
thermal wall functions are developed; both laws can be defined in form of a blending
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Figure 3.2.: Dimensionless Velocity Profile of a Turbulent Boundary Layer in Compar-
ison to Experimental Data, for κ ≈ 0.4 and E ≈ 9.8 taken from [65]

function as defined in, [10] or [65]:

U+ = eΓ1U+
lam + e

1
Γ1 U+

turb

T+ = eΓ2 T+
lam + e

1
Γ2 T+

turb

 (3.34)

3.2.3. Modeling of the Computational Domain and Grid Generation

Five different models with solid and segmented fins were developed. For the investi-
gation of segmented fin-tubes, three different domains were generated, whereas two
models are constructed to analyze especially the effect of circular segmented I and U-
shaped fin geometries. The U-shaped fin model sketch is depicted in Figure 3.3(a) and
3.3(c). As seen, the computational domain consists of two half adjacent finned-tubes
with two fin pitches. One fin pitch consists of the U-shaped part of the fin and the
other consists of the bare tube part. For saving computational calculation time, the nu-
merical analysis can be limited to a single fin pitch, using symmetry and/or periodic
sections, as performed in [33], [39], [53], [64], [32], [34], and [46]. Thus, symmetries
of the fins were utilized by adopting symmetry conditions through the mid plane of
the fins at s/2. The generated model of the I-shaped fin is presented in Figure 3.3(b)
and 3.3(c). As seen, due to symmetries of the geometry, only a single fin pitch is con-
sidered here. To account for any velocity distribution and thus momentum as well as
heat transfer effects in z-direction, periodic boundaries were applied, passing through
the mid plane at the half fin spacing between two adjacent fins. To obtain the same
behavior as in the test rig, the effect of the symmetry of 11 tube layers was chosen as
symmetry condition, which was adopted on the top and bottom of the computational
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Figure 3.3.: Computational Domains of Circular Segmented Finned-Tubes

domain for all models. To investigate the influence between circular and helical fins
on the fluid flow in z-direction and thus heat transfer augmentation, an additional
model was developed applying helically segmented fins. For the discretization of the
spiral fins, periodic conditions were applied on the left and right hand side of the do-
main, seen from the flow x-direction above the finned-tube bundle, see Figures 3.4(a)
to 3.4(c). As seen, due to complex geometry, a single tube was considered to build a
"unitary cell". The upstream and downstream region is located in a certain distance, to
avoid possible side effects, [46] [53], and [64]. The "measurement" planes in the domain
for temperature and pressure determination are located at equal distance compared to
the experiments.

The modeling of the solid finned-tubes was performed in the same manner accord-
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Figure 3.4.: Computational Domain of the Helical Segmented Finned-Tube

ing to the segmented fins. Due to simpler geometry of the solid fins, the computational
domain consists of two half tubes each for both cases, circular and helical; refer to Fig-
ures 3.5(a) to 3.5(c).

Starting from a single bare tube in cross-flow, the computational domain was dis-
cretized stepwise until the circular and helical solid or segmented finned-tube model
was able to be meshed. Therefore, the domain9 was split up into several parts of
simple descriptive geometries and meshed each separately.

In Table 3.1 the different specifications of the models, numbers of employed volume
blocks, and total numbers of cells for meshing the solid part as well as the fluid part
of the domain are given.

9I.e. fins, tube, fluid between fin and tube, inlet region, and outlet region
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Figure 3.5.: Computational Domain of Solid Finned-Tubes

The grid was generated, combining block-structured and unstructured meshes in
Cartesian coordinate systems. For the inflow and outflow region structured meshes
with the so-called "coopering" constructing scheme were applied, to obtain well dis-
tributed flow conditions. The desired number of nodes and spacing of grid points
is applied to several fin-tube parts of the complex geometries. At near wall regions,
quadrilateral cells, so-called "boundary layers", are constructed around all circular
finned-tubes. As a result of the small fin thickness and large finning diameter, huge
aspect ratios will arise. To reduce this effect and for modeling of heat conduction
through the solid material, up to 6 grid points are used to discretize the fin thickness.
Additionally, the first cell heights in the solid and fluid regions were chosen to be
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Table 3.1.: Specifications of the Modeled Finned-Tubes

Notation I-fin U-fin I-fin I-fin I-fin
segmented segmented segmented solid solid
circular circular helical circular helical

di [mm] 31.6 31.6 31.6 32.8 32.8
da [mm] 38.8 38/38.8 38.8 38 38
bs [mm] 4.3 4.3 4.3 − −
hs [mm] 11.44 11.43 11.44 − −
s [mm] 0.8 0.8 0.8 1.0 1.0
h [mm] 19.6 19.6 19.6 15 15
D [mm] 78 78 78 68 68
BCh [mm] 3.39 6.80 3.38983 3.623 3.623
HCh [mm] 85 85 85 85 85
a [mm] 2.59 2.60 2.58983 2.623 2.623
Volume Blocks− # 48 23 54 20 12
Cells− # [in 1000] 2.153 3.904 6.617 3.357 3.120

almost similar, for preventing numerical problems10. To reproduce the periodic effect
of the helically segmented fin tube, the minimum solid fin thickness in the model
starts from ≈ 0.04 mm. Since the condition of the dimensionless wall distance for
standard wall functions between the adjacent fins could not be met (y+ > 30, loga-
rithmic law of the wall) [74], enhanced wall functions were applied to the model, [10].
Thus a high number of cells was needed and a large computational effort is involved
for the simulation of these complex geometries, associated with these dense grids.
All simplifications and assumptions for modeling in regard to saving computational
time, and thus differences between the model and the realistic measured object, will
be covered by evaluation and should have sparse consequence to the gained results
of the numerical simulations. A rather large number of dense and coarse grids were
pre-constructed. The modeling of the computational domain and the grid generation
were performed by means of the commercial software ANSYS Gambit 2.3.16 ©.

3.2.4. Boundary Conditions and Thermo-Physical Properties

Elliptic problems require boundary conditions for each boundary of a calculation area,
to evaluate the mass, momentum and heat transfer. The upstream inlet condition
was chosen as "velocity inlet" with a turbulent intensity of Tu = 5 % and a given
temperature of Tin = 480 K. The constant inlet velocity is assumed to be uniformly

10Before exporting the mesh file for calculations, the grid cells were checked for aspect ratios and
skewing.
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distributed with just an x-component in flow direction. In the course of the parameter
variation, the inlet velocity ranges from 0.8 m/s to 13 m/s. In this study, only the
fluid at the air-side was modeled and the boundary conditions from the water-side
were implemeted. For hot conditions, the free stream temperature at the internal
tube-side was defined to be constant at Tw = 330 K with an appropriate heat transfer
coefficient of αi = 3860 W/m2K of the adjacent fluid inside the tube, reads as thermal
convection condition, which is common practice - refer to literature [46], [53]. The
water-temperature and the inlet/outlet gas-temperatures will be finally inserted into
Equation (2.9) for heat transfer evaluation. Considering this modeling technique, the
estimated error as a result of the constant temperature and heat transfer coefficient
at the water side will be small11. The advantage of this boundary condition type is
that a wall temperature is obtained for a given free stream inlet temperature and the
material of the finned-section. At the wall the no-slip-condition for the velocity is
ascertained. For the downstream outlet boundary a "pressure outlet" condition was
chosen to an ambient static pressure of about 1.013 bar. The density variation, as
mentioned above, in Fluent © is evaluated using the incompressible ideal-gas law,
since the pressure variations are small enough but the flow is temperature dependent,
[10]. The effect of gravity was neglected. Orthogonal to symmetry conditions, no heat
flux and momentum will be transferred, [46]. For CPU-cost reasons as mentioned
above, periodic and symmetry conditions are ascertained. In case of periodicy, the
conditions from the left finned-tube wall are reflected to the right wall, assuming an
infinite sequence of fin-arrays. For modeling the heat transferring medium, dry-air
is assumed and for the solid material i.e. fin and tube, carbon steel (St 35.8) was
chosen. The user defined thermo-physical "material" properties of dry-air and the
solid material are stated in the Appendix B.1.

3.2.5. CFD-Procedure

Two major aspects are mainly responsible for an appropriate CFD calculation result,
that is convergence and grid independence, [66]. In this section some computational
parameters for the performed CFD calculations will be discussed.

• Control- and Relaxation Parameters
As far as it was possible in the scope of this work, especially with these com-
plex geometries, a grid independency study was performed. For this purpose,
the variation of the mass-averaged outlet temperature downstream of the tubes
within the flow channel for a constant inlet velocity was judged for the stability
of the obtained overall Nusselt number.

A double precision pressure-based solver was selected for heat transfer problems
of incompressible flow, where the scaled residuals can fall high orders of magni-
tude. In case of conjugate problems involving high thermal conductivity ratios

11αi»α
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between solid and fluid as well as the generated grids provide high-aspect-ratios,
the option of the double-precision solver, implemented in Fluent ©, provides
higher accuracy and convergence, [10].

For solving the convective and conductive problem at helically segmented fins,
an explicit under-relaxation for the temperature was implemented. Since high
skewed meshes in regions of small fin-endings (≈ 0.04 mm) at the periodic
boundaries are expected, this technique will provide improved convergence.
Here, the under-relaxation factor for the energy is set to 1 and the under-relax-
ation factor for the temperature was chosen with 0.5. The under-relaxation factor
controls the transport variable temperature by restricting 50% change from the
determined vale from previous iteration to the current iteration, [65]. Addition-
ally, the influence of the secondary gradients12 due to tetrahedral grid at some
wall regions was lowered, as they are used as corrective terms for the accuracy
of a solution, [11]; these meshes were calculated applying the node-based av-
eraging scheme, since this is more accurate for unstructured meshes. All these
refinements are very time consuming but will enhance the obtained results of
the calculation procedure.

The linkage between pressure and velocity was applied using the SIMPLE-
scheme, [49], as well as refer to literature e.g. [66] and [65]. But so far, the Péclet
number accounts for the convective and diffusive transport. In case of a real
heat conduction problem, a central differencing scheme would be appropriate
(Pe <<). In this work, the portion of convective flow behavior is large compared
to diffusive effect 13, thus the discretization of the differential equations was im-
plemented by means of upwinding schemes for the pressure-velocity coupling.
All calculations were started with the first-order upwinding scheme, since this
was observed to provide faster convergence. After about 1000 to 1500 iterations
the modus was switched to second-order upwind- or in some cases to third-order
MUSCL-schemes14, for better accuracy15 rather than faster convergence. But the
choice for an adequate discretization scheme depends on the different computa-
tional domains of the solid and segmented finned-tubes. All in all between 7000
and 12000 iterations were necessary until the termination criterion was finally
reached.

• Convergence Check of the Solutions
A lot of factors indicate if a solution of a CFD calculation will converge, but it

12Those gradients are also responsible for computing secondary diffusion terms and velocity deriva-
tives, [10]

13If the Péclet number becomes very large, thus any dependency of the flow upon downstream loca-
tions is rather small

14Monotonic upwind scheme for conservation laws
15Due to the fact of high velocity gradients in the channel near two adjacent fins, to avoid numerical

diffusion, [10]
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is difficult to judge this criterion. For the pressure-based algorithm, the scaled
residuals16 have to decrease in the orders of at least 3 magnitudes, and the en-
ergy residuals must decrease at least 6 orders magnitude, [10]. For an appropri-
ate solution with acceptable accuracy, deep convergence is thus required. The
convergence check was done by means of scaled residuals and outlet tempera-
ture monitoring (being a relevant quantity). Additionally, the overall heat and
mass balances were checked. A solution seemed to be converged, if the plotted
curves are flattened, which indicates that the solution is no longer changing with
ongoing iteration, as provided in [12].

Parallel computing is applied and a simulation was stopped if either steady or pe-
riodic behavior of the residuals undergo the termination criterion. Finally it has to
mentioned that in the course of this parameter study a total number of 80 useful CFD
calculations for solid and segmented finned-tubes were accomplished.

16In Fluent © the residuals are scaled with a scaling factor, i.e. representative of the flow rate [10]
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To raise new questions, new possibilities,
to regard old problems from a new angle,
requires creative imagination and marks real
advance in science.

Albert Einstein

?

In the first part of this section, the global results evaluated from the experimental
investigations at different tube configurations as well as from numerical analysis are
presented. Afterwards, a row correction factor, as a result of turbulent flow conditions
of consecutively arranged tube rows is determined. With the help of dimensional
analysis, correlations for the prediction of heat transfer and pressure drop coefficients
are derived. A comparison of the considered different finned-tube types with corre-
lations from open literature is presented. Finally, the performance of the investigated
finned-tube bundles is analyzed, applying the theory of the Performance Evaluations
Criterion (PEC), suggested by Webb, [71] as well as Stephan and Mitrovic [59]. The
second part mainly discusses local phenomena due to fluid flow, heat convection and
conduction.

4.1. Global Consideration of the Experimental Results

4.1.1. Heat Transfer and Pressure Drop of the Investigated Tube-Bundle

The following Figures 4.1(a) to 4.3(b) present the calculated dimensionless heat trans-
fer coefficient from the measured results as function of the Reynolds number for a
representative number of measured points within the Re-range at 8, 6, 4, and 2 U-
segmented finned-tube rows in staggered arrangement and for a single tube row as
well as special configurations. In these diagrams an overall error bar of ±15% is
marked, which is calculated to include about 80% of all measured results. The date
of series of measurement and the row configuration is shown in the legends of the
graphs.
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(a) 8 Consecutive Rows

(b) 6 Consecutive Rows

Figure 4.1.: Heat Transfer of Segmented U-Finned-Tubes, for Pr ≈ 0.71, d = 38 mm,
with ±15% Overall Relative Uncertainty
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(a) 4 Consecutive Rows

(b) 2 Consecutive Rows

Figure 4.2.: Heat Transfer of Segmented U-Finned-Tubes, for Pr ≈ 0.71, d = 38 mm,
with ±15% Overall Relative Uncertainty
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As seen, the heat transfer coefficient increases with an increasing number of tube
rows. The Nu-number tends to be constant above 8 tube rows, compare Figure 4.1(a)
and 4.1(b). The exponents for the Nusselt correlations1 vary roughly from about 0.46
to 0.62 for the individual row configurations. This variation may be caused by the pres-
sure difference measurement uncertainty of the mass flow of air at low Re-Numbers
as well as the temperature measurement uncertainty between inlet and outlet at the
water-side and/or gas-side, especially for a lower number of tube rows.

Since two or even only one tube row occur sometimes in a bundle of heat recov-
ery steam generators, heat transfer equations for one tube row are required. Thus,
investigations are emphasized for single row configurations. The difficulty of these
arrangements is the small temperature difference at the water side2, considering a
minimum water velocity to fulfill turbulent flow conditions within the water-tubes. At
the gas-side, a possible bypass effect due to staggered tube layout occurs, see Figure
2.5. All these effects increase the measurement uncertainty.

In Figure 4.3(a) the calculated Nu-numbers at a single tube row configuration as
function of the Re-number are shown. As seen, at about Re > 10000, a possible bypass
flow takes place. This reduces the effective transferred heat, which leads to a smaller
exponent in the power-law for higher Re-numbers. As mentioned above, to reduce
the flow bypassing effect, a semi-tube is installed at the bottom of the channel wall,
reducing the effective minimum net free area in a tube row. This influence can be seen
in the results of measurements at a single tube row with a semi-tube installed at the
channel-bottom in Figure 4.3(b), denoted as ”1S TR”. Thus, at Re > 10000, the bypass
flow is reduced and the power law shows a nearly linear correlation in the double-
logarithmic diagram. For Re < 9000 a higher measurement uncertainty between the
two series of measurements may be ascertained, due to effects as mentioned above.
The scatter plot, denoted with ”1 + 7”, presents measurements at 1 heated finned-tube
row with 7 consecutively arranged unheated rows. As seen, this arrangement leads
to slightly higher heat transfer than for a single tube row in cross-flow, which can be
seen as an impact of blockage from the unheated tubes of the downstream, causing a
reflux or reverse transport.

In Figures 4.4(a) and 4.4(b), the pressure drop coefficient evaluated for a single tube
row (single resistance) from different investigated tube layouts in staggered arrange-
ments is shown. Besides investigations at augmented temperature conditions, all pre-
sented pressure drop coefficient measurements are performed at ambient conditions,
to reduce any effects caused by pressure recovery. The index of ξi indicates the position
of the pressure difference measurement up- and downstream of the investigated tube
bundle. "1" (ξ1) is calculated from the static pressure differences at the channel wall of
the air-side at the finned-tube bundle, where "2" (ξ2) is calculated from pressure dif-
ferences in the center of the flow channel. A considerable amount of measured points

1Nu = f (Re, Pr)
2only a single equal crossing of the flow-channel width of about 500 mm
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(a) Single Tube Row

(b) Special Configurations

Figure 4.3.: Heat Transfer of Segmented U-Finned-Tubes, for Pr ≈ 0.71, d = 38 mm,
with ±15% Overall Relative Uncertainty

79



4. Experimental and Numerical Results

in the Re-range of about 5000 < Re < 50000 is accomplished. The evaluation for a
single row is performed according to Equation (2.32)3, because especially for high Re-
numbers no considerable difference within the obtained results may be observed. This
seems to be particularly valid for ξ2 in the whole Re-range. For Re > 15000 the pres-
sure drop coefficient of the different finned-tube bundle configurations has the same
characteristics in the center as at the wall of the flow-channel, while for Re < 10000
great uncertainty is revealed for the small pressure difference for U-shaped segmented
finned-tubes. As shown in Figures 4.4(a) and 4.4(b) for Re > 15000, a small increase
takes place, then, at Re ≈ 35000 up to the upper Reynolds boundary of measurement,
the pressure drop coefficient tends to show a constant value. In the channel center, no
flow separation or any bypass flow can be detected.

On the other hand, the evaluation of ξ1 at the channel wall increases for low Re-
numbers. This effect may be caused by any bypass flow between tubes and test channel
i.e. top, bottom, and two side walls and could be explained as follows: In the immedi-
ate area of the upstream bore hole at the channel bottom for the pressure measurement
the local velocity increases, while the local static pressure reduces in case of isother-
mal flow conditions. To reduce this effect, a semi-tube is installed. But the influence
of the semi-tube on the pressure drop at the channel wall position at same installation
size indicates also an increase of the pressure drop coefficient, which could be caused
by any flow reflux in front of the first tube row. Due to less net free area in a tube
row, uE in Equation (2.3) is influenced and thus the pressure drop in Equation (2.2).
However, this would indicate also a considerable influence (bypass flow) from the side
channel walls, which can be explained by the necessary space for the double helix of
the U-shaped fin as well as insufficient alignment of the tubes next to the flow-channel
wall. Furthermore, the effect reduces, as the number of consecutively arranged tubes
increases, which operates like natural flow resistances, see Figure 4.4(a).

An uncertainty calculation gives information of the estimated relative uncertainty
as function of consecutive tube row numbers and Re-range. As presented in Figures
4.5(a) and 4.5(b), a high uncertainty is expected for a single tube row as well as a single
tube row with a semi-tube at the channel wall, as a result of the very small pressure
drop differences. As the number of longitudinally arranged tubes increases, the rela-
tive uncertainty decreases. A comparison of ξ1 and ξ2, evaluated from measurements
at 8 consecutively arranged tube rows shows, no significant difference between the
flow-channel wall and center is observed. This is depicted in Figures 4.6(a) to 4.8 with
an overall error bar of ±20%. Considering all these facts mentioned above, signifi-
cant difference among pressure drop coefficients for higher number of consecutively
arranged tube rows is not expected. Thus it can be agreed that the pressure drop
of the investigated tube bundles at position "1" or "2" shows same tendencies for a
high number of consecutively arranged tubes. Hence, for further considerations, the
pressure drop coefficient ξ1,2 at 8 tube rows, evaluated for a single tube row, is chosen.

3mean average pressure drop
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(a) At the Channel Wall

(b) In the Channel Center

Figure 4.4.: Pressure Drop Coefficient of Segmented U-Finned-Tubes at Different Con-
figurations, evaluated for 1 Tube Row and d = 38 mm
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(a) At the Channel Wall

(b) In the Channel Center

Figure 4.5.: Relative Uncertainties of Pressure Drop Coefficient at Different Tube Row
Configurations at Ambient Temperature
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(a) Single Tube Row

(b) 2 Consecutive Rows

Figure 4.6.: Pressure Drop Coefficient of Segmented U-Finned-Tubes, evaluated for 1
Tube Row and d = 38 mm, with ±20% Overall Relative Uncertainty
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(a) 4 Consecutive Rows

(b) 6 Consecutive Rows

Figure 4.7.: Pressure Drop Coefficient of Segmented U-Finned-Tubes, evaluated for 1
Tube Row and d = 38 mm, with ±20% Overall Relative Uncertainty
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Figure 4.8.: Pressure Drop Coefficient of Segmented U-Finned-Tubes, evaluated for 1
Tube Row and d = 38 mm, with ±20% Overall Relative Uncertainty

4.1.2. Row Correction Factor

Finned-tube bundles in HRSG are very often utilized with only a few consecutive tube
rows in cross-flow. As tests have shown, the heat transfer coefficient of heat exchang-
ers with staggered tube layout varies with the number of consecutive tube rows and
increases with the number of tube rows arranged in cross-flow, until an almost con-
stant value is achieved. According to literature, this varies from 4 to 12 tube rows,
see e.g. [58], [46], [68], [14], [35], and [72]. Investigations at segmented finned-tubes,
presented in e.g. [29], [16], and [15] have shown, that for common tube arrangements
in HRSGs, this critical value can be confined with about 8 to 10 tube rows for an ap-
propriate approximation. Yet, there is no agreement between individual authors on
the tube row number at which the heat transfer coefficient remains constant.

The most formulas for calculating heat transfer at finned-tubes are generally valid
for a certain minimum number of consecutive tube rows and indicate a critical value
of equal or more than 8 rows in flow direction. As analyzed above, the pressure drop
coefficient, evaluated for a single tube row, on the other hand shows no distinctive
dependence on the number of consecutive rows in cross-flow4.

In this section, a row correction factor as a function of the Reynolds number and

4Considering the evaluated measurement uncertainty
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the number of tube rows, at smaller numbers of U-segmented finned-tube rows than
8 with staggered layout is derived for a representative number of measured points
within the Re-range. The correction could be applied both for tube rows with solid
and segmented fins, [13]. This reduction of the heat transfer coefficient of a small tube
row number in relation to the value α∞ (heat transfer coefficient for 8 or more consec-
utively arranged tube rows) for different constant Re-Numbers is shown in Figure 4.9.
Additionally, an average mean value for each row configuration is calculated (solid
line in the diagram). As seen, between low Re-numbers (7000) and high Re-numbers
(30000), this reduction varies in the range of about ±15%. The heat transfer increases
from row-to-row degresive, i.e. first to second row about 13.3%, second to fourth row
about 10.9%, and fourth to sixth row about 5.5%.

Figure 4.9.: Row Correction Factor KNR for 8, 6, 4, 2, and 1 Tube Rows at Different
Re-Numbers

The evaluation of the row correction factor is performed according to the calculation
procedure presented in [15]. Thus, the correction is suggested to be evaluated with

KNR =
Nu∞

Nu1

−C(NR)
(4.1)
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and the exponent

C (NR) =
ln
[

Nu8

NuNR

]
ln
[

Nu8

Nu1

] . (4.2)

In Figure 4.10, the function C (NR) above the tube row number is depicted. Generally,
this method is coupled with the relation [Nu8/Nu1], considering the longitudinal and
transversal tube pitch.

Figure 4.10.: Function CNR According to Frasz, [15] at Different Re-Numbers

In Figure 4.11 the mean average values of KNR are compared with literature. De-
pending on the longitudinal pitch tl , the heat transfer coefficient differs for various
tube bundles. Thus, different values of KNR for a single tube row are obtained, com-
pare values of e.g. Stasiulevicius [58] and Frasz [15]. Considering this effect, Weier-
man [72] and ESCOATM in [16], stated their reduction coefficient in dependence of
tl/tq. The coefficient of [58] was developed from measurements at solid finned-tubes.
A very good agreement can be found for the values of the U-segmented finned-tubes
and the correlation of Frasz [15], which is valid for staggered tube layout with a bare
tube diameter of 38 mm and the same tube pitch as in this work, denoted as Frasz1.
Additionally, a more general equation is stated in [13], denoted Frasz2 in the diagram.
As seen, there ought to be a good congruence between the performed measurements
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and selected literature.
According to [15] and [29], the Nusselt number Nu0

5 for NR consecutive tube rows,

Figure 4.11.: Comparison of Row Correction Factor with Literature

with NR less than 8 of the investigated U-fin tubes, is suggested to be correlated as
follows:

Nu0,NR = Nu0,∞KNR

KNR = 1− 0.392 log
(

NR,∞

NR

) , (4.3)

where ∞ at NR = 8.

5Calculated with the bare tube diameter
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4.2. Global Consideration of the Numerical Results

The evaluation of the Nusselt number and the pressure drop coefficient is based on
the calculation scheme exemplified in sections 2.6.1, 2.6.2, and 3.2.4. Therein the mass-
averaged temperature Tg2 at the "measuring" position is implemented, which is evalu-
ated in Fluent © with

Tg2 =

∫
Tρ~ud~A∫
ρ~ud~A

=

n

∑
i=1

Tiρi~ui ~Ai

n

∑
i=1

ρi~ui ~Ai

. (4.4)

In Figure 4.12 the heat transfer results of the segmented finned-tube for global consid-
eration are shown. The obtained values of the Nusselt number in case of the circular
U-shaped fin, applying the RNG k − ε and the standard k − ε turbulence model are
almost similar. No significant difference between the U-shaped and I-shaped modeled
fin was analyzed within these global results. But the gathered values of the helical
I-finned-tube CFD-model clearly shows a slight heat transfer enhancement compared
to circular finned-tubes. This may be seen as an affect of the inclination of the spiral
fin to the flow direction, which causes a velocity in z-coordinate and thus a fluid flow
in normal direction of the fin.

Figure 4.12.: Heat Transfer of a Single Segmented Finned-Tube Row in Cross-Flow
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However, this influence is low if the number of fins per meter is high, as it is the
case in this study. Analogous to the temperature evaluation, the mass-averaged static
and total pressure at the upstream and the downstream position of the investigated
finned-section are defined as follows

p1,2 =

∫
pρ~ud~A∫
ρ~ud~A

=

n

∑
i=1

piρi~ui ~Ai

n

∑
i=1

ρi~ui ~Ai

, (4.5)

but incompressible flow conditions are assumed. On the other hand, to overcome
this flow transport in z-direction in case of the helically wound fin CFD-model, the
pressure drop increases; compared to the circular fin. This is presented in Figure
4.13. As shown in the graph, the evaluated pressure drop coefficient for this single
tube row bundle ξ1R provides almost the same values for the circular fin models.
For high Re-numbers, a difference between the RNG k − ε and the standard k − ε

turbulence model is indicated to be observed. The global behavior of heat transfer

Figure 4.13.: Pressure Drop Coefficient of a Single Segmented Finned-Tube Row in
Cross-Flow

from the solid finned-tube is shown in Figure 4.14. Between the analyzed helical and
circular fin type no considerable difference can be observed. Yet, a slight variation
in the evaluated Nusselt number between the circular model, applying a coarse grid,
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Figure 4.14.: Heat Transfer of a Single Solid Finned-Tube Row in Cross-Flow

Figure 4.15.: Pressure Drop Coefficient of a Single Solid Finned-Tube Row in Cross-
Flow
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which is denoted with • and the same model applying a fine grid, denoted with ◦,
can be observed. Generally, by comparing the dimensionless heat transfer coefficient
within the analyzed Re-range in Figures 4.12 and 4.14, a heat transfer enhancement is
achieved applying segmented finned-tubes with the same bare tube diameter as solid
ones, although the fin height is different between the two CFD-models and the larger
the fin height is, the smaller the heat transfer may be6. In Figure 4.15 the pressure
drop coefficient for the different solid finned-tube models is depicted. For these cases,
no difference may be evaluated within the Re-range of the generated CFD-models of
the numerical simulation.

4.3. Comparison of Experiment and CFD-Simulation

The comparison of all gathered heat transfer data from measurements, performed on
a single U-segmented finned-tube row in cross-flow, and the corresponding CFD cal-
culation is presented in Figure 4.16. As seen, the calculated data set is within a narrow

Figure 4.16.: Comparison of Experiment and CFD Simulation: Dimensionless Air-Side
Heat Transfer Coefficient at Segmented Finned-Tubes

range7 and arranged along a virtual straight line in the double logarithmic diagram

6As an effect from heat conduction considering the fin efficiency
7Within the calculated relative uncertainty of the heat transfer coefficient of the experiment
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with approximately same gradient. Comparing the evaluated Nusselt numbers from
the measurements at a single tube row with a semi-tube installed at the channel wall8,
denoted with "1S TR" and the simulation of helically wound finned-tube shows qual-
itatively an excellent agreement, with a small deviation. For completeness reasons,
all performed simulations are considered here for a comparison with experiments.
But again, no significant difference within the evaluated relative uncertainty range of
±15% between circular simulations and experiment may be found.

A qualitative and quantitative pressure drop coefficient comparison of the experi-
ment at 8 tube rows (evaluated for a single tube row) with the CFD-calculations shows
good agreement especially in the Re-range of about 6000 ≤ Re ≤ 20000, refer to Figure
4.17. Here, the evaluated pressure drop coefficients of measurement and simulation
are quite close together, while for higher Reynolds numbers than 20000 up to 50000 a
diverging effect seems to be detected. Also, for Re ≤ 6000 the values for the pressure
drop calculated from the simulation are smaller than those obtained from the mea-
surement. Generally, the calculated ξ from the CFD-simulations of the helical fin-tube
shows better agreement with measurement than the circular ones.

Figure 4.17.: Comparison of Experiment and CFD Simulation: Pressure Drop Coeffi-
cient at Segmented Finned-Tubes

In the steady-state CFD-simulations no inclination and deformation of the individ-

8This provides almost same effect to symmetry boundaries of the computational domain
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ual fin segments from the steel strip, see Figure A.1(b), due to manufacturing, and
no especially chosen surface roughness for the fin and the tube (hydraulic smooth)
is considered, which occurs at the finned-tube in reality. The contact face between
fin and tube is assumed to provide no thermal resistance (perfectly welded) and the
tube in the channel is arranged exactly, facing fin tip on fin tip in transversal direc-
tion, as well as no bypass effect is considered due to periodic or symmetry calculation
boundary conditions. Additionally, it should be mentioned that the "evaluation" plane
of the gathered results from simulation is placed as accurately as possible to the real
measurement plane. Possible fluid flow effects, as flow separation and periodic repeat-
ing (oscillating) effects have not been detected in the applied measurement technique
at 8 tube row configuration. By taking into account all the afore mentioned effects,
it could be concluded that the obtained results from the comparison of all gathered
data, considering the relative measurement uncertainty of the experiments, show good
agreement.

A comparison of the CFD-calculations and measurements performed at 8 consecu-
tive staggered arranged spiral solid finned-tube rows is depicted in Figure 4.18. All
measurement values of this configuration with the transversal and longitudinal tube
pitch, bare tube diameter, and fin geometry, being equal in this work, are taken from
Frasz, refer to Table C.1. For the evaluation of the heat transfer at a single tube row,
the row correction factor KNR,(Frasz1) ≈ 0.638 was chosen, see Figure 4.11. As seen in
Figure 4.18, a good congruence can be found between the obtained results. Yet in
the whole Re-range, the CFD-calculations would predict slightly higher dimension-
less heat transfer coefficients than the evaluated measurement values; and this effect is
increased if the difference of Fmin between simulation and measurement is considered.
However, this corresponds to the pressure drop coefficient comparison, depicted in
Figure 4.19. Generally, the simulation results tend to have lower pressure drop coeffi-
cients than the measurements. In the evaluation of the pressure drop coefficient, the
minimum net free area between a tube row has to be considered. In case of the calcu-
lated results from the measurement this is evaluated with Fmin,meas = 0.23421 m2. On
the other hand, due to symmetry and periodic boundary conditions of the computa-
tional domain, the net free projected flow area is calculated with Fmin,CFD = 0.20361 m2,
which has a relative difference of about 13%. As seen in the diagram, both the con-
verted pressure drop measurements 9 from measurement at augmented temperature
conditions at the channel wall ξ1 as well as in the flow channel center ξ2 show high
scattering. The non validated converted results from measurement at ambient tem-
perature conditions show less scattering, but high deviations compared to simula-
tions especially at low Reynolds numbers. It should also be mentioned here that all
converted results do not reflect exactly the measurement conditions, thus carefulness
when judging the obtained results has to be paid. Additionally, for comparison rea-

9Convertion for both, the Re-number Re0 as well as the pressure drop coefficient ξ
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Figure 4.18.: Comparison of Experiment and CFD Simulation: Dimensionless Air-Side
Heat Transfer Coefficient at Solid Finned-Tubes

sons, a correlation of Frasz [14] is considered here, which is a modified form of the
equation of Stasiulevicius [58], valid for solid spiral finned-tubes. As a comparison
of this equation with literature in [14] shows, the evaluated pressure drop coefficients
are situated in the upper range among the other calculated values of ξ. Considering
the fact of the relative difference of Fmin between the simulation and measurement, any
possible solutions of the CFD calculations could be placed among the results obtained
from the ξ-correlation of Frasz.

4.4. Dimensional Analysis of the Investigated Heat Transfer

and Pressure Drop Problem

Similarity of physical phenomena is a powerful approach to model the behavior of
e.g. heat transfer and fluid flow at finned-tubes in cross-flow in forced-convection. Di-
mensional analysis provides a mathematical modeling method to formulate the char-
acteristics of an equation for complex quantities of engineering applications. The basis
of this approach is the Buckingham Π-Theorem, which provides the potentiality to
characterize a complex physical behavior, using a finite number of non-dimensional
products.

95



4. Experimental and Numerical Results

Figure 4.19.: Comparison of Experiment and CFD Simulation: Pressure Drop Coeffi-
cient at Solid Finned-Tubes

4.4.1. Correlations of Dimensionless Heat Transfer Coefficient

In the following the gas-flow is considered at steady state conditions and assumed to
be incompressible. Here, for the heat transfer examination, all thermo-physical prop-
erties are related to the average mean temperature between inlet and outlet ϑgm. The
initial step of the dimensional analysis is the characterization of the relevant variables
describing the investigated problem, according to [41]. For this case, the heat transfer
coefficient as function of

αgm = f
(
λgm, ugm, ρgm, νgm, cpgm , da, h, s, t

)
(4.6)

is considered. In Table 4.1, the units of the 10 relevant variables (parameters) are
specified, with their 4 individual base units. The rank of the dimensional matrix A
calculates for 6 dimensionless power products, describing the heat transfer behavior
of the finned-tube in forced convection. Applying the Π-Theorem, the given problem
states as follows:

F (Π1, Π2, Π3, Π4, Π5, Π6) = 0, (4.7)

with
Π = αk1

gm λk2
gm uk3

gm ρk4
gm νk5

gm ck6
pgm

dk7
a hk8 sk9 tk10 . (4.8)
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Table 4.1.: Relevant Variables for Heat Transfer Specification

Variable Unit Specification M L T Θ

Heat Transfer Coefficient kg
s3K αgm 1 0 -3 -1

Thermal Conduction kgm
s3K λgm 1 1 -3 -1

Gas Velocity m
s ugm 0 1 -1 0

Density kg
m3 ρgm 1 -3 0 0

Kinematic Viscosity m2

s νgm 0 2 -1 0
Specific Heat Capacity m2

s2K cpgm 0 2 -2 -1
Tube Diameter m da 0 1 0 0
Average Fin Heigth m h 0 1 0 0
Average Fin Thickness m s 0 1 0 0
Fin Pitch m t 0 1 0 0

The solution of the system of equations

A · [k1, k2, k3, k4, k5, k6, k7, k8, k9, k10]
T = 0, (4.9)

with

A = ajk

{
k = 1, . . . , n = 10

j = 1, . . . , m = 4
, (4.10)

are the exponents in Equation (4.7). The 6 dimensionless products for the given prob-
lem are

Π1 =
αgmda

λgm
= Nu Π4 =

h
da

Π2 =
ugmda

νgm
= Re Π5 =

s
da

Π3 =
ρgmνgmcpgm

λgm
= Pr Π6 =

t
da

(4.11)

Thus, Equation (4.7) is evaluated with:

Fn
(
αgm, λgm, ugm, ρgm, νgm, cpgm , da, h, s, t

)
⇔ F

(
Nu, Re, Pr,

h
da

,
s

da
,

t
da

)
(4.12)

Hence follows the Nu-number at finned-tubes in cross-flow, which is correlated in
formulation of a power law with terms related to the characteristic length for the
consideration of geometry parameters; compare with Equation (2.44).

Nu = CRemPrn
(

h
da

)o ( s
da

)p ( t
da

)q

(4.13)
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Considering the two different geometries of the I/U-shaped segmented finned-tubes
(for specification see Tables 2.3 and C.1), the following approach gives

Nu = C O
(

h
da

)
P
(

s
da

)
Q
(

t
da

)
RemPrn = C1RemPrn, (4.14)

where

O
(

h
da

)
= Ch

(
hI/U

da

)−0.007

≈ Ch

P
(

s
da

)
= Cs

(
sI/U

da

)0.008

≈ Cs

Q
(

t
da

)
= Ct

(
tR,I/U

da

)0.026

≈ Ct


are extended factors in the correlation, supplementing the influence of h, s, and t. In
Figure 4.20 the evaluated results of measurement at segmented I-shaped as well as
U-shaped finned-tubes and the calculated regressions are presented. As seen in the
diagram, the calculated overall regression including I-shaped and U-shaped finned-
tubes is slightly different compared to the regression with the approach evaluated
according to Equation (4.13). Two different geometries are considered for calculating
the correlations O, P, and Q, therefore these functions do not account exactly for
its influence. As evaluated, the exponent in the geometry functions O, P, and Q is
very small, thus the effect of these additional terms is not of real significance and is
therefore neglected. However, by comparing C1 of both correlations it can be seen that
the Nu-number difference between this two equations is roughly ≈ 5%.

In order to have a better agreement at measurement and simulation, the heat trans-
fer at segmented finned-tubes at staggered layout at constant Pr is suggested to be
empirically correlated with the following equation:

Nu0,NR = 0.36475 · Re0.6013Pr1/3
[

1− 0.392 log
(

NR,∞

NR

)]
, (4.15)

within the range of validity

Pr ≈ 0.71

4500 ≤ Re ≤ 35000

15.5 mm ≤ h ≤ 20 mm

0.8 mm ≤ s ≤ 1.0 mm

1/295 ≤ t ≤ 1/276 f ins/m

1 ≤ NR ≤ 8


.

A comparison of the proposed equation for the Nusselt number and the simulation
as well as most measurement results are found to be accurate within about ±15%, as
presented in Figure 4.21.

98



4. Experimental and Numerical Results

Figure 4.20.: Regression of Heat Transfer at 8 Segmented Finned-Tube Rows

The deviation between 50% of all measurement results and Equation (4.15) are cor-
related within ±5%, 80% of all measurement results are within ±10%, and 90% are
within ±15%, see Figure 4.22.

4.4.2. Correlations of Pressure Drop Coefficient

Between momentum transfer and heat transfer an analogy exists. The formulation of
these interactions between friction and convection of a flow in a tube is described by
the Reynolds-analogy, which is based on measurements at turbulent flow conditions.
The momentum and heat transfer are related using the following equation, which was
first introduced by Reynolds as stated in [21] and reads as

q̇
ρuτcpϑ

≡ α

ρuτcp
≡ Nu

RePr
≡ St =

τw

ρu2
τ

. (4.16)

Therein, q̇ is the heat flux, τw the wall shear stress and α the external heat transfer
coefficient, valid near the wall. Introducing the fanning friction factor f f , which is
widely-used in American literature, according to [21], gives

St =
ξ

8
=

f f

2
. (4.17)
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Figure 4.21.: Comparison between Nu-Correlation (4.15) and Experimen-
tal/Simulation at Segmented U/I-Shaped Finned-Tubes

An approximate combination10 with limited range of validity of the dimensionless
groups StPr2/3 11, well known in literature e.g. [71], [2], is denoted as the Colburn-
factor j, which applies the analogy from heat, momentum, and mass transfer, and
is valid for turbulent flow conditions (approximately Pr > 0.7 and Re > 10000).
This analogy may also be found in literature as the modified Reynolds-analogy or
Chilton-Colburn-analogy. For the description of the pressure drop behavior of
finned-tubes in cross-flow, all relevant variables have to be defined, [41]. Thus, the
pressure drop coefficient is a function of

ξ = g
(
uE, νgm, Fmin, tl , tq, da

)
. (4.18)

In Table 4.2, the units of the 7 input parameters are specified. Considering 2 individual
base units, the rank of the dimensional matrix A calculates for 5 dimensionless power
products.

For the given problem, the Π-Theorem states as follows

G (Π1, Π2, Π3, Π4, Π5, ) = 0, (4.19)

10This analogy will be later on used for the performace evaluation of different heat exchangers
11Is equal to

Nu
RePr1/3
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Figure 4.22.: Deviation between Nu-Correlations and Experimental Results

with
Π = uk1

E νk2
gm Fk3

min tk4
l dk5

a ξk6 . (4.20)

Using the system of equations

A · [k1, k2, k3, k4, k5, k6, k7]
T = 0, (4.21)

with

A = ajk

{
k = 1, . . . , n = 7

j = 1, . . . , m = 2
, (4.22)

the 5 dimensionless products may be defined with:

Π1 =
uEda

νgm
= Re Π3 =

Fmin

d2
a

Π2 = ξ Π4 =
tl

da

Π5 =
tq

da

(4.23)

Furthermore, the pressure drop of finned-tubes in cross-flow is evaluated with:

Gn
(
ξ, uE, νgm, Fmin, tl , tq, da

)
⇔ G

(
Re, ξ,

Fmin

d2
a

,
tl

da
,

tq

da

)
(4.24)
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Table 4.2.: Relevant Variables for Pressure Drop Specification

Variable Unit Specification M L T Θ

Gas Velocity m
s uE 0 1 -1 0

Kinematic Viscosity m2

s νgm 0 2 -1 0
Net Free Area of Tube Row m2 Fmin 0 2 0 0
Longitudinal Tube Pitch m tl 0 1 0 0
Transversal Tube Pitch m tq 0 1 0 0
Tube Diameter m da 0 1 0 0
Pressure Drop Coefficient 1 ξ 0 0 0 0

Finally, the pressure drop coefficient may be correlated in its general formulation with
5 dimensionless products in form of:

ξNR = NRZRet
(

Fmin

d2
a

)u ( tl

da

)v ( tq

da

)w

, (4.25)

where tl , tq, and Fmin are considered to account for the geometrical arrangement of the
tubes within the bundle.

Both, the I-shaped and the U-shaped finned-tube bundles are arranged at equal
longitudinal and transversal tube pitch. As later on presented, the measurements
at I-shaped finned-tubes in the range of low Re-numbers exhibit high measurement
uncertainties, see Figure 4.32(a). Thus, a specific correlation is developed simply for
measurement results at U-shaped finned-tube bundles; the approach states as follows:

ξNR = NRZRet = NR

[
ahy +

bhy

Re
+

chy

Re2

]
= NR

[
apo + bpoRecpo

]
. (4.26)

The evaluated coefficients of the correlations are given in Table 4.3.

Table 4.3.: Coefficients of Regressions

Function Shortcut a b c

Hyperbola hy 1.3550 −7189.7055 55970438.4750
Power(a,b,c) po 1.1321 148575379605.4982 −3.0312

In Figure 4.23 all results of measurements at ambient temperature conditions as
well as the calculated regressions within the investigated Re-range are presented. As
seen, the overall regressions are slightly different at high Re-numbers, but in better
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Figure 4.23.: Regression of Pressure Drop Coefficient at 8 Segmented Finned-Tube
Rows

agreement to literature an improved power law approach is chosen rather than a hy-
perbola function. A comparison of the measurement/correlation deviations from the
hyperbola and power law function shows no significant difference, see Figure 4.24(a).
The average deviation between 50% of all measurement results and both correlations,
Equation (4.26), is evaluated within approximately ±5%, 80% of all measurement re-
sults are within about ±10%, and 90% are within ±13%. It is suggested to empirically
correlate the pressure drop coefficient from a tube bundle, valid for a single tube
row at segmented finned-tubes within the Re-range of 4500 ≤ Re ≤ 50000, using
the improved power law function. A comparison of the proposed equation and most
experimental results are found the be accurate within about ±20%, as presented in
Figure 4.24(b).
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(a) Deviation between ξ-Correlations and Experimental Results

(b) ξ-Comparison between Correlation (4.26) and Experiment

Figure 4.24.: Comparison of Pressure Drop Coefficient Correlations with Experimental
Data
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4.4.3. Data Comparison with Literature

The correlations developed above (Equation (4.15) and (4.26)) are valid in general for
segmented fin tubes in cross-flow at staggered layout. Figures 4.25(a) and 4.25(b)
show a comparison of the heat transfer with literature based on a tube bundle, uti-
lizing eight tube rows; the geometrical data is taken from Table 2.3. Apart from the
fact to keep exactly the range of validity of each individual equation in the course of
the comparison, some correlations are developed for solid finned-tubes. Hence, this
comparison should present more or less a qualitative as well as quantitative survey.
All of these correlations along with their scope of validity are described in open lit-
erature. Most correlations in literature are related to the bare tube diameter. If the
wetted length, equivalent diameter in volume, or hydraulic diameter is used as the
characteristic length, both the Nu-number and the Re-number have to be converted.

Generally, by comparing the developed correlation with literature of solid finned-
tubes, see Figure 4.25(a), higher Nusselt numbers are expected. According to Schmidt

[56], in terms of significance, the bare tube diameter as the characteristic length for
determining heat transfer is taken into account. The correlation is evaluated from a
large number of test cases, mostly with annular solid fins, which leads to lower heat
transfer coefficients than with spiral fins. This heat transfer correlation is valid for an
evaluated measurement uncertainty of about ±25%, 1000 ≤ Re ≤ 40000, 5 ≤ Atot

At
≤ 12,

and NR ≥ 3 consecutively arranged tube rows. As remarked in [14] and [56] in this
case Atot is the entire gas-affected heating surface per m tube; At represents the heating
surface of the bare tube per m. More or less the equations of Briggs & Young [5], Wal-
czyk [69], VDI [1], HEDH [27], and Mieth [45] according to [4] are apparently valid
for solid fins. Thus, a difference in heat transfer between solid and segmented fins of
roughly 20% is expected, see Section 4.5.1, which may be interpreted by comparing
Figure 4.25(a) and 4.25(b). The correlation of the VDI Heat atlas, 10th edition, [1],
seems to be valid for solid as well as segmented fins and for NR ≥ 4 consecutively
arranged tube rows. In case of NR = 3 tube rows the constant C in the power law
evaluates for 0.36, and if NR = 2 the constant follows to 0.33. This heat transfer cor-
relation is valid for an evaluated measurement uncertainty of about ±10% to ±25%,
1000 ≤ Re ≤ 100000, 5 ≤ Atot

At
≤ 30. Further details are found in [1].

In open literature just a few equations are explicitly defined to be valid for seg-
mented fins, e.g. Weierman [72], Kawaguchi [35], and ESCOATM/ESCOATM-Revised

in [16]. By comparing these results with Equation (4.15), a smaller relative deviation
of approximately ±20% is found. However, the correlations of Kawaguchi [35] and
Ross in [4]12 would pronounce effective higher heat transfer at high Re-numbers. The
relative deviation of the ESCOATM-correlation is more or less constant (≈ 10%) within

12Ross’ equation is based on stud fins
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(a) VDI [1], Mieth [45], Briggs & Young [5], HEDH [27], Walczyk [69], and Schmidt [56]

(b) Weierman [72], ESCOATM/ESCOATM − Revised in [16], Kawaguchi [35], and Ross in [4]

Figure 4.25.: Comparison of Heat Transfer Corr. with Literature, Based on Geometrical

Data of Helically U-shaped Finned-Tubes,
NuEq.(4.15) − Nu

NuEq.(4.15)
· 100%
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the investigated Re-range, indicating approximately the same gradient. The basis of
these equations are measurements performed by e.g. Weierman, [72]. The heat trans-
fer equations of Weierman [72] show an evaluated measurement uncertainty of about
±10% for segmented fin tubes in an equilateral staggered layout; the friction factor
equations exhibits an expected accuracy of ±15%. The range of validity as far as
known may be defined according to [72] with:

≈ (2000 ≤ Re ≤ 500000)
9.5 mm ≤ h ≤ 38.1 mm

0.9 mm ≤ s ≤ 4.2 mm

1 ≤ t ≤ 7 f ins/inch

 .

As Figure 4.25(b) shows, the results of Equation (4.15) with the pronounced measure-
ment uncertainty lie within the range of the other correlations for segmented finned-
tubes.

The global behavior of the pressure drop coefficient, evaluated for a single tube in
cross-flow, is presented in Figures 4.26(a) and 4.26(b). The evaluated relative devia-
tions of pressure drop coefficient data is within about ±20%; this equals the calcu-
lated overall measurement uncertainty. As presented, a comparison of Equation (4.26)
with literature shows a tendency towards higher deviations at lower Re-numbers.
The calculated values of Walczyk [69], HEDH [27], and VDI [1], valid for solid
fins, show slightly higher deviations than the correlations of ESCOATM/ESCOATM-
Revised in [16], being valid for segmented fins. Within the investigated Re-range the
ESCOATM-Revised-correlation would indicate lower ξ. Generally, all correlations at-
tribute the same characteristics. Especially between literature and simulation of the
helically segmented finned-tubes a good agreement can be found.
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(a) Relative Deviation of
ξexp − ξ

ξexp
· 100%

(b) Relative Deviation of
ξsimul − ξ

ξsimul
· 100%

Figure 4.26.: Comparison of Pressure Drop Coefficient Correlation with Literature,
Based on Geometrical Data of Helically U-shaped Finned-Tubes
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4.5. Comparison of Solid and Segmented Finned-Tubes with

I-Shaped and U-Shaped Fins

4.5.1. Heat Transfer Behavior

As presented in [28], in this section a literature study is performed, focusing espe-
cially on selected correlations of Weierman [72] or ESCOATM (traditional), [16]13. For
a comparison of solid and segmented I-shaped finned-tubes and U-shaped segmented
finned-tubes the measurement data performed at I-shaped fins are taken from Frasz,
for specification refer to Table C.1, where the data validation is succeeded in the same
manner as in case of U-shaped finned-tubes. According to the power law, the corre-
lation of ESCOATM for external heat transfer at finned-tubes with segmented fins in
staggered tube arrangement is given in [16] and/or [14] and reads as

Nu0 = RePr1/3
(

Tgm

Ts

)1/4 (da + 2h
da

)1/2

C1C3C5

=
1
4

Re0.65Pr1/3
(

Tgm

Ts

)1/4 (da + 2h
da

)1/2

C3C5.

(4.27)

The factors C1, C3, and C5 consider the Re-number, the geometry, the arrangement,
and the tube row number, respectively. For the definition of C3 (C3seg or C3sol ), and C5

see literature, e.g. [16] or [14]. In case of solid finned-tubes, C3sol is applied in the place
of C3 for the calculation, otherwise for segmented fins, C3seg is used. The limitations of
each of these functions can be found in e.g. [16] or [14]. As already denoted above in
the basic Equation (4.27), according to Weierman the coefficient 0.25 is substituted by
0.23, see [72] and [4]. Figure 4.27 shows the dimensionless heat transfer coefficient for a
representative number of validated measured points within the Re-range of segmented
and solid finned-tubes at 8 row configuration in staggered arrangement. As seen, the
heat transfer of the segmented I-shaped finned-tube is somewhat higher than that
for the U-shaped finned-tube. The evaluated regressions of the segmented U-shaped
and the I-shaped finned-tubes show almost equal gradients. The exponents for the
Nusselt correlations of all three different fin types vary from approximately 0.58 to
0.62. This variation may be caused by the pressure difference measurement uncertainty
of the mass flow of air at low Re-numbers as well as the temperature measurement
uncertainty, see the uncertainty calculation in section 2.8. The overall heat transfer of
the solid finned-tubes is inherently smaller. This may be caused by the effect of lower
turbulences between the tubes. All I-shaped finned-tubes (i.e. solid and segmented)
have almost the same fin height and the same transversal and longitudinal tube pitch.
Thus, there is no effect of a greater overall heat transfer caused by the larger surface.
Figure 4.28 depicts a comparison of the measured results with ESCOATM-correlation.

13Ganapathy states in his book two different versions of equations, namely "traditional ESCOATM"
and "revised ESCOATM" correlations, distinguishing in the factors of Ci
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Figure 4.27.: Heat Transfer at 8 Tube Rows, Pr ≈ 0.71, Segmented and Solid Tubes,
da = 38 mm

Fin segmentation intrinsically increases heat transfer. The measured results for the
solid finned-tubes show good agreement with the correlation from literature. The
equations of Weierman [72] and ESCOATM [16] states a measurement uncertainty
of about ±10% in case of staggered tube layout. Thus, especially the results of the
segmented U-shaped finned-tubes concur well with literature. Since in Equation (4.27)

Nu0 = f
(

Re0, Pr, Tg, Ts, da, h, t, s, tl , tq, NR
)

(4.28)

and heat conduction through the tube and the fin varies for the two geometries, the
equation for the Nusselt number has to be modified to reflect the same conditions.
This objective function depends on parameters such as dimensionless groups, tem-
peratures and geometry. C5 does not change in value due to equal transversal and
longitudinal pitch as well as fixed tube row numbers. Each point in the diagram is
obtained at different temperatures. For further calculations, a new fixed average ref-
erence temperature for gas and fin has to be set and all values have to be interpolated
for equal Re-numbers. The reference Nusselt number between the segmented U-fin
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Figure 4.28.: Comparison of Heat Transfer at 8 Tube Rows with Literature, Pr ≈ 0.71,
da = 38 mm

and I-fin then becomes

Nuc = NuU

(
Tg f

Ts f

)1/4

(
Tgm

Ts

)1/4

√
da + 2hI

da + 2hU

C3I

C3U

. (4.29)

C3 directly influences heat transfer. C3I and C3U are functions with the negative fac-
tor h/(t − s) in the exponent, see [16]. The influence of the factor h/(t − s) on heat
transfer is of interest. A comparison among segmented fins reveals the following: if
equation (4.29) is applied to Equation (4.27) for the individual case, the factor h/(t− s)
for U-shaped fins and for I-shaped fins may be evaluated. If the exponent h/(t − s)
decreases, C3 increases up to approximately 5÷ 7%, and thus overall heat transfer rises
for the two different segmented types, depending on an evaluated overall average ref-
erence temperature for gas and fin and if the influence of the geometry is considered.
Figure 4.29 shows the relative deviation of the evaluated Nu-numbers, based on the
ESCOATM-correlation of the measured values of the three tested geometries (marked
with 4, �, and ◦) within the investigated Re-range. All points marked with N in
the diagram represent values for the relative deviation of the compared Nusselt num-
bers of U-shaped fin geometry with the I-shaped fin tubes of the exact measurement
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temperatures. To eliminate this deviation, a comparison with equal average reference
temperatures is performed. The points marked with • in Figure 4.29 represent these
evaluated values for the relative deviation of the compared Nusselt numbers for the U-
and I-fin geometry with average temperatures. All Nu-correlations are calculated at
approximately constant Pr values. The Prandtl number represents the thermo-physical
properties. In the case of air as heat transfer medium, the thermal boundary layer is
thicker than the boundary layer of fluid flow. Because of the very small variation of
Pr under test conditions, this influence shall be neglected for further considerations in
this work.

Figure 4.29.: Relative Deviation of Correlations

As expected, the dimensionless heat transfer coefficient declines with increasing fin
height and fin pitch. Specifically, in view of Weiermans correlations, fin height does
not very strongly influence overall heat transfer, evaluated in [14]. Yet with increasing
fin height, the total external heating surface also increases. There might be a gain from
the heating surface as h is increased. The volumetric specific heat output of a heat ex-
changer with a U-shaped finned-tube bundle of the same longitudinal and transversal
pitch, same number of tubes, smaller fin pitch and greater fin height is improved than
that of an I-shaped finned-tube bundle of the same installation size but with greater
fin pitch. As the literature study shows, an enhanced effect on heat transfer with
variation of the fin height is expected, see also [14]. A maximum fin height and the
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minimum fin pitch result from limitations, such as the need to avoid fouling, posed in
finned-tube production by the kind of fuel used (liquid, solid or gaseous). Reid and
Taborek, [54], recommended fin densities in relation to fuel type, refer to section 1.2.
The influence of the fin height to the heat transfer is presented in Figure 4.30. As a
comparison between the measured results at segmented fin types shows, ηr decreases
with increasing fin height and increasing Reynolds number. From the measured re-
sults it may be interpreted that fin efficiency of solid fin-tubes evaluates for higher
values. The difference between measurement and CFD-simulation does not exceed
about 7%, but generally the evaluated results of the numerical calculation would pre-
dict higher values, as presented in the linear-logarithmic axis diagram.

Figure 4.30.: Fin Efficiency of Segmented and Solid I/U-Finned-Tubes and CFD-
Simulation

Using the exponent h/(t− s), a comparison between almost equal segmented and
solid I-shaped finned-tubes (the fin height varies 0.5 mm) shows an increase of the
function C3. Therefore, C3sol in the equation for solid finned-tubes and in case of
segmented fins C3seg is considered, see for definition [16]. In Figure 4.31, this com-
parison of Nu at segmented and solid I-shaped finned-tubes is depicted for selected
13 validated measurement points in the middle Re-range. For a given fin height at
h/(t − s) = 5.718 a scatter plot, marked with �, is shown. This variation may be
attributed to measurement uncertainty when calculating the heat transfer rate. The
calculated average mean value for a comparison of the two different fin types, marked
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in the diagram with N, shows good predictive capability for the increase in heat trans-
fer rate according to Equation (4.27), [28]. A comparison of the segmented and solid

Figure 4.31.: Comparison of Segmented and Solid I-Finned-Tubes

finned-tubes shows explicitly, a higher overall dimensionless heat transfer coefficient
for 8 segmented finned-tube rows in staggered arrangement of roughly 24%. This
enhancement is compareable to Reid and Taborek, [54]. They concluded that fin seg-
mentation increases turbulences and improves the gas penetration to the fin root area,
causing a higher heat transfer coefficient of as much as 20% compared to solid fins.

4.5.2. Pressure Drop Behavior

According to ESCOATM the pressure drop coefficient correlation, given in [16] and/or
[14], reads as

ξ = 4 f f = 4
(

da + 2h
da

)1/2

C2C4C6 . (4.30)

The factor C2 accounts for the Re-number, C4 considers the geometry and arrangement,
and C6 includes the arrangement and the tube row number. For detailed definition of
C2, C4, and C6, see literature. A comparison of the three heat exchanger geometries is

114



4. Experimental and Numerical Results

only possible for same conditions. The objective function

ξ = f
(

Re0, NR, da, h, t, s, tl , tq
)

(4.31)

accounts for dimensionless groups, tube row numbers and the geometry. Equation
(4.31) does not account for any effect caused by different gas temperatures and fin
temperatures. A theoretical conversion function of the pressure drop could be stated
if same flow conditions are assumed. The difference of Fmin between segmented U-
fin and I-fin is ≈ 1.5%; the difference between segmented I-fin and solid I-fin due to
almost equal tube geometry is very small with ≈ 0.65%. A convertion of ξc may be
defined as follows:

ξc = ξU

√
da + 2hI

da + 2hU

C4I

C4U

. (4.32)

In Figure 4.32(a), the pressure drop coefficient at 8 tube rows for all tube bundles in
staggered arrangement, evaluated for a single row in cross-flow, is shown. Aside from
measurements at solid finned-tubes with ambient test conditions (�, �), all values at
U-shaped fins (◦, •) and at I-shaped fins (4, N) performed at augmented temperatures,
are evaluated with Equation (2.29) 14. At Re > 10000 the pressure drop coefficient of
the three different tube bundles has the same characteristics. For Re < 10000 great
scattering is revealed among the data evaluated from tests at segmented I-shaped
finned-tubes. At solid finned-tubes, a data comparison between tests performed at
ambient and augmented temperatures shows a similar trend at low Re-numbers, see
Figure 4.19. Unfortunately, no data at ambient test conditions from segmented I-
shaped finned-tubes is available. However, this effect could not be observed within the
gathered data from the U-shaped finned-tubes, compare Figures 4.32(a) and 4.32(b).
For Re > 15000, a small increase takes place, then, at 25000 < Re < 35000, the pres-
sure drop coefficient tends to show a constant value for all bundles with equal tl
and tq. This increase at certain Re-numbers can be found as well in literature e.g.
Brockmann [6], and seems to be dependent on the tube pitches and arrangements,
among other influences. The measured pressure drop of the U-shaped finned-tubes
shows very good congruence and the same gradient of the correlation in literature
(ESCOATM) especially in the range of 5500 < Re < 15000, refer to Figure 4.32(b).
Applying the ESCOATM-correlation for evaluation gives lower values of ξ1RI−seg than
ξ1RU−seg , which could be seen as a slight difference of uE for the individual case. The
pressure drop at the solid test tubes is somewhat higher within the measured Re-
range than calculated with Equation (4.30), but the evaluated results of the I-shaped
fins at ambient test conditions reveal high measurement uncertainties at very low Re-
numbers. The influence of fin height on the pressure drop at same installation size

14The black/white color of the symbols in the Figures distinguishes between the measurement posi-
tion
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(a) Comparison of Measurement

(b) Comparison with Literature

Figure 4.32.: Pressure Drop Coefficient of Different Finned-Tube Geometries, evalu-
ated for 1 Tube Row
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indicates an increase of the pressure drop coefficient with increasing h according to
the analysis above15. This matches review stated in literature [14].

Although the fin height and fin thickness as well as fin pitch vary among the dif-
ferent tested segmented geometries, the net free area in a tube row is nearly the same
in each case. Thus, a significant difference among the measured pressure drop coef-
ficients is not expected. This seems not to be valid for the solid fin type. Following
the procedure performed for the heat transfer analysis above, an influence of the fac-
tor h/(t− s) on the pressure drop coefficient may be found. In case of U-segmented
fins the average mean value of h/(t− s) evaluates for approximately 7÷ 7.7; for I-fin
the factor h/(t − s) becomes roughly 6÷ 6.8. This variation in case of e.g. the U-fin
type depends on the applied ξ, calculated from measurement or with the ESCOATM-
correlation, where the influence of fin height is neglected. As the overall heat transfer
for solid fin tubes is about 20% lower than for segmented fin tubes, the pressure drop
shows the same tendencies.

4.5.3. Performance Evaluation and Comparison Between the Applied
Different Three Heat Exchangers

A comparison of the dimensionless heat transfer coefficient and the pressure drop
coefficient gives an indicator of the overall thermal effectiveness of a heat exchanger.
Specifically, the pressure drop characteristic and the heat transfer characteristic are in-
directly proportional, see the Nu and ξ evaluations above. Following these expertises,
enhanced heat transfer using finned-tubes is only achieved by means of an increase
in pressure drop. The objective is to identify a Reynolds number/range for the "best
effectiveness point/range". In Figure 4.33, the ratio of Nusselt numbers of tubes with
I-shaped and U-shaped fins is shown. The segmentation of the fin may be seen to
increase the dimensionless heat transfer coefficient within the investigated Reynolds
range, as the comparison with solid fins shows. For Re < 10000 and Re > 20000, this
effect is even more significant. Moreover, a comparison of segmented I-shaped and
U-shaped finned-tubes reveals superior results using I-shaped fins with a fin height
of 15 mm, refer to Figure 4.33. But, at 10000 < Re < 20000 no significant difference
between those two fin-types may be detected, even the fin height varies about 4.5 mm.

A comparison of the pressure drop coefficients gives information about the required
pumping power. Figure 4.34(a) shows explicitly the demand of a higher pumping
power if applying fins with segmentation. In case of low Reynolds numbers, both, the
solid and segmented fin-types indicate almost equal pressure drop, at approximately
equal Fmin. Apart from the solid finned-tubes, a comparison of the two different seg-
mented tubes at Re > 15000 may be interpreted to have almost equal ξ, refer to Figure
4.34(b). At Re < 15000 the heat exchanger applied with I-shaped fins reveals supe-

15Due to less net free area in a tube row, which influences uE and thus the pressure drop
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Figure 4.33.: Nu∗/Nu of Investigated Sol./Seg. I/U-Shaped Fin

rior results. This effect is even more significant for low Reynolds numbers. However,
at low Re-numbers, the measurement results of the I-shaped segmented finned-tubes
exhibit high uncertainties, see Figure 4.32(a).

Speaking in terms of heat exchanger effectiveness investigation ("optimization"), an
integral evaluation has to be applied, including heat transfer, pressure drop, and heat
exchanger size or weight. As presented in [28], the three different fin types are com-
pared in order to identify best performance. Several criteria for the evaluation of the
performance of a heat exchanger can be found in literature, e.g. [58], [59], and [71].
As Stephan and Mitrovic stated in [59], for the evaluation of different tubes, as well
as in general for different geometrical arrangements of heat exchangers, heat transfer
rate is related to pumping power, or more generally formulated:(

St∗

ξ∗1/3

)
/
(

St
ξ1/3

)
= f (Re, geometry) . (4.33)

Stephan and Mitrovic suggested for the evaluations approximate constant values as
the ratio between flow cross-sectional area and total outside surface area, all proper-
ties of state, and the logarithmic temperature difference. This may be interpreted as
a restriction, but makes these bulky equations more easy to handle. A comparison of
solid and segmented I-shaped finned-tubes reveals improvement applying segmented
fins rather than solid ones, see Figure 4.35(a). This characteristic especially increases
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(a) Comparison of Seg./Sol. I-Shaped Fins

(b) Comparison of Seg. I/U-Shaped Fins

Figure 4.34.: Comparison of the Pressure Drop Coefficients (ξ∗/ξ)
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for Re < 10000. For Re > 15000 the
(
St∗/ξ∗1/3) /

(
St/ξ1/3) ratio tends to display a

constant value of 1.2. This equals the value calculated using Equation (4.27). However,
at low Re-numbers, this effect reveals superior results. A comparison of the different
segmented finned-tubes is presented in Figure 4.35(b). The heat transfer rate at seg-
mented I-shaped and U-shaped fins increases for Re < 10000 and Re > 20000. This
effect is more pronounced for low Re-numbers. Between 10000 < Re < 20000, no
significant difference may be identified.

Geiser, [19], adopted the criterion suggested in [59] by means of fin efficiency to
consider the conduction within the fin. By way of example, the performance evaluation
criteria (PEC) suggested and derived by Webb, applicable for single-phase laminar or
turbulent flows in tubes or normal to tube banks, [71], is adopted and applied here
and reads in its general definition

(α∗A∗)/(αA)

(P∗/P)1/3/(A∗/A)2/3 =
j∗/j

(ξ∗/ξ)1/3 =
(
St∗Pr∗2/3)/(StPr2/3)

(ξ∗/ξ)1/3 . (4.34)

The terms on the left side of this equation, (α∗A∗)/(αA), (P∗/P)1/3 and (A∗/A)1/3,
are part of the Colburn-factor ratio for heat transfer and the pressure drop ratio,
whereby the Stanton number at the average mean gas temperature is defined as fol-
lows16:

St =
j

Pr2/3 =
α

ρgmcpgm ugm
. (4.35)

For judging these PEC, the heat exchanger flow rate, the flow frontal area, the heat
transfer surface area, and the heat transfer coefficient have to be specified according to
[71]. The differences between the three fin types, i.e. the net free flow area between the
tubes, the heat transfer coefficient at the internal tube side, and the internal diameter of
the tubes as well as the tube wall thickness, are neglected due to their small variation.
The three different possibilities described by this criterion state as follows:

1. MAX(α∗A∗)/(αA):
maximizing the heat transfer rate for equal pumping power (P∗/P) and equal
overall surface area (A∗/A);

2. MIN(P∗/P):
minimizing the pumping power for equal heat transfer rate (α∗A∗)/(αA) and
equal heat transfer surface area (A∗/A);

3. MIN(A∗/A):
minimizing the overall heat exchanger size for equal pumping power (P∗/P)
and equal heat transfer rate (α∗A∗)/(αA).

16This criterion applied here accounts only for the fin sided thermal resistances
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(a) Comparison of Seg./Sol. I-Shaped Fins

(b) Comparison of Seg. I/U-Shaped Fins

Figure 4.35.: (St∗/ξ∗1/3)/(St/ξ1/3) according to [59]
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1. Maximizing the heat transfer rate:
It is assumed that the investigated heat exchanger has equal pumping power
and equal overall heat exchanger surface at equal overall heat exchanger size.
At equal installation size, an increase of the heat transfer surface area, and thus
of the heat transfer rate, is only achieved at the expense of an increase in pres-
sure drop. Optimizing the heat exchanger by means of the performance crite-
rion entails maximizing the heat transfer rate while simultaneously minimizing
pressure drop and heat exchanger size. The heat transfer rate for segmented
I-shaped fins increases significantly for Re < 10000 similar to the applied theory
of Stephan and Mitrovic, [59], as the comparison between solid and segmented
finned-tubes shows, Figure 4.36(a). Equal behavior may be found by comparing
I-shaped and U-shaped finned-tubes, refer to Figure 4.36(b).

2. Minimizing the pumping power:
In case of equal heat transfer rate and equal total heat transfer surface area of
the two compared systems, the pumping power P tends to a minimum. The
pumping power (Figure 4.37(a)) of the segmented I-shaped finned-tubes is lower
for Re < 10000 and Re > 20000. At Re ≈ 20000 the pumping power is al-
most the same as with solid finned-tubes. All solid finned-tubes show higher
P. This kind of tube has a relatively low h and almost equal Asol compared to
Aseg. Satisfying condition "(2.)" at equal (α∗A∗)/(αA) and (A∗/A) results in an
increase in pumping power. This effect might be intensified by the high mea-
surement uncertainty at low Re-numbers, as mentioned above. A comparison of
all segmented finned-tubes under condition "(2.)" is seen in Figure 4.37(b). At
Re < 10000 and Re > 20000, pumping power decreases for all tubes. In the range
of 10000 < Re < 20000, pumping power displays the same characteristic curve
for both, segmented U-shaped and I-shaped finned-tubes. The small difference
resulting from the varying net free area in tube rows with these tube geometries
was neglected.

3. Minimizing the overall heat exchanger size:
The ratios of the heat transfer rate and pumping power are assumed to be 1.
The two I-shaped finned-tube bundles are considered first: In Figure 4.38(a), the
ratio of the total outside surface area of the bundles is presented. To enhance
heat transfer, it is necessary to enlarge the tube surface area and/or improve
heat conduction. Within the investigated Reynolds range, an enhanced system
is achieved using a solid finned-tube, if equal (P∗/P) and (α∗A∗)/(αA) can be
assumed. All segmented I-shaped finned-tubes would require less space than
U-shaped finned-tubes. Yet this result is obtained only for the same tube pitch.
The α values of the two heat exchangers vary only little. On the other hand, the
U-shaped tube is applied with a larger fin height at smaller fin thickness, provid-
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(a) Comparison of Seg./Sol. I-Shaped Fins

(b) Comparison of Seg. I/U-Shaped Fins

Figure 4.36.: (α∗A∗)/(αA) at equal (P∗/P) and (A∗/A)
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(a) Comparison of Seg./Sol. I-Shaped Fins

(b) Comparison of Seg. I/U-Shaped Fins

Figure 4.37.: (P∗/P) at equal (α∗A∗)/(αA) and (A∗/A)

124



4. Experimental and Numerical Results

(a) Comparison of Seg./Sol. I-Shaped Fins

(b) Comparison of Seg. I/U-Shaped Fins

Figure 4.38.: (A∗/A) at equal (α∗A∗)/(αA) and (P∗/P)
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ing almost comparable same pressure drop. As the PEC shows, for Re < 10000
and Re > 20000 the installation size of the heat exchanger with I-shaped fins is
superior (refer to Figure 4.38(b)). In the range of 10000 < Re < 20000 no im-
provement of the heat exchanger size is possible. This inverse result is due to
the constant transverse and longitudinal pitch. As the finned-tubes have almost
the same net free area within one tube row, only the packing density of the heat
exchangers differs if heat exchanger volume is considered.

The applied PEC relation does not take into account variations in heat conduction
between U-shaped and I-shaped fins as well as fin efficiency. However, in the range
of 10000 < Re < 20000, all compared segmented heat exchangers display very similar
behavior; no advantage in terms of pumping power or heat exchanger surface area
may be observed for this range. This may lead to the conclusion that fin height, next to
other geometrical parameters, e.g. in combination with fin pitch or minimum net free
area within a tube row, is apparently one of the most important factors for evaluating
the performance of the investigated segmented finned-tube geometries.
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4.6. Local Considerations of the Finned-Tube Bundle

In this section some local fluid flow and heat transfer phenomena of the analyzed
circular/helical solid and segmented finned-surfaces will be discussed qualitatively.
As some authors in literature remarked [58], [55], the investigation of flow patterns
across a finned surface and local heat transfer from a finned-tube in cross-flow is rather
complicated and a difficult task. The development of the hydrodynamic and thermal
boundary layer is the most dominant factor in the conjugate heat transfer, as it occurs
at the considered single-row finned-tube bundle. Strictly speaking, a comparison of
different tube geometries (i.e. circular and helical) at equal inlet conditions causes
different fluid flow behavior and thus different thermal properties. However, this
consideration does not claim to include the complete basic research and in the case of
applied science a similar trend will be identified and described.

4.6.1. Fluid Flow Behavior

The physical complexity of a finned-tube under cross-flow conditions is dominated by
the three-dimensional boundary layer development and the subsequent flow separa-
tion effects. According to Prandtl, the boundary layer attached on a flat plate can
be subdivided into the internal layer where the viscosity has to be considered and the
external layer where all viscous forces are small and thus be neglected; the fluid flow
is considered ideal as it is assumed in the potential theory, [55], [68]. At the wall, i.e fin
surface, the no slip condition must be met. The boundary layer thickness is obviously
thinner the higher the Reynolds number and the smaller the viscous forces are. Apart
from the existence of the hydrodynamic boundary layer due to friction a convection
boundary layer as a result of heat transport exist. Thus, the convective heat transfer
occurs within the developed boundary layer and depends on its thickness. It may be
concluded that the heat transfer declines with increasing boundary layer thickness.

Starting in flow direction from the leading part of the fin tube at the angle Θ = 0◦

related to the stagnation line, a boundary layer begins to grow. The fluid will be first
accelerated and then decelerated streaming around the tube. If the fluid momentum
is too weak to overcome the adverse pressure gradient, flow separation on the bare
tube occurs and the boundary layer peels away from the tube surface. Gröber, et.
al remarked, [21], that a turbulent boundary layer provides higher kinetic energy,
thus a separation would be able to overcome the drag forces and detaches further
downstream. If separation has occurred, the flow behind the separation line in the
tailing zone of the tube consists of a wake with strong vortices.

From the leading part of the finned-tube a horseshoe vortex system develops, due to
negative pressure gradient towards the fin surface. The boundary layer can not with-
stand this adverse pressure gradient and rolls to formate a horseshoe vortex, which is
developed further on at both tube sides with rotating direction contrary towards the
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Figure 4.39.: Formation of Horseshoe Vortex at the Leading Part of the Tube

fin surface. This is schematically depicted in Figure 4.39. An increase in total heat
transfer rate in front of the cylinders and low heat transfer coefficients in the wake
region downstream of the finned-tube is involved. As remarked in [58] the high heat
transfer at the leading part of the fins may be attributed to its sharp edges.

Figure 4.40.: Calculated Possible Pathlines with Local Velocity Upstream/Downstream
above Circular Segmented Fin-Surface

In Figure 4.40 possible pathlines with local velocity upstream/downstream above
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circular segmented fin-surface are depicted schematically. As shown in the leading
part of the fin tube, a horseshoe vortex system occurs curling towards the finned sur-
face. These secondary flow mechanisms cause intermixtures and transport heat from
the hot main stream flow to the cold fin and from the cold fin to the channel center.

The local velocity distribution between adjacent circular solid fins at angle Θ = 0◦

in symmetry-plane is depicted in Figures 4.41(a) to 4.41(c). The inlet velocity is varied
in between uin = 3÷ 7 m/s. At the fin tip a turbulent boundary layer starts to grow
and as the fluid streams along the fin surface, the velocity reduces. A secondary flow
mechanism is developed near the fin base of bare tube diameter.

In Figures 4.42(a) to 4.43(b) the difference between the local velocity distribution of
adjacent circular segmented I-shaped and U-shaped fins is presented. Similar to the
graphs shown above a boundary layer is developed starting from the fin tip. Generally,
no considerable difference between the I-shaped fin compared to the U-shaped fin may
be observed within the CFD-simulations. But carefulness by judging qualitatively has
to be paid to the fact that the comparison is realized at different inlet velocities and
thus a different flow field will occur.
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7.16.45.75.04.33.62.92.11.40.70.0

Z

YX
(a) at uin = 3 m/s, Re ≈ 8900

7.16.45.75.04.33.62.92.11.40.70.0

Z

YX
(b) at uin = 5 m/s, Re ≈ 14600

(c) at uin = 7 m/s, Re ≈ 20200

Figure 4.41.: Local Velocity Distribution in [m/s] between Adjacent Circular Solid Fins
in Symmetry-Plane
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4.6.2. Heat Transfer Behavior

A conjugate heat transfer problem is influenced mainly by the flow field. In this section
the thermal boundary layer formation, the temperature distribution within the fin and
across the fin surface, and the distribution of the heat transfer coefficient averaged
circumferentially as well as radially will be discussed.

Thermal Boundary Layer and Temperature Distribution within the Fin

The formation of thermal boundary layers constrains flow interactions between the
two adjacent fins. For this reason Stasiulevicius, [58] suggested at least two thick-
nesses of boundary layers as fin clearance. Mon, [46], investigated numerically the
influence of different fin clearances on the temperature distributions between the ad-
jacent circular solid fins and found in the course of the validity in their study that the
two boundary layers grow to touch each other at the narrowest fin clearance of 1.6 mm.

An examination of Figures 4.44(a) to 4.44(d) shows the development of the thermal
boundary layer starting from the fin tip as evaluated from the CFD-calculation of the
I-shaped segmented circular finned-tube. The fluid flow is in positive X-direction at
constant angle Θ = 0◦, related to the stagnation line. At Re = 4750 the two boundary
layers grow to touch each other. This causes a steep temperature gradient between fin
base and fin tip and reduces the air-sided heat transfer coefficient. Similar results are
obtained by Mon, [46]. As interpreted from the graphs, starting from Re > 15100 the
main flow would be able to penetrate the bare tube surface. This effect reveals superior
results with increasing Reynolds number. A comparison with results evaluated for
U-shaped finned-tubes (Figures 4.45(a) to 4.45(d)) displays equal behavior. Starting
from approximately Re = 12000 the impact of horseshoe vortex systems influences the
temperature gradient at the fin base, where the main flow of nearly inlet conditions
with 480 K is able to heat up the bare tube surface. The upstream inlet temperature
at the gas-side (dry air) and the free stream temperature at the internal tube-side are
defined to be constant with an appropriate heat transfer coefficient of the adjacent fluid
inside the tube. Thus, the wall temperature is obtained for a given free stream inlet
temperature and material of the finned-section and varies for different inlet velocity
(uin = 1.3÷ 13 m/s).

As stated in [58], at thick-walled finned-tubes the radial temperature gradient is
the controlling factor. Considering this fact, no remarkable difference between the
U-shaped fin compared to the I-shaped fin as well as the wall of the tube may be
observed within the CFD-simulations, although the comparison is realized at different
inlet velocities and thus a different flow field occurs. However, in the course of this
study the main fluid flow and thermal behavior will be mainly observed qualitatively
applying an idealized calculation model and makes no claim of being fully detailed as
it occurs under real industrial conditions.
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(a) at uin = 1.5 m/s, Re ≈ 4750
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(b) at uin = 5 m/s, Re ≈ 15100
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(c) at uin = 10 m/s, Re ≈ 29400

(d) at uin = 13 m/s, Re ≈ 37700

Figure 4.44.: Contour of the Local Temperature Distribution of the Fin and between
Adjacent Circular I-Shaped Segmented Fin-Surface in Symmetry-Plane
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481.0465.9450.8435.7420.6405.5390.4375.3360.2345.1330.0

Z

YX

(b) at uin = 4 m/s, Re ≈ 12000

481.0465.9450.8435.7420.6405.5390.4375.3360.2345.1330.0

Z

YX

(c) at uin = 7 m/s, Re ≈ 20500

(d) at uin = 13 m/s, Re ≈ 37000

Figure 4.45.: Contour of the Local Temperature Distribution of the Fin and between
Adjacent Circular U-Shaped Segmented Fin-Surface in Symmetry-Plane

135



4. Experimental and Numerical Results

Temperature Distribution above the Fin Surface

Figures 4.46(a) to 4.46(c) present the contour of the local temperature distribution at
the circular segmented finned-surface. The fluid flow is in positive X-direction at con-
stant angle Θ = 0◦ related to the stagnation line17. The inlet velocity is varied in
between uin = 1.5 m/s and uin = 10 m/s. As shown, the highest temperatures are lo-
cated at the surface part of segments in between the transversally arranged tubes, near
Θ = 270◦ (positive Y-direction), which corresponds to the narrowest flow passage. At
high Re-numbers a steep temperature gradient occurs at the leading part of the fin
tube as well as the tailing zone, while at low Re-numbers a more or less uniform tem-
perature profile is found especially at the tailing zone of the tube, indicating a higher
influence of conduction to the conjugate heat transfer problem. Generally, the lowest
temperatures are located in the tailing part of the tube (downstream part of fin).

The results of the local temperature distribution at circular solid finned-tubes is pre-
sented in Figures 4.47(a) to 4.47(c). Contrary to the results of the segmented fins, the
highest temperatures are found to be located near the leading point of the finned sec-
tion. The inlet velocity is varied in between uin = 3 m/s and uin = 7 m/s. At high
Re-numbers a steep temperature gradient occurs at the leading part of the fin tube
as well as the tailing zone, but also at low Re-numbers a steeper temperature profile
is calculated at the tailing zone of the solid fin than of the tube with segmented fins.
The slight difference in the Re-numbers in between these two fin types at uin = 5 m/s
can be explained by different inlet flow cross-sections. The evaluated results corre-
spond to simulations presented by e.g. [46] and [58]. Stasiulevicius, [58], performed
measurements applying the local heating method in a cooling process. They found a
temperature maximum which is located in the tailing region of the tube (heat flows
from base to the tip of the fin).

Heat Transfer Coefficient Distribution above the Fin Surface

High temperature differences between wall and air (reference temperature) evaluate
for high heat transfer coefficients at the air-side. According to individual authors, [46],
[34], and [2] the local heat transfer coefficient reads

α (x, y) =
q̇ (x, y)

Tin − Twall (x, y)
=

λ
∂T
∂z
|wall

Tin − Twall (x, y)
. (4.36)

In this work, Tin is chosen as the reference temperature. Legkiv et al., [40], calculate
the heat transfer coefficient from the average air temperature between inlet and outlet.
Mon evaluated the local Nu-number based on the inlet temperature of air18.

17Equal denotion may be found in [46], [32]
18Carefulness should be paid to all evaluations of the averaged local heat transfer coefficients, being

valid for average values of air velocities; the calculations should be seen basically qualitative to give any
idea about their distribution.
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(a) at uin = 1.5 m/s, Re ≈ 4750

(b) at uin = 5 m/s, Re ≈ 15100

(c) at uin = 10 m/s, Re ≈ 29400

Figure 4.46.: Contour of the Local Temperature Distribution in [K] at the Circular Seg-
mented Fin-Surface
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(a) at uin = 3 m/s, Re ≈ 8900

(b) at uin = 5 m/s, Re ≈ 14600

(c) at uin = 7 m/s, Re ≈ 20200

Figure 4.47.: Contour of the Local Temperature Distribution in [K] at the Circular Solid
Fin-Surface
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In Figures 4.48(a) and 4.48(b) the circumferentially averaged heat transfer coefficient
at circular/helical solid as well as segmented fin surface is depicted. The convective
boundary layer thickness increases as the fluid streams along the fin surface, thus the
heat transfer coefficient at the fin base decreases. As in the literature review stated,
Legkiv et al., [40], reported that two heat transfer coefficient maxima occur at the
solid fin surface, one at the fin tip and the other at the fin base. A slight increase
at the fin base, especially at helical fins at high Re-numbers, may be also interpreted
by precise inspection of Figure 4.48(a) and 4.48(b). This effect may be caused by the
occurring of horseshoe vortex systems and seems to be also observed at segmented
fins. At the fin tip a maximum of heat transfer coefficients occurs at both solid and
segmented fins. This may be interpreted as follows: Due to no slip condition at the
solid fin surface, a hydrodynamic boundary layer starts growing from the fin tip along
the fin surface. The heat transfer coefficient may change along the region where the
boundary layer thickens. Considering Figures 4.48(a) and 4.48(b) also a slight differ-
ence between circular and helical fin can be interpreted. The relation of the local heat
transfer coefficient α0 to the evaluated average value ᾱ0, depicted in Figures 4.49(a) to
4.49(b), shows the difference between solid and segmented fins. α0/ᾱ0 = 1 is already
reached in the first half of the fin height, while at solid tubes the compensation takes
place in the second half of the fin height, starting from the bare tube diameter. The
variation in heat transfer coefficient along the fin height is approximately 200÷ 300%,
but attention has to be paid to the high heat transfer coefficients near the stagnation
line at the finned tip section, evaluated from the CFD-simulations; compare with re-
sults obtained by [58].

In Figures 4.50(a) and 4.50(b) the radially averaged heat transfer coefficient at cir-
cular solid as well as segmented fin surface, evaluated for discrete angles (∆Θ), is
depicted as a function of the angle Θ. The orientation of Θ is counter-clockwise. The
parameter study of different Re-numbers (at the solid as well as the segmented fin
surface) gives information about the distribution of the heat transfer coefficient. α0

increases significantly with increasing Re-number. At Θ ≈ 70÷ 90◦ a maximum is at-
tained, further on the heat transfer drops off steeply and at Θ ≈ 135÷ 150◦ it increases
again slightly. Stasiulevicius, [58], ascribes this steep drop-off in heat transfer due to
flow separation, where the position depends on the type of boundary layer. Qualita-
tively, the obtained results are stated in good agreement with literature, see e.g. [58]
and [40]. The higher average heat transfer coefficient values of the "zig-zag" charac-
teristics as displayed at the segmented fin surface include the radial part, starting at
the fin-base and ending at its tip; the lower α0-values are for the radial part of the fin
without the segment, refer to Figure 2.9. It has to be remarked finally that all CFD
calculations are performed at steady state conditions, thus any insight into periodic
wake effects can not be provided in the course of this work.
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(a) at the Circular/Helical Solid Fin-Surface

(b) at the Circular/Helical Segmented Fin-Surface

Figure 4.48.: Circumferentially Averaged Heat Transfer Coefficient
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(a) at the Circular/Helical Solid Fin-Surface

(b) at the Circular/Helical Segmented Fin-Surface

Figure 4.49.: Relative Circumferentially Averaged Heat Transfer Coefficient
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4. Experimental and Numerical Results

(a) at the Circular Solid Fin-Surface ∆Θ ≈ 0.7◦

(b) at the Circular Segmented Fin-Surface ∆Θ ≈ 6◦

Figure 4.50.: Radially Averaged Heat Transfer Coefficient at Discrete Angles (∆Θ)
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5. Summary and Conclusions

The enchanting charms of this sublime sci-
ence reveal themselves in all their beauty
only to those who have the courage to go
deeply into it.

Carl Friedrich Gauss

?

Global and local heat transfer as well as pressure drop interactions across circularly
and helically segmented finned-tube surfaces in cross-flow require extensive research,
because a more complete understanding of local transport mechanisms may improve
heat exchanger performance as well as provide the possibility of advanced design re-
commendations.

In this work experimental investigations in industrial scale at different finned-tube
bundle configurations of equal transversal and longitudinal pitch in staggered forma-
tion were accomplished. In the course of the experimental investigations preliminary
tests at solid and segmented finned-tubes as well as tests at the unloaded channel
were performed, followed by measurements at 8, 6, 4, and 2 consecutively arranged
finned-tube rows, measurements at 1 heated finned-tube row with 7 consecutively
arranged unheated rows, measurements at 1 finned-tube row with/without a semi-
tube installed at the channel-wall, as well as temperature dependence and stability
tests. The Reynolds number was varied in the range between 4500 and 35000. A
subsequently performed measurement validation was addressed to fulfill the energy
balance of the used system boundaries. Furthermore, an uncertainty calculation was
proceeded to give any association or insight to the size of the measured quantities.
Additionally, global as well as local effects of conjugate heat transfer and fluid flow
was investigated applying a three dimensional steady state numerical simulation. Five
different models of a single row finned-tube heat exchanger with solid and segmented
fins were developed. The fins with U-shape and I-shape are arranged circularly or
helically on the bare tube in cross-flow. Especially any difference between segmented
I-shape and U-shape fin surface as well as solid and serrated fins was analyzed. It was
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intended to calibrate the CFD-calculations within the computational model boundaries
with those calculated from the measurements at the test rig. Thus, any effects from
global to local behavior of the thermal field as well as convective transport phenomena
have been examined.

Global Behavior

From an evaluation of the experimental results it was found that the difference be-
tween counter-flow and counter cross-flow in the formula for the calculation of the
LMTD decreases with an increasing number of consecutively arranged tube rows.
Thus, in this study in case of a single tube row due to small average mean error of 3%,
the LMTD was calculated for all configurations using the equation for counter-flow
heat exchangers.

As a result of the investigations new heat transfer coefficient and pressure drop co-
efficient correlations, applicable for helically U-shaped as well as I-shaped segmented
finned-tubes within the stated range of validity, have been developed. A comparison
of the proposed equation for the Nusselt number with the simulation as well as most
measurement results are found to be accurate within about ±15%; for the equation of
the pressure drop coefficient an uncertainty of ±20% may be found. The performed
uncertainty calculation of the total heat transfer measurements indicates that approxi-
mately 80% of the measurands have a relative uncertainty laying within ±15% and it
may be agreed that the relative uncertainties for the pressure drop coefficient, evalu-
ated for the channel wall and channel center, for 80% of the measurands are ±20%.
The pressure drop correlation is developed for a 8 row deep tube bundle, since ξ1 at
the channel wall increases for low Re-numbers at few tube rows. This effect may be
attributed to bypass flow between tubes and channel i.e. top, bottom, and two side
walls (necessary space for the double helix of the U-shaped finned-tube as well as in-
sufficient alignment of the tubes), because this influence is reduced, as the number of
consecutively arranged tubes increases.

Another result of these studies comprises an increase in heat transfer for finned-tube
heat exchangers with different number of consecutive tube rows arranged in flow di-
rection, which tend to be constant for 8 row deep heat exchangers. An average mean
row correction factor, originally a function of the Reynolds number and the number
of tube rows, was developed for a representative number of measured points within
the Re-range of approximately 7000 ≤ Re ≤ 30000. Between low Re ≈ 7000 and high
Re ≈ 30000, this reduction varies in the range of about ±15%. The average mean heat
transfer seems to increase degresively from row-to-row, i.e. first to second row about
13.3%, second to fourth row about 10.9%, and fourth to sixth row about 5.5%.

The correlation’s ability is demonstrated using different literature case studies. A
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comparison of the developed heat transfer correlation (Equation (4.15)) with available
literature, which is explicitly defined to be valid for segmented fins, shows a relative
deviation of approximately ±20%. Good agreement may be found by a comparison
with the traditional ESCOATM-correlation. Here the relative deviation (≈ 10%) is
evaluated more or less constantly within the investigated Re-range. As a comparison
with literature of solid finned-tubes indicates, an application of segmentation would
expect much higher Nusselt numbers. In the course of the generation of the corre-
lation it turned out that the influence of the exponents in the geometry functions is
very small, thus a simplified ansatz, applying C1 as a constant for the consideration
of the influence on geometrical parameters and tube bundle arrangement, was used.
The difference between these two equations is roughly 5%. The calculated relative
deviations of pressure drop coefficient data, evaluated for a single tube in cross-flow,
are within about ±20%. As presented, a comparison of the pressure drop correla-
tion (Equation (4.26)) with literature tends to higher deviations, due to the fact of the
improved power-law ansatz (Power (a,b,c)). Generally a comparison between the de-
veloped equation and literature attributes the same characteristics. The comparison
between literature and simulation of the helically segmented finned-tubes pronounces
a good agreement.

A comparison of the investigated fin tubes also revealed a decrease in heat trans-
fer as well as fin efficiency with greater fin height. Thus, an optimal fin height may
be determined and/or achieved, e.g. by using second law analysis or performance
evaluation criteria. The application of second law analysis on the evaluated mea-
sured data produced high fluctuating values and indicated thus inapplicability for
the measurement configuration. For this reason a performance evaluation criterion for
single-phase flows was applied to characterize the efficiency of the various finned-tube
bundles. When comparing segmented finned-tubes, three ranges may be identified:
Re ≤ 10000, 10000 ≤ Re ≤ 20000, and Re ≤ 20000. Despite varying fin height and
fin pitch in the two different geometries, no substantially differing tendencies may be
observed when applying these equations especially at 10000 ≤ Re ≤ 20000. A com-
parison of solid and segmented finned-tubes revealed a general increase in the air-side
heat transfer coefficient within the investigated Reynolds range. Furthermore, the vali-
dated measured values for solid and segmented I-shaped finned-tubes displayed good
agreement especially with the formula of ESCOATM.

The result of the comparison of all gathered heat transfer data from measurements,
performed on a single U-segmented finned-tube row in cross-flow with a semi-tube
installed at the channel wall, and the corresponding CFD calculations is found to be
in excellent agreement with a small deviation. A qualitative and quantitative pressure
drop coefficient comparison of the experiment at 8 tube rows (evaluated for a single
tube row) with the CFD-calculation shows good agreement especially in the Re-range
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of about 6000 ≤ Re ≤ 20000. At higher Reynolds numbers than 20000 up to 50000, a
diverging effect was observed. Generally, the calculated ξ from the CFD-simulation of
the helical fin-tube shows better agreement with measurement than the circular ones.
A comparison of the heat transfer at a single solid finned-tube row shows a good con-
gruence. However, in the whole Re-range, the CFD-calculation would predict slightly
higher dimensionless heat transfer coefficients than the evaluated measured values
and this effect is increased if the difference of Fmin between simulation and measure-
ment is considered, which corresponds to the pressure drop coefficient comparison.
Generally, the simulation results tend to lower pressure drop coefficients than the
measurement. Considering this fact of the relative difference of the minimum net free
area between a tube row of about 13%, these results may found to be in a realistic
agreement.

Local Behavior

Apart from global transfer behavior, some local effects may be indicated in the course
of the investigation. The boundary layer thickness at the finned surface obviously de-
creases with increasing Reynolds number and the heat transfer coefficient may change
along the region where the boundary layer thickens. It may be concluded that the heat
transfer declines with increasing boundary layer thickness.

As a result of an adverse pressure gradient, horseshoe vortex systems developed.
These secondary flow mechanisms near the fin base and bare tube diameter were ob-
served in the course of these studies within all different finned-tube models.

As the investigations of the local velocity distribution indicate, no considerable dif-
ference between the segmented I-shaped fin compared to the U-shaped fin may be
observed.

At low Re-numbers two boundary layers between the two adjacent segmented fins
grow to touch each other, which causes a steep temperature gradient and comprises
low heat transfer. The simulations indicate that the main flow would be able to pen-
etrate the bare tube surface starting from the mid Re-range. A comparison between
U-shaped and I-shaped finned-tubes may display equal behavior.

As remarked in literature very high temperatures and heat transfer at the leading
part of the fins are observed from an evaluation of possible solutions from the CFD-
simulation.

The investigated temperatures across the circular segmented finned-surfaces indi-
cate that the highest temperatures are located at the surface part of segments in be-
tween the transversally arranged tubes. Steep temperature gradients occur at high
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Re-numbers, while at low Re-numbers a more or less uniform temperature profile
may be found especially at the tailing zone of the tube. The evaluated results of circu-
lar solid finned-tubes show contrary behavior. The highest temperatures are found to
be located near the leading point of the finned section.

As remarked in literature two heat transfer coefficient maxima at the fin tip and
at the fin base may be interpreted by evaluating the circumferentially averaged heat
transfer coefficient at circular/helical solid as well as segmented fin surface. The oc-
curring maximum at the fin base may be attributed to horse-shoe vortex systems. A
slight difference between circular and helical fin may also be interpreted.

From the evaluations a variation of the local heat transfer coefficient related to the
evaluated average value along the fin height of approximately 200 ÷ 300% may be
found. However, very high heat transfer coefficients near the stagnation line at the
finned tip section are evaluated from the CFD simulations. This effect may be at-
tributed to the used CFD turbulence model (e.g. stagnation point anomaly effects),
although influences caused by flows with rapid rate of strains will have a positive
impact imposed by the strain-dependent correction term in the RNG k− ε turbulence
model.

The parameter study indicates that the radially averaged heat transfer coefficient at
circular solid as well as segmented fin surface increases significantly with increasing
Re-number. At Θ ≈ 70÷ 90◦ a maximum is attained; qualitatively the obtained results
are stated in good agreement with literature.

Concluding Remarks

Apart from many insufficient differences between the simulation model and the exact
realistic application (inclination and deformation of the individual fin segments, es-
pecially chosen surface roughness, contact face between fin and tube, perfect arrange-
ment of the tube in the channel, facing fin tip on fin tip in transversal direction, and no
bypass effect as well as geometrical imperfectness) these studies prove to provide de-
tails, further insight, and knowledge of fluid flow and local heat transfer distribution
within these complex flow passages, and are addressed to give a more complete un-
derstanding of the performance of heating surfaces applied in HRSG. Finally it may be
suggested to investigate in a further study influences caused by periodic wake effects
and their impact on local mass transfer in the course of unsteady CFD simulations.
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A. Test facility

The Figures A.1(b) to A.2 depicts some details of the investigated finned-tube as well
as the test-channel.

(a) Fin Section

(b) Torsion of the Fins (c) U-Shaped Fin

Figure A.1.: Finned-Tube
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B. Thermo-Physical Properties

B.1. Experiment

• Finned-Tube Material
For the calculation of the heat transfer coefficient, the following thermo-physical
properties according to literature are used, [42]:

λcs = A + Bϑ + Bϑ2 + Cϑ3 (B.1)

Geometry Material A
[ W

mK

]
102 B

[ W
mK2

]
105 C

[ W
mK3

]
Fin DC 01 58.4 −2.21 −2.33
Tube St35.8 55.3 −3.35 −0.50

• Fluid
The thermo-physical properties of air and flue-gas i.e. specific heat capacity,
thermal conductivity, and dynamic viscosity, are correlated with the knowledge
of the flue-gas composition according to [9].

The Pr-Number, specific enthalpy and all thermo-physical properties of water i.e.
thermal conductivity, density, and dynamic viscosity are calculated, according
to [23]. The saturation vapor pressure is estimated using the Antoine-equation
as follows:

psat H2O = exp
[

19.016−
(

4064.95
ϑa + 236.25

)]
.

B.2. Simulation

The thermo-physical properties of dry-air (index a) are considered using the following
polynomial functions, recalculated for [K], according to [9]. The coefficient are given
in Table B.1.

cpa = b0 +
b1

2
T +

b2

3
T2 +

b3

4
T3 +

b4

5
T4

λa = b0 + b1T + b2T2 + b3T3 + b4T4

ηa = b0 + b1T + b2T2 + b3T3 + b4T4

 (B.2)
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B. Thermo-Physical Properties

For the tube and fin material carbon steel (index cs) is considered with a density of
ρs = 7850 kg/m3 with the following thermo-physical properties, according to litera-
ture, [42]:

cpcs = b0 + b1T + b2T2 + b3T3

λcs = b0 + b1T + b2T2

}
(B.3)
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C. Geometrical Data of Investigated
I-Shaped Finned-Tubes

Table C.1.: Specifications of Finned-Tubes taken from Frasz-Institute of Thermody-
namics and Energy Conversion

Fin Geometry Notation I-shaped I-shaped
solid segmented

Bare tube diameter da 38.0 mm 38.0 mm
Tube thickness st 2.6 mm 4.0 mm
Number of fins per m nR 276 276
Average fin height h 15.0 mm 15.5 mm
Average fin thickness s 1.0 mm 1.0 mm
Average tube length Lt 500 mm 500 mm
Average segment width bs 4.5 mm
Number of tubes in flow-direction NR 8 8, 4, 2
Number of tubes per row NL 11 11
Longitudinal tube pitch tl 79 mm 79 mm
Transversal tube pitch tq 85 mm 85 mm
Outside surface area for 8 tube rows Atot 67.06 m2 64.05 m2

Fin material St4 St37.2
Tube material St35.8 St35.8
Net free area of tube row Fmin 0.234 m2 0.2326 m2
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